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B.S. Petukhov 


CONVECTIVE HEAT TRANSFER IN 
A HOMOGENEOUS MEDIUM 


The following main subjects may be singled out from the reports 
presented: 

heat transfer and friction resistance under conditions of substantial 
changes in the physical properties of the liquid and the gas as a function 
of the temperature, with special emphasis on their flow in pipes; 

heat transfer and resistance in systems of various geometrical shapes, 
mainly pipes and channels; 

convective heat transfer under unsteady-state conditions; 

hydrodynamics and heat transfer in jets; 

intensification of convective heat transfer processes. 

Many of the reports deal with the problems of heat transfer and friction 
resistance in the case of liquids and gases of variable physical properties. 
This includes reports on the heat transfer and resistance in turbulent gas 
streams at large temperature gradients, and in trickling fluid 
streams at large heat loads. Of great interest are reports on heat transfer 
in the supercritical region (parameters characterizing the state of the 
substances), both during forced turbulent flow in pipes and during free 
convection. In that region, the physical properties of the substances change 
very markedly and uniquely as a function of temperature and pressure. 
For this reason the supercritical region is especially interesting for the 
study of heat transfer at variable critical properties. 

One of the reports presents the development of a theoretical method for 
the calculation of the boundary layer characteristics, the resistance and 
the heat transfer during turbulent flow of a compressible gas in the inlet 
sections of flat widening channels symmetrical to the axis, and with a zero 
pressure gradient. It would be of interest to compare the results of such 
a calculation with experimental results, and also to generalize this method 
of calculation for the case of a longitudinal pressure gradient. 

In another report, a recently developed method is used as the basis for 
a theoretical calculation of the heat transfer and friction resistance in the 
case of carbon dioxide in the supercritical region. The results of the 
theoretical calculation (and the interpolation equation based on them) are 
in good agreement with experimental data. The above papers, as well as 
a number of other papers published in recent years, show the advantages 
of applying the semiempirical theory of turbulence in conjunction with 
appropriate computation methods to the solution of the complex problems 
of heat transfer during turbulent flow. 

Nevertheless, the results of theoretical analyses of turbulent flows 
should not be regarded as reliable as those of laminar flow. This is not 


only because the theory of turbulence is semiempirical, but also because 
the theory has been developed (and, to some extent, verified by experiment) 
only for the case of the simplest types of isothermal flow of noncompressible 
liquids. Nonetheless, it should be applied if there is a marked change in the 
physical properties of the fluid over the flow cross section, or if the gas 
compressibility has a marked effect, or if a chemical reaction occurs in 
the flow, or if other complex conditions exist. In such cases we usually 
resort to various hypotheses about the effect of the variable physical 
properties (the compressibility, etc.) on the turbulent transfer process. 
Thus, for example, it is assumed that turbulent transfer in the case of 
variable properties obeys the same rules as in the case of constant 
properties. The effect of variable physical properties on turbulent transfer 
is often allowed for by the introduction of some generalized independent 
variables, or by averaging the physical properties over the thickness of 
the laminar sublayer. Occasionally, the thickness of the laminar sublayer 
is.taken as a function of the temperature factor, the Mach number, etc. A 
priori, none of those hypotheses could be substantiated. Often they lead to 
contradictory results. The validity or applicability of any of those 
hypotheses may be determined only by comparing the results of the 
theoretical calculations with experimental results. Of course, this reduces 
the value of the theoretical calculation, and makes it necessary to carry 
out complicated and expensive experiments. The study of the effect of 
variable physical properties (compressibility, etc.)on the characteristics 
of turbulent transfer should be regarded as an urgent problem. 

The experimental data reported in one of the papers on heat transfer 
during the flow of gases in pipes show that in the case of heated mono-, di-, 
and triatomic gases, the heat transfer is inversely proportional to the 


T ОИ 
sguare root of the temperature factor m This conclusion is in agreement 


with the results of the theoretical analysis and of previously published 
experimental data. However, more recent papers show conclusively that 
the above relationship is valid only at TT, $ 2.5. At Т/Т; 22.5 the 
temperature factor exerts a stronger influence. Moreover, the different 
influence of the temperature factor on local heat transfer at different points 
over the length of the pipe may be established as a fact. 

The reports contain very interesting experimental data on the heat 
transfer in the supercritical region for carbon dioxide, water, and ethanol. 
The experiments extended over a wide range of pressures, temperatures, 
and heat loads. Empirical equations, generalizing a large amount of 
experimental data are proposed. However, of special interest are the 
experimentally observed physical phenomena that have not as yet received 
a satisfactory interpretation or a mathematical description. The first 
phenomenon is the rather sharp decrease in heat transfer and the 
corresponding increase in the wall temperature in the pipe sections in which 
the fluid temperature is lower, while the wall temperature is higher than 
the temperature corresponding to the maximum heat capacity. In that case, 
the wall temperature increases, reaches a maximum, and then decreases. 
The increase in the wall temperature at the maximum point reaches 
100-200?C and becomes more pronounced as the heat load is increased and 
the pressure approaches the critical level. This is usually observed at 
moderate mass velocities of the liquid (in the case of water at 
wg < 1000 kg/ m?. sec) and at heat fluxes (on the walls) greater than a certain 
value (in the case of water at д. > 290-103 w/ m?). 
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The deterioration in heat transfer is sometimes interpreted as 
resembling the heat transfer crisis in boiling, assuming that a kind of 
vapor film is formed in the pipe sections with a relatively poor heat transfer 
and high wall temperature. This approach is motivated by the natural 
desire to interpret this phenomenon by conventionalconcepts. Itis, however, 
doubtful whether such an approach is useful. 

There are reasons to believe that the deterioration of the heat transfer 
and the increase in wall temperature in certain sections of the pipe should 
be attributed to some specific changes in the physical properties of the 
fluid at a given specific combination of conditions. The above approach is 
supported by the fact that a deterioration of the heat transfer conditions, 
i.e., anincrease in the wall temperature in some sections of the pipe is observed 
(though toa smaller extent) alsoat higher mass velocities of the fluid(Re> 105). 
These conditions, unlike those existing at low mass velocities, may be explained 
and described with the aid of the existing theory. Evidently, further 
advances in the theory are required before it can be used to describe the 
deteriorated conditions at low velocities. Such advances might require that 
pulsations in density and heat capacity, as well as some other effects not 
accounted for by the existing theory, be taken into account. 

The second phenomenon observed during studies of the heat transfer in 
the supercritical range is known as "pseudoboiling. It was first observed 
by Goldman in experiments with water, and, as reported in one of the 
papers presented here, in experiments with ethanol. Pseudoboiling is 
observed at wall temperatures higher than the temperature corresponding 
to the maximum heat capacity and at fluid temperatures lower than this 
temperature. It occurs only at high heat flux densities and, correspondingly, 
at large Reynolds numbers (Re). In such cases a higher rate of the heat 
transfer is observed at certain sections of the pipe; at the same time the 
curve representing 4,as a function of g, is of a shape such that when the 
heat flux is increased, the wall temperature changes negligibly (e. g. , as 
in the case of nucleate boiling). Pseudoboiling is often accompanied by a 
strong whistling sound. 

The mechanism of the process known as ''pseudoboiling" is not 
completely clear. It appears that under the effect of turbulent pulsations 
in the velocity, the "cold" and "dense" liquid particles pass from the 
mainstream to the wall. On the "hot" wall, these particles are heated 
rapidly and expand explosively, forming low-density cavities in the layer 
adjacent to the wall. The growth and collapse of these cavities causes 
vigorous agitation of the layer adjacent to the walls and increases the heat 
transfer rate. Studies of the mechanism of the above phenomena and 
formulation of a quantitative theory for them are of great interest. 

A number of reports deal with problems that, somewhat arbitrarily, 
may be described as studies of the flow and heat exchange in systems 
(mainly channels) of various geometrical shapes. 

Other theoretical and experimental papers deal with heat exchange during 
laminar and turbulent flow in the inlet sections of pipes in the case of 
simultaneous development of the velocity and temperature profiles over the 
length; with heat exchange and liquid flow in curved channels, in particular 
as applied to the flow of fluids in gas turbines, between rotating cylinders, 
etc. Some new theoretical and experimental data on these subjects are 
reported. 


Several reports contain new theoretical and experimental data on the 
heat exchange and hydraulic resistance during flow in pipes with an 
annular cross section and during longitudinal flow round pipe bundles. Even 
though the practical importance of the above problems is well known, until 
recently the problem of heat transfer during turbulent flow through annular 
pipes was not clear enough. There exist many empirical equations which 
yield markedly different results. A reliable basis for practical calculations 
was established only recently, as a result of studies that were carried out 
in the USSR and the U.S.A. This was achieved by an adequate combination 
of theoretical analyses of the problem with experiments carried out in 
accordance with a reliable procedure over a wide range of variations of the 
geometrical parameter. Most experimental studies of heat transfer in 
annular pipes have been carried out with gases. There is a marked lack of 
experimental data for liquid metals and especially for trickling fluids at 
Prandtl numbers higher than unity. The collection of such data would make 
it possible to reveal more clearly the effect of the channel geometry on the 
heat transfer at different Prandtl numbers. It is important to carry out 
exhaustive experimentation over a wide range of the geometrical parameter, 
in order to take into account the theory of the problem when setting up the 
experiment and processing the experimental results. The problem of heat 
transfer in annular pipes has been the subject of theoretical analyses in 
which a constant heat flux was assumed to exist on the walls. The study of 
this problem for other types of boundary conditions would certainly be of 
interest. 

Although a number of papers have dealt with the problems of heat transfer 
and hydrodynamics in pipes with a rectangular cross section, pipe bundles 
with the fluid flowing along the bundle, and other similar systems, the 
results obtained so far are insufficient for the development of well- 
substantiated calculation methods. Here systematic studies must be carried 
out (both theoretical and experimental). At the same time it is very 
important that the experiments be carried out in such a way that the specific 
characteristics of the flow and heat transfer in such systems would be taken 
into account. For instance, it is very important that the changes in the heat 
transfer coefficient be studied not only over the length, but also on the 
perimeter of the pipe. It is necessary to carry out studies over a wide 
range of Prandtl numbers since a different influence of the geometry is 
observed at different Prandtl numbers. 

The problem of convective heat transfer under unsteady-state conditions 
is one of the new problems insufficiently studied. А number of papers 
dealing with the above problem have been presented. Some of these papers 
consist of theoretical analyses of certain heat transfer problems during 
laminar flow in pipes or flow around the bodies, while others report the 
results of experimental studies of heat transfer and hydraulic resistance 
during turbulent flow in pipes. 

As in the case of unsteady laminar flow, the study of unsteady heat 
transfer during laminar flow is a mathematical rather than physical 
problem. Definite calculation schemes have been derived and some 
approximate mathematical methods (е. g., the method of characteristics) 
have been used with success. Such methods have been used to solve а 
number of problems on the heat transfer in pipes, and during fluid flow 
around bodies. These results are familarbothto Soviet and foreign 
literature. 


Nevertheless, understanding of the problem of unsteady convective heat 
transfer during laminar flow falls far short of that, for example, of the 
theory of thermal conductivity. For instance, coupling problems have 
hardly been studied. Such problems involve a simultaneous investigation 
of the unsteady heat transfer between a solid surface and a fluid flow, and 
the unsteady thermal conductivity in the solid body. The solution of such 
problems is very complicated, and the difficulties have not yet been 
overcome, 

Much more complex is the problem of unsteady heat transfer during 
turbulent flow. The possibilities of a theoretical analysis of the above 
problem are more limited, especially in the case of rapid processes. 
Indeed, if the time needed for a substantial change in the flow parameters 
is of the same order as the pulsation time of the velocity, temperature, 
and other variables, the possibility of using averaged motion and energy 
equations becomes doubtful or may even be out of the question. As a result, 
the semiempirical theory of turbulence cannot be used in the above case. 
Hence, experimental studies become of great importance in the study of 
unsteady convective heat transfer during turbulent flow. Only a few papers 
dealing with this problem have been published to date. 

Some of the reports present results obtained in hydrodynamic and heat 
transfer studies in jets.* They contain data on free-stream jets, jets in an 
accessory flow, and jets propagating along the wall. 

Experimental results on the turbulent transfer of the momentum and the 
heat in a free-stream jet are of great interest. On the basis of a large 
amount of experimental data, it is shown that the turbulence Prandtl number 
for such a jet is independent of the Reynolds number and the molecular Prandtl 
number over a wide range of values (from 0.02 to 300). Some interesting 
results have been obtained on the momentum and heat transfer in non- 
isothermic jets. 

One of the central problems in the investigation of jets is the study of 
turbulent high-temperature jets of various types at large temperature 
gradients when chemical reactions occur in the jet (e. g., dissociation, 
combustion), and when the heat transfer by radiation has a strong effect. 
Evidently, this concerns both subsonic and supersonic jet streams. 
Problems of this type are directly related to the problem of mixing of jets 
having different physicochemical properties, including those cases in which 
the media being mixed participate in chemical reactions, or when the mixing 
is accompanied by phase transformations. The study of these important 
problems is at present still in the initial stages, but that such a study is of 
great practical and scientific value is undoubted. 

Many of the reports presented here deal with the intensification of 
convective heat transfer processes and are of great practical importance. 
They are directly concerned with the design of effective and at the same 
time rugged heat exchange equipment, leading to savings in the metal used 
for its construction. 

As arule, problems relating to heat transfer intensification are solved 
experimentally, since the flow and heat exchange in such systems are not 
subject to theoretical analysis. In many cases, an increase in the heat 
transfer rate is achieved as the result of an ordering of the flow with the 
detachment of the boundary layer from some of the surface elements. The 


* The reports dealing with the above subject are included in Section 2. 


eddies formed as а result of the above process are suppressed as they move 
along subsequent sections of the surface. The reports contain a large 
amount of experimental data on the heat transfer and hydraulic resistance 
on various types of finned heating surfaces, with a flow swirled by means 

of a trip wire or by pipes with a screw thread, on artificially roughed 
surfaces, etc. 

A more thorough and detailed study of the flow and heat transfer in the 
eddying zones and the surface sections at which the eddies are suppressed 
would be of great value for the creation of more general methods for the 
calculation of such heat exchange systems. 

It is desirable that the studies on the intensification of heat transfer 
problems be carried out directly by the design companies and plant 
laboratories, or in close collaboration with the design engineers. Only 
then could such studies be of real value and contribute to the design of 
highly effective heat exchange systems. 


1. HEAT EXCHANGE AND FRICTION RESISTANCE 
DURING SUBSTANTIAL CHANGES IN THE 
PHYSICAL PROPERTIES OF LIQUIDS AND 

GASES AS A FUNCTION OF TEMPERATURE 

AND PRESSURE 


A.A. Gukhman, A.F. Gandel'sman, У.У. Usanov, 
and G.N. Shorin 


NEW DATA ON THE PROPERTIES OF 
TRANS-SONIC FLOWS 


It has been firmly established /1-6/ that in the immediate vicinity of the 
speed of sound a degeneration of the turbulence occurs under certain 
conditions, in which cases the hydrodynamic theory of heat transfer cannot 
be used in its conventional form. The main factor affecting these phenomena 
is the effect of large negative pressure gradients. 

The experimental procedure used by us in the study of the heat and 
momentum transfer in the region of disturbance of the Reynolds analogy /5/ 
was based on independent plotting of the curves showing the variations in 
the static pressure and the heat flux density over the length of the channel. 
The measurement technique developed by us made it possible to obtain 
values of the heat flux density (by sectional withdrawal of the condensate) 
and the static pressure (by means of an axial probe) at sufficiently small 
distances over the length. А high degree of accuracy may be achieved by 
the above method; the error in the measurement of the heat flux density 
is +1% and of the static pressure +1.5%, The possibility of establishing 
а virtually continuous distribution pattern of the primary parameters with a 
sufficient degree of accuracy is of decisive importance for the whole 
experiment (see table). 

The above procedure is used to determine the local values of the hydraulic 
resistance coefficient ¢ and its computation analog ¢, = 8St. The ratio 


t 

ф= —— serves as a quantitative measure of the disturbance of the Reynolds 
р 

analogy. A characteristic curve showing the distribution of ф over the 


length of the channel (and, correspondingly, over M) is shown in Figure 1, 


р : : Т, 
which contains also the corresponding values of T . The curves 
0 
representing the variations in Ё and t, are shown in the lower section of 


the figure. At velocities substantially different from the speed of sound, 
the variations in { and t, are roughly similar, but at trans- sonic 
velocities the shapes of the curves differ sharply; t decreases rapidly 
while t; increases rapidly. These shapes of the curves are reflected in 
the curve representing the variation in qv. The disturbance of the Reynolds 
analogy in the trans-sonic region is clearly evident. 

Curves representing the heat flux distribution over the length at different 
Reynolds numbers are shown in Figure 2. The resulting curves can be 
divided into two groups. 

At fairly large values of the Reynolds number, д, is a monotonously 
decreasing function of the velocity, which is natural for the turbulent 


boundary layer. At the same time, the sharp decrease in qw in the vicinity 
of the throat becomes gradually less pronounced with the transition from 
the throat to the nozzle edge. 


Values of the parameters which control the conditions 








6, kg/sec 
































I 547.0 — 548.5 5.097 — 5.133 0.526 — 0.528 7.54 
II 629.5 — 630.5 5.248 — 5.270 0.503 — 0.505 7.35 
IH 698.5 — 699.0 5.214 — 5.242 0.476 — 0.478 6.50 
V 621.5 2.138 0.205 3.00 
VI 687.6 1.707 0.157 2.15 

438.6 1.164 0.113 2.50 





The decrease іп the Reynolds number leads to a decrease іп д, in the 
throat and to the appearance of a section in which the upward slope of the 
curve representing gw increases as the 
velocity is increased. Naturally, all those 
specific features in the shape of the curves 
are maintained (and even enhanced to a 
certain extent) in the transition to the heat 
transfer rate distribution over the length 
St = St(x). The experimental data do not dis- 
247 (2 15 14 15 16 17т agree with earlier results. They reveal 

01000 091 Q Лл some new characteristics of the heat transfer 
during trans-sonic flow, since the earlier 
and the more recent data supplement one 
another. We believe that a physical model 
describing the observed phenomena could 
д о Qe QI 02 Qr ( be constructed. 

At large Reynolds numbers the boundary 
layer formed at subsonic flow velocities is 
a turbulent one. Hence, the profile re- 
arrangement (its elongation) observed as 
the speed of sound is approached should be accompanied by an increase in 
the dissipation, i.e., by an effect which is in contradiction to the experi- 
mental data. Hence, the profile rearrangement (and the accompanying 
increase in the heat transfer rate) is associated with a degeneration of the 
turbulence. Correspondingly, the region of most pronounced increase in 
the heat transfer rate shifts downward with the flow, in the direction of 
higher velocities. Subsequently, the rate decreases because of the growth 
of the boundary layer. At low Reynolds numbers the flow in the boundary 
layer is laminar; hence, the elongation of the profile (and all associated 
phenomena) should be observed earlier. The supersonic range comprises 
a set of conditions resembling conventional laminar flow (which is 
characterized by relatively low heat transfer rates), with a substantial 
increase of the heat transfer rate as a result of subsequent formation of 
turbulence. 

The above results were obtained on the basis of a one-dimensional model. 
Nevertheless, despite the arbitrary nature of such a calculation, it has value 
at least for a qualitative evaluation. However, the amount of data available 
to us is not sufficient to allow determination of the flow conditions in the 





FIGURE 1. Distribution of p, c, and tp 
(set of conditions II /5/). 


boundary layer. 


assuming that the flow is at first laminary and then turbulent. 
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FIGURE 2. Distribution of the specific heat fluxes 
Qu x) over the Iength of the nozzle. 1, 2, 3, 


4, 5, 6 — sets of conditions I, II, III, V, VI, and 


IX, respectively. 


Hence, two variants of the calculation shall be used, 


The 
calculation for the laminar flow was 
carried out by the method described in 
/7/; in our case, the use of the above 
method is more justified than the use 

of any other known approximate method. 
The calculations for the turbulent flow 
were carried out by the method of 
Kalikhman /8/, assuming the flow to be 
turbulent over the whole length of the 
channel. The calculated and experi- 
mental results are shown in Figure 3. 
It is evident that the results calculated 
by assuming a laminar flow contradict 
the experimental data (even the order 
of magnitude differs). On the other 
hand, the results calculated by assuming 
a turbulent flow are in much better 
agreement with the experimental data. 
Naturally, this does not mean that the 
flow is turbulent over the whole length 
of the channel, including the throat. 
The agreement between the experimental 
and calculated curves may be regarded 


as an indication of the turbulent nature of the flow in the boundary layer only for 
a channel sectionat a sufficient distance from the throat, where the arbitrary 
nature of the calculations is not of great importance. Thisis supported alsoby 
the shape of the velocity profile obtained by us in the vicinity of the nozzle edge. 





FIGURE 3. Comparison of calculated results for 
the heat transfer in the supersonic section of the 


nozzle with experimental data. 


1 — set of conditions I (according to /5/); 2 — 


calculated according to /7/; 3 — calculated 
according to /8/. 
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FIGURE 4. Distribution of the values 

of E over the nozzle length in adia- 
о 

batic experiments. 


1l-—Rer,-—18.10 ; 2— Кет, ranging from 
2.25 105 to 16-10%, 


In view of the particular effect of pressure gradients on the formation 
p 
of the boundary layer, let us discuss in more detail Ње distribution 
0 


curve for the trans-sonic flow velocity range (Figure 4). On the section 

(of the curve) corresponding to the nozzle throat, the maximum pressure 
gradients are not in the critical cross section but in the contraction, 
immediately before the cylindrical belt, and their values remain large 
(greater than anywhere else) over a relatively great length. The pressure 
gradient decreases afterward. In our case, the pressure gradient decreases 
by a factor of 9 over a short cylindrical section of the channel lying above 
the throat. In the diffuser section, directly beyond the throat, the pressure 
gradient again increases by a factor of about 2.5, i.e., the pressure gradient 
there remains lower (by a factor of about 3.5) than its maximum value in 

the contraction. The numerical values of the dimensionless gradients are 
0.607, 0.069 and 0.157. 


Symbols 


To — impact temperature at the entry to the experimental nozzle; р — 
static pressure; p, — pressure at the inlet to the experimental nozzle; 
д. — heat flux density; Rer, — Reynolds number; St — Stanton number; 

t — hydrodynamic resistance coefficient. 
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EXPERIMENTAL STUDY OF THE HEAT TRANSFER 
FROM PIPE WALLS TO MONO-, DI-, AND 
TRIATOMIC GASES AT LARGE TEMPERATURE 
GRADIENTS 


The calculation of heat transfer from the wall to the gas in boosted- 
performance heat exchange equipment (in which the material temperature 
is close to the maximum permissible temperature) requires the use of 
reliable and fairly accurate equations. It is a known fact that the calcula- 
tions are complicated by large temperature gradients existing in the 
equipment, and hence the effect of the changes in the physical properties 
of the heat transfer medium on the heat exchange must be taken into account. 

Experimental studies of the heat transfer from the walls to a turbulent 
gas flow inside a tubular pipe with wall temperatures of up to 1400°K have 
been carried out during recent years at the All Union Institute of Thermal 
Technology. 

One of the studies /1/ was concerned with heat transfer to the air in a 
heated pipe 18 mm in diameter, having an L/D ratio of 140, when the 
gas at the inlet was at room temperature and the maximum value 
of M at the exit was 0.6. 

Subsequent studies were carried out with air in three pipes 12.25 mm in 
diameter, having L/D ratios of 206, 150, and 77at various air 
temperatures at the inlet (from room temperature to 870°K) and at 
values (of the flow) up to 1; in this study certain improvements were 
introduced into the experimental and computation procedures. 

Since the effect of temperature on the thermal properties of different 
gases is not the same, analogous experiments were carried out with carbon 
dioxide and argon, which are used in technology as heat carriers. 

The experiments with air were carried out in open systems and the 
medium was discharged into the atmosphere, while the experiments with 
the other gases were carried out in a closed system. After leaving the 
compressor, the gas passed successively through large-volume receivers, 
an apparatus for the removal of oil and moisture from the gas, a flow- 
rate measuring diaphragm, an electric furnace (preheater), the experi- 
mental section, and was then either discarded or passed through a condenser. 
and returned to the compressor. In all cases, the experimental section 
was made of stainless steel (1IKh18N9T) while the pipes were connected 
to а DC motor (AND-30 or PSM-1000) in series with а standard resistance 
which served to measure the current. 

Fundamentally, the experimental sections resembled in their construction 
the section described in/1/. However, the following improvements were 


made: heat flow from the pipe to the inlet chamber was prevented by 
shielding the furnace; a short section of a pipe of about the same diameter, 
heated by an electric current, was welded between the experimental pipe 
and the inlet chamber in order to reduce the temperature "fall" at the end 
of the experimental pipe; all measurements were made to the end of the 
pipe, where a conical widening was made to mark the critical section. 

The distribution of electrical potentials, wall temperature, and the 
pressures of the gases was measured over the length of the pipe. The gas 
temperature in the mixing chambers was also measured at the inlet and 
outlet. 

In contrast to / 1/, in our subsequent studies the thermocouples fitted to 
the pipe walls were calibrated in situ, and in calculating the temperature 
on the basis of the thermocouple readings, we took into account the 
temperature drop in the mica spacer between the junction and the wall. 

In order to reduce the heat losses to a minimum, the experimental 
section was insulated thoroughly. The losses (which for a constant 
insulation thickness and a constant temperature of the surroundings depend 
solely on the wall temperature) were taken into account on the basis of 
special calibration experiments in which an electrical current was passed 
through the pipe without a gas flow inside it. In most experiments the 
overall heat losses through the insulation amounted to 1-3% of the heat 
supplied by the electric current, and only in 1/8 of the experiments were 
the losses substantial, reaching up to 10%. 

All measurements (with a reliable correction for the heat losses, which 
were rather small) were used to calculate (for the various sections over 
the pipe length) the local values of the specific heat flux to the gas, the 
thermodynamic and impact temperatures of the gas, the velocity of the 
gas, the heat transfer coefficients, and the similarity criteria. The gas 
flow parameters were calculated on the basis of the one-dimensional theory, 
taking into account the variable heat capacity. The local heat transfer 
coefficients were calculated as the ratio of the specific heat flux to the 
difference between the actual and equilibrium wall temperatures. In the 
inlet sections of the pipes, where the change in the wall temperature over 
the length was nonlinear, we took into account the flow of heat along the 
walls. 

The specific heat fluxes increased over the length of the pipe, because 
of the changes in its electrical resistivity. Depending on the temperature 
drop over the length of the pipe, the specific heat flux increased by 3-35%. 

A comparison of the amount of heat taken up by the gas in the whole 
experimental section with the total amount of electrical energy supplied to 
the system (minus the heat losses) showed that the discrepancies in the 
thermal balance rarely exceeded 2%. 

A brief description of our experiments is given in the table. 

The experimental data were generalized on the basis of the dimensionless 
equation 


Nu = (Бе; Pr; ae M; =): 


where M is the ratio of the stream velocity to the local speed of sound. 


The calculations were carried out for various sections over the length, 
most often for the inlet sections and more rarely for the sections with a 
stabilized heat transfer. 


Summary of the experiments 





№ 
E 
р Reynolds Temperat 
Е А rature 
a number at 5 m d “ P Calculated sections 
5 d a 2 a. zo factor, 
s the inlet, | € 9 Ba 2 at 
е. с f. ox 5 
S| g£ z3 оо Е з |Е é Ts 
2 |< Ке і .10 5 Е s 9.38 28. х/4>50 
bo FE я 25 |5 5 w 
z © Ба. o w to [5 E 
9 = 3 x 2. © 5 sor 
jE 2 © a =&|> 5 
1 75.0 — 481.0 i 0.48 — 0.860 | from x/d = 53to 


x/d = 195, 11 sections 
in all 


2 53.8 — 298.0 

3 42.6 — 204.0 

4 37.2 — 150.0 

5 98.1 — 626.0 0.44 — 0.970 | from x/d = 53 to 

6 76.5 — 278.0 x/d = 139, 7 sections 

1 57.4 — 206.5 in all 

8 49.4 — 150.4 

9 107.6 — 684.0 from x/d — 53 to 
10 78.4 — 332.4 x/d — 69.4, 3 sections 
11 63.2— 230.6 in all 


н 
N 


55.7 — 152.6 


m. 
[^] 


39.2 — 403.0 0.55 — 0.804 | x/d = 59.3 and 85.6 
21.0 — 607.5 0.47 — 0.922 5 
14.0 — 311.0 0.41 — 0.922 s 


кою 
лк 


39.0 — 418.2 0.37 — 0.890 e 


_ 
о 





In our experiments the variations іп the Prandtl number (Pr) were 
insignificant, and we assumed that Nu is proportional to Pr™4, At constant 


2 values, the Reynolds number had the most pronounced effect оп the heat 
transfer. 
A plot of log € against log Re (plotted for each section used for the 


calculations) makes it possible to determine the above function with a fair 
degree of accuracy, in spite of a certain dispersion due to the effect of 
other dimensionless numbers. It was found that for all sections used in 


the calculations (at least for those where A > 10) a value of Nu/Pr®-*~ Re?-? 


may be taken for all gases in the calculation of the physical properties, 
including the density in terms of those dimensionless numbers both on the 
basis of the stream temperature (Nus, Рг;, Re,) and on the basis of the 
wall temperature (Nuy, Pry, Rew). * 


* The physical properties of air and cabon dioxide were calculated according to /4/, and those of argon 
according to /5/. 


The effect of the temperature factor T,T and of M were determined 
for the above two variants for the calculation of similarity criteria. 


A plot of Nu,/Pr9;4Re®® against = showed that in the inlet section the 


experimental data are clearly stratified depending on maximum wall 
temperature or, in other words, onthe magnitude of the temperature factor 


T,/T, апа that 0.8 decreases when the temperature factor is 


їп 
Pro-4R eo: 
increased. The extent of the above stratification, as well as the overall 
dispersion of the experimental points, decreased with increasing—. At a 50 


the influence of the temperature factor on the stratification was negligible 
and the overall dispersion of experimental points for each gas was +(4-6) %. 


When the similarity criteria are calculated on the basis of the gas 
үп x 
temperature the changes ee as a function of — are, in general, 
Рг; Res а 


qualitatively the same as in the calculations based on T,. However, in 
contrast to the previous calculation, the stratification as a function of the 


temperature factor increases with increasing а and is the greatest at the 
section of stabilized heat transfer. Atl < т < 10 the deviation of all 
experimental points from a mean value does not exceed 6-7% (regardless 
of the temperature factor), while at 5 » 30 the deviations are as high as 


+ (20-30) %. 

When the data were processed on the basis of the stream temperature, 
we found that the best agreement between the experiments is obtained when, 
in addition to the temperature factor, the compressibility of the stream is 
also taken into account. It is known from experiments on the heat transfer 
from the gas to the pipe at supersonic flow velocities /3/, that when the 
similarity criteria are calculated on the basis of the stream temperature 


Nus ( QOL $9 у к : 
we have Рго. Ке? l -+ тЫ M ) . No experimental data аге available 


on the effect of the compressibility during the heat transfer from the wall 
to the gas. Hence, in order to take into account the effect of the 
compressibility we used (as in /3/) a correction factor 


patel ce ee 
2 Т, 


where Т, is the impact temperature. 

Channels of a large relative length, for which the effect of the inlet 
section is small, are commonly used in heat exchangers for power 
application. At the same time, the highest wall temperatures exist at a 
distance from the inlet at the section of stabilized heat transfer. Hence, 
in this paper we deal only with the experimental results obtained at 
Ž >50. 

d 

All our experimental data on the calculated sections, shown in the table, 

for all gases studied at various inlet temperatures, are shown in Figure 1 








Id versus lg Re. In the last calculated sections in which 


м 
heat losses occurred and there was a sharp change іп the wall temperature, the 
dispersion of experimental data was 3-5% greater than in other sections in 
the stabilized heat transfer region; those sections are not shown in the 


figure. The dot-and-dash line represents the equation 


as a plot of lg 


Nu, 
0.4 
Pry; 





= 0.021 Re?*, 


while the boundary dashed lines indicate a 10% deviation from the values 
plotted on the dot-and-dash line. It is evident that most of the experimental 
points lie within the limits of the above deviation range. 





FIGURE 1. Experimental data on the heat transfer from the pipe walls to argon, air, and 
carbon dioxide at the section of stabilized heat transfer. The notation is the same as in 
the table. 


An excellent agreement was obtained when the experimental data were 
compared with the experimental data of / 1/ processed by our method. 

Thus, in the investigated range of Re; values (calculated on the basis of 
the gas temperature at the inlet) between 14- 10? and 684.103, of 7, Ty 
(temperaiure factor) values between 0.37 and 0.97, of M values up to 0.95, 
and inlet temperatures from 300 to 870°K, the use of the following general 
equation may be recommended for all investigated gases: 


Nuy = 0,021 Re; Pro-4 + 10% (1) 


Неге, 


cuu. Be, Т, 
Hw Fuw Tw 


(the parameters with the subscript ''w'' are calculated on the basis of the 
wall temperature while those with the subscript "s" are calculated on the 
basis of the stream temperature). 

However, Figure 1 shows that a certain stratification of the experimental 
points is observed, depending on the nature of the gas and its temperature 
at the inlet T;. By plotting similar graphs for each of the gases, for a 
constant inlet temperature, we found the following equations: 


for argon at 


T; ~300°K, Ми, = 0.0224Ке?8 Prot + 3%; 
forair at 


Т; = 300° К, Nu, = 0.021462 Pr? + 6%; 
T; = 470° К, Nu, = 0.0209Rc?3 Pro +6 9%; 
Тү = 670° К, Nu, =0.0199Re%* Prot + 6%; 
T; = 870° К, Nuw = 0.0188Re®*Pr4 + 10%; 


for carbon dioxide at 


T; = 300° K, Nuy = 0.0211Re9§ Pr2* + 6%; 
T, =470° К, Nu, = 0.0206Rc^ Pr?* + 3%. 


The above equations show the maximum deviations expressed as per- 
centages. Ata gas temperature inlet of 870°K, the temperature gradients 
were small and the dispersion of the points was naturally greater. 

Kutateladze /6/ derived a theoretical equation for the calculation of the 
heat transfer at large temperature gradients, approximately represented 
by the equation 


Nu; 2 
——— == ——————— |, 2 
Nuo (5 ТЫТ; =) (2) 


where Nu, and Nu, are the Nusselt numbers calculated on the basis of the 
Stream temperature, for constant and variable physical properties 
respectively. 

Petukhov and Popov /7/ derived a theoretical equation for the calculation 
of the heat transfer from the pipe walls to the gas in the region of 
stabilized heat transfer at small flow velocities and large temperature 


gradients. The equation recommended by them is 


, (3) 





Nu, _ (2 -05 
Мие Ts ) 


in which Nu, is calculated from the equation 


E/8 Re Pr 
Nu = Sooo 1 4 
*0 d +k Y UB (Рг/ — 1) (4) 
where Р; = 1 + 3.4#; №, = 11.7 + uw t is the hydraulic resistance coefficient. 
г 


In order to compare the recommendations of /6/ апа /7/ with the paper 
of Deissler /8/*, we calculated the values of 


Кие 
x—] Qr 75 
Nu, (1 +25 м) 





from the experimental data for argon and air at Т; = 300°K, for 3 sections 
at = > 50 (the compressibility must be taken into account in calculations 


based on the stream temperature). 

As is evident from Figure 2,a, when Nu, is calculated by means of 
equation (4), the experimental data lie beneath the lines representing the 
equations from /6/ and /7/; the deviation from the calculated values is 
about 7% on the average, and in addition, when Tw _ | we have we <l. 

s Us 

Figure 2,b contains the same experimental results, but Nu has been 
calculated by means of an equation derived by Mikheev 


Nu, = 0.021 Ве? Pr®-4. (5) 

A comparison of Figures 2,a and 2,b leads to the conclusion that the 
theories of /6/ and /7/ represent with a fair degree of accuracy the 
dependence of m on the temperature factor, while equation (4) should not 

5 
be used to calculate Мц, in the investigated range. 


Thus, the following equation is suitable for calculations of the similarity 
criteria on the basis of the stream temperature: 


Nu, = 0.021 Re95 pr^ ( + UT an (Ze) -0.5 © 
Ei 


* The Deissler graph was taken from /7/. 


17 





FIGURE 2. Comparison of our experimental data оп the heat transfer to argon and air with 
theoretical equations /6-8/ for the calculation of Nug: 

а — by equation (4); b — by equation (3); 1 — experiments with argon; П— with air 
(xd = 53.0; 118; 183) 1— experimental data; 2— /8/; 3— /1/; 4— /6/. 








Or, Since 
x—1 To 
1 M| =—, 
(EMER 
we have 
Ми, = 0.021 Reo pros тд. (7) 
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INVESTIGATION OF THE HEAT TRANSFER 
TO ORGANIC LIQUIDS 


When no changes in the state of aggregation occur, the heat transfer coeffici- 
ents to organic liquids usually have relatively smallvalues, and consequently 
large temperature gradients between the walls and the liquid are created 
at heat fluxes of any substantial magnitude. The physical properties of 
the liguid in the layer adjacent to the wall change markedly, and the heat 
transfer coefficients cannot be determined without taking these changes 
into account. 

Investigations of the heat transfer to organic liquids with properties 
varying over the stream cross section have been carried out /2-7/. When 
the temperature is changed, the most pronounced change occurs in the 
viscosity of the liquids, and for this reason, several investigators have 
determined the effect of these changes. For instance, Sider and Teit /6/ 
have proposed the following equation for the calculation of the heat transfer 
to a liquid of variable properties: 


Nu = 0.027 Re? ргиз (+ 
Pw 


Ja (1) 
where the power index n has a value of 0.14 for a liquid during its heating. 

Studies on heat transfer to diphenyl, Santowax R and Santowax OM 
carried out by Silberberg and Huber /7/ revealed that at Reynolds numbers 
from 20,000 to 300,000 the use of equation (1) leads to substantial 
discrepancies between the experimental and calculated data. At low Re's 
the experimental values are lower than the calculated (by as much as~ 15%) 
while at high Re's the experimental values are somewhat higher (by ~ 7%) 
than the calculated, i.e., the dependence of Nu on Re differs from that 
shown in equation (1). In order to eliminate this discrepancy, the following 
equation has been proposed /7/: 


Nu = 0.015 Re®-85 pr9-77, (2) 


Equation (2) generalizes the existing experimental data with an accuracy of 
+7.9%. 

An attempt to take into account not only the variable viscosity but also 
the changes in other physical constants has been made /4/, and the equation 
proposed is 


0.25 
Nu = 0.021 Re®-® pro- (EL) : (3) 
Ty 
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Investigations of the heat transfer to ditolylmethane (an organic liquid 
with properties resembling those of Dowtherm and diphenyl), which were 
carried out by Chechetkin and Kosterev /5/, and to glycerol by Kosterin 
and Magomedov /2/ revealed that in the Re range from 104 to 105, the 
experimental data fit fairly well into equation (3). However, as mentioned 
in /4/, equation (3) is more suitable for the case of cooling. In the opinion 
of the authors, the exponent of Pr;/Pr,.in the case of heating should be lower 
than in equation (3). The following equation for the calculation of the heat 
transfer in the case of a liquid of variable properties has been proposed 
in / 4/: 


23 0.125 Е Re Pr ве 4 
ДаР УЕ (P^? —1.0) + 1.01 c) (4) 


where the values of the exponent л are 0.11 for heating and 0.25 for cooling. 
In /4/ the value of — was calculated from the equation 


vg = 182g Re— 1.64, (5) 

Calculations based on the above equations often lead to markedly different 
values of Nu. In recent years diphenyl, monoisopropyldiphenyl (MIPD) 
and some other organic liquids with high boiling points have been used as 
heat exchange agents on an increasing scale. We have found that substantial 
differences exist between the values of the heat transfer coefficients to 
those liquids, calculated by means of equations (1) to (5), at large 
temperature gradients. 

For this reason, the heat transfer coefficients to MIPD were determined 
experimentally, and the experimental results were compared with results 
calculated with the aid of the various equations; this made it possible to 
establish which of the equations proposed above is the most reliable. 

In our investigations, the circulation velocity ranged from 4 to 15m/sec, 
and the temperature gradient ranged from 13 to 150°K. Under these 
conditions the Reynolds number ranged from 25,000 to 420,000 while the 
Prandtl number ranged from 5 to 36. 

The test apparatus (Figure 1,a) consists of a closed circuit with forced 
circulation of the liquid. The apparatus comprises the experimental 
section (1), heaters (2), and circulation pump (3), connected by means of 
steel (IKh18N9T) pipes with a diameter of 0,057X0.003m. A volume 
compensator (4), made of a pipe with an inner diameter of 0.195m, was 
connected to the system by means of a pipe with a diameter of 8X1 mm. 
The pressure in the apparatus was produced by means of nitrogen which 
was supplied from the cylinder (9) to the vessel (4). 

The liquid level in the vessel (4) was usually above the half-way mark, 
and as a result, the nitrogen could not enter the system directly orbe 
dissolved in the liquid. 

The heat exchange was studied in an experimental brass (L-62) pipe 
0.012X0.001 m in diameter. In the experiments with MIPD, the pipe length 
was 0.640; 0.880; or 0.920m. The pipe was heated by an alternating 
current which was passed through its walls. 
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FIGURE 1. Schematic view of the test apparatus (a) and the experimental section (b). 


1— experimental section (b) (I — current-conducting flange; II — terminals for 
the measurement of the voltage; ПІ — insulation; IV — experimental pipe; V — 
movable current-conducting flange); 2 — electric heaters; 3 — circulation pump; 
4 — volume compensator; 5 — tank for closing the circuit; 6 — transformer type 
TPO-283; 7 — transformer type ROT-25/0.5; 8 — measuring orifice plate with 
the DT-50 differential manometer; 9 — nitrogen cylinder. 


In the experimental section (Figure 1,b) a series of chromel-kopel'* 
thermocouples made of 0.00002 m wire were fitted along the pipe (IV) and 
served to measure the temperature of the external walls of the pipe. In 
the experiments with MIPD, 11 thermocouples were fitted along the pipe 
in one case, and 17 thermocouples in each of the other two cases. When 
17 thermocouples were used, two thermocouples (at opposite sides of the 
pipe) were fitted at each of six marked spots along the pipe. 


* [Kopel' — an alloy similar to constantan containing 56-57% copper and 44-43% nickel. ] 
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When using the brass pipes, the errors in the determination of the 
temperature gradient over the wall could not have a substantial effect on 
the experimental results: the gradient over the walls ranged from 0.3 to 
3°C, while the gradient between the wall and the liquid was 13-150°С. 

The liquid temperature at the inlet and exit from the experimental 
section was also measured by chromel-kopel' thermocouples made of 
0.00002 m wire. The hot junctions of these thermocouples were immersed 
directly in the liquid stream at the center of the pipe. 

The liquid temperature in a given section was determined from the 
temperature at the inlet or exit of the experimental section and the amount 
of heat transmitted in the section up to or beyond that spot where the thermo- 
couple was affixed. 

The thermoelectromotive force was measured with a low-resistance 
potentiometer (PMS-48) having an accuracy of 1 microvolt. The heat flux 
was calculated from the power supplied. The voltage drop over a given 
section was measured by means of a milliammeter (of the D- 528 type, 
(precision class 0.5) anda resistance box (KMS-6) connected in series with 
the ammeter. Such a circuit converted the ammeter into a multirange 
voltmeter, with a lower measurement limit of 0.5v. The measuring device 
was calibrated in advance. The current flowing through the pipe was 
measured with an ELA ammeter (precision class 0.2) 
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FIGURE 2. Local values of the Nusselt number at various heat fluxes (a), at a liquid circulation velocity of 
10.3m/sec and а liquid temperature of 413"K (1 — g = 172,000; 2 — g=431,000; 3 — g=740,000 w/m?) 
and at various liquid circulation velocities at a constant beat flux of 431,000 w/m? (b) (— æ = 15.5; П— 
10.3; Ш— 6.3; IV — 4.1 m/sec). 


The experimental determinations of the coefficient of heat transfer to 
MIPD were carried out at circulation velocities of 4, 6, 10, and 15m/sec. 
For each velocity, the values of the heat transfer coefficient were 
determined at specific heat fluxes of 172,000, 431,000, and 740,000 w/ m?. In 
the experiments with MIPD, the liquid temperature at the inlet to the 
experimental section varied between 343 and 553°K. The pressure was 
selected in such a way that surface boiling of the liquid did not occur. 
Usually, the wall temperature was below the saturation temperature by at 
least 20°, 
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In the experiments with MIPD, which were carried out with three 
experimental pipes (differing only in their lengths), the specific heat fluxes 
were 172,000 and 431,000w/m? in the pipe 0.880 m (or 884) long and 431,000 
and 740,000 w/ m? in the pipe 0.640 m (or 64d) long. The experiments with 
the pipe 0.920 m (92d) long were carried out at a heat flux of 431,000 w/ m?, 
Good agreement between the data of this heat flux was obtained for all 
pipes. 

In the experiments we determined the local heat transfer coefficient at 
various distances from the inlet section. 
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FIGURE 3. Comparison of the experimental and the calculated data: 


_ ; А o.8, 1/3 f "f 
a — according to the equation ми=0.027 Re ` Pr” [-——| (6k: 
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$ 0.125 £ Re Pr Be M 
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1 — monoisopropyldiphenyl (MIPD); 2 — diphenyl according то /7/; 3 — Santowax 
OM according to /7/; 4 — Santowax R according то /7/. 


As is evident from Figure 2,a and b, the Nusselt number and hence, the 
heat transfer coefficient decreases sharply over the length of the pipe as 
the distance from the entrance is increased, and reaches constant values 
at a length / >15-20d. An increase in the heat flux causes an increase in 
the heat transfer rate (at constant tr). 
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In comparing our experimental data with results calculated on the basis 
of the equations proposed by various authors (Figure 3), we used the 
experimental data obtained at | > 50d, i.e., in the pipe sections in which 
the effect of the inlet conditions is completely eliminated. 

In all calculations, the thermal properties of MIPD were taken from /1/. 

The data in Figure 3 show that equations (1) give lower values of the 
heat transfer coefficient at Re > 105 (in comparison with the experimental 
values), while at Re < 105, the values are higher. The heat transfer 
coefficients calculated with the aid of equation (3) were lower than the 
experimental for all Re values. Similar calculations based on equation (2) 
showed that at Re > 10? and Pr between 4 and 8 the calculated values were 
higher than the experimental (by about 12%); at Re < 105 and Pr > 15 the 
discrepancy increased to 60%. The best agreement between the experi- 
mental and calculated data was obtained by using equation (4). However, 
even in that case the dispersion of results ranged from + 5 to -15%. 

In our experiments the experimental data were obtained at Pr numbers 
between 6 and 36 and Re numbers ranging from 25,000 to 420,000. 

The experimental data of /7/ are also shown in Figure 3. They were 
obtained at Re numbers between 20,000 and 300,000 and Pr numbers between 
4.8 and 10.6. It is evident that most of the experimental values of heat 
transfer coefficients toSantowax RandSantowax OM are lower than the values 
calculated by means of equations (1), (3), and (4), within the whole range 
of Reynolds numbers (between 20,000 and 300,000). 

The experimental data for diphenyl obtained in /7/ were higher than the 
values calculated by means of all the above equations. 
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E.A. Krasnoshchekov, V.S. Protopopov, 
Wang Feng, and I. V. Kuraeva 


EXPERIMENTAL STUDY OF THE HEAT 
TRANSFER IN THE SUPERCRITICAL REGION 
OF CARBON DIOXIDE 


Experimental data obtained at small temperature gradients /1,2/, i.e., 
under conditions such that the changes in the physical properties over the 
Stream cross section are small, are described by equations valid for heat 
exchange during turbulent flow of a liquid of constant physical properties. 
As shown in / 1/, the best agreement with the experimental data is obtained 
by using the equation 


1 


К рр ыш м, (1) 
12.7 ү Е (Рта) +1.07 


where 


1 

à (1.82 lg Re — 1.64)? ` 

When the temperature gradients are such that the physical properties of 
the liquid change substantially across the stream, the heat transfer is 
no longer described by (1). Nevertheless, if the temperature gradients 
are relatively small and 7,2 1.17, (range of the heat capacity peak) while 
the throughput is large enough (of the order of Re > 10°), the theoretical 
results calculated by assuming that the heat transfer obeys the rules of 
convective heat transfer in a single-phase medium of variable properties 
are in good agreement with the experimental data /4/. The empirical 
equations obtained for the above conditions /1,5/ describe with a satis- 
factory degree of accuracy the available experimental data. However, at 
relatively large heat flux densities, when Tf «T, and Ty»T,, the calculated 
results differ markedly from the experimental data, and the empirical 
equations yield values of the heat transfer coefficients which are too high. 

Phenomena, resembling those characteristic of liquid boiling in pipes, 
have also been observed. These comprise the conditions under which 
there are sharp drops in the local heat transfer coefficients /6/ (a 
phenomenon resembling the crisis in boiling), and conditions that lead 
(according to /4,7/) to strong pressure pulsations, noise, and an increase 
in the heat transfer rate (resembling the start of boiling of an underheated 
liquid at subcritical values of the parameters). Such heat transfer 
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conditions are created only when Tf «T, and Ty>T,,.. Phenomena resembling 
the crisis in boiling occur at relatively small throughputs (of the order of 
Re < 8-10") and moderately large heat loads, while pulsations and an 
increase in the heat transfer rate are observed at high throughputs and high 
heat flux densities. 

However, in spite of the large number of experimental and theoretical 
studies, the rules governing the heat transfer in the supercritical region 
have not been adequately studied, and no recommendations for calculations 
have been published. We studied the heat exchange during turbulent flow 
of carbon dioxide of supercritical parameters in pipes during heating and 
with large temperature gradients. 

The experimental section consisted of a steel pipe (steel 1Kh18N9T) 
with an inner diameter of 4.08. 107? m and an external diameter of 5- 10-2 m. 
The working section of the pipe (length /=51d) was heated directly by the 
passage through it of an alternating current. А section where hydrodynamic 
stabilization took place (length / = 49 d) was placed before the heated section. 
Measurements of the static pressure were made in the vicinity of the inlet 
and the exit of the heated section. 

The temperature of the carbon dioxide at the inlet and exit of the 
experimental section was determined by means of copper-constantan 
thermocouples, the hot junctions of which were placed in stainless steel 
capillaries. The hot junction of the thermocouple near the exit was placed 
into the stream axis, behind a mixing device consisting of an assembly of 
Special diaphragms. 

The wall temperature was measured by means of nichrome- constantan 
thermocouples, the hot junctions of which were welded to the external 
surface of the pipe at twelve points over its length (at the side of the pipe). 
At three points (//d = 20, 30, and 40) additional thermocouples were fitted 
to the top and bottom generatrices of the pipe. 

The experimental section was connected to a closed circulation system. 
The carbon dioxide was pumped into the system by means of a gear pump 
(without stuffing-box) with an electromagnetic drive. The throughput of the 
carbon dioxide was determined by measuring the pressure drop at the 
measuring diaphragm with a differential tensometric manometer /8/. The 
pressure at the inlet to the experimental section and in front of the 
measuring diaphragm was measured with а standard pressure gage. 

The local values of the heat flux density at the inner pipe walls were 
determined by measuring the electrical current and the local values of the 
electrical resistance of the experimental pipe. Prior to measuring the 
calibration was carried out by plotting the temperature of the pipe wall 
against the resistance. 

Experiments showed that the pipe is hydraulically smooth in the Re range 
between 1-104 and 8-104, In the Re range from 1-105 to 6- 105 the friction 
coefficient was approximately constant (£z: 0.020). In the Re range from 
1.105 to 5- 105 and at small temperature gradients (4,—/, = 3.5-8.0°С) the 
heat transfer to carbon dioxide satisfied equation (1). We also carried out 
experiments under conditions of substantial changes in the physical 
properties of the liquid across the stream and in the temperatures and 
throughputs ( T, « 1.1 T, and Re » 1-105), for which the equations hold 
[1,5]. The results of these experiments agree well with the above equations. 
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The main experiments were carried out at pressures of 785 and 
981 n/ cm?*, at a mean calorimetric temperature of the liquid tf between 20 
and 110°C, at temperature gradients up to 500°C, and at heat flux densities 
q up to 2.6- 106 м/т? The characteristic curves showing the changes in 
ts, tw, q, and the heat transfer coefficient а over the pipe length, at large 
temperature gradients, are shown in Figure 1. 

As is evident from Figure 1, I the increase in the wall temperature over 
the pipe length is much more pronounced than the increase in the liquid 
temperature, and a corresponding sharp decrease in the heat transfer 
coefficient is observed. In the x/dratio range between 10 and 
50 the decrease in а is by a factor of about 2. Under the above conditions 
te < t, andtyw>t,), the numerical values of the heat transfer coefficient 
were much lower than the values calculated by means of equation (1). Thus, 
at ха = 40, tm= 40°С and t,= 483°C, the heat transfer coefficient 
calculated by means of equation (1) was about 5.6 times the experimental 
value. Similar results were obtained in the experiments at a pressure 
p= 785n/cm? (Figure 1,IV). 
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FIGURE 1. Distribution of tf (°C), fy (°C), g(w/m?) and a (w/m? °С) over the Iength 

of the experimental pipe. 

1— p= 971 п/ст?, G= 100kg/hr, and р< tm: I — p= 971n/cm"; G= 100kg/hr, 
and tp >t_i Ш p= 971n/cm?, б = 53.5 kg/hr; IV —p = 185 n/cm?, б = 354 kg/hr. 


The data in Figure 1,III show that at lower throughputs, when the liquid 
temperature is in the same range as in the experiments shown in Figure 
l1,L IV, the wall temperature remains approximately constant over the 
pipe length (except for the section at x/d « 10) and the heat transfer 
coefficient has an approximately constant value over the length of the pipe 
at x/d > 10. 


* At p= 785n/cm? t, = 33.4°C while at p = 981 n/cm? t4 — 44°С. 


Thus the changes of the heat transfer coefficient over the pipe length at 
ts «t, and ty>t, may be of a different nature, depending on the heat load 
and the throughputs of the fluid. At the same time, the numerical values 
of the heat transfer coefficient are always lower than the values calculated 
using equation (1), and the heat transfer rate decreases as the temperature 
gradient is increased. However, the dependence of the heat transfer 
coefficient on the flow rate (and the dependence of Nu on Re) under the above 
conditions remains the same as the usual dependence in the case of heat 
transfer during turbulent flow in pipes (а is approximately proportional to 
(9.8 ). 

When t; t, (Figure 1, П), the heat transfer on the pipe section with 
х/4 > 10 remains practically constant, and its numerical value is only 
slightly lower than the values calculated with the aid of (1). Thus, if 
tp >t,, as the temperature of the liquid is increased, the heat transfer 
characteristics gradually become more similar to those of heat transfer 
in gases. 

In order to continue our analysis, we used experimental data for three 
sections of the experimental pipe, with three thermocouples fitted to each 
of the sections. 

When Tr «1.1 T, and T,» T, (Figure 2,3, 1 and 3) the difference between 
the experimental values and values calculated by means of equation (1) 
increased with increasing temperature gradient. The largest deviation 
was observed at Т; «T, and at high values of Ty. In several cases the 
experimental values of Nuş were approximately one fourteenth of Ми. No 
reliable recommendations for the calculation of heat transfer under the 
above conditions have been published as yet. At T; > 1.1 T, (Figure 2,a, 

2 and 4) the temperature- induced changes in the physical properties of the 
liquid are much smaller, and the effect of 7, T, оп the heat transfer rate 
is relatively small. 

A general dimensionless equation describing the heat transfer within 
the whole investigated temperature range was derived by assuming that the 
dependence of Nu on Re and Pr remains the same as under conditions far 
removed from the critical, while the effect of the variable physical 
properties may be accounted for by the introduction of correction factors 
that take into consideration the changes in the physical properties across 
the stream. Ап analysis showed that the experimental data are generalized 
satisfactorily by introducing into equation (1) two corrections, in terms of 
the density ratio (p/prY-? and the heat capacity ratio (с/с. p" where 
€, = (iw— if V(tw— tf) is the mean integral heat capacity іп the temperature range 
between tgandt,. Inthatcase, the value of the exponent n increases from n= 0.4 
atT, T, < lto nz 0.7 at Г; < Тапа 7,/T,,= 2.5. When Тұ is increased 
from Tq to 1.2 Tm the above values of n(corresponding to 7,/7,,) decrease 
ton = 0.4. In both cases n changed linearly. As a result we obtained 
the following expressions: 
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FIGURE 2. Comparison of experimental values of Мир with values calcu- 
lated using equation (1) at various relative wall temperatures Tu/T m (a) 
and with values calculated using equation (2)(b). 


1— 971 п/стё, To « 1174: 2— 971 n/cm*, Tp > 1.1 Tm: 3—7750/cm*, 
Т; < 1d TA; 4— TI5n/cm", Tg» 14T, 


where 


n=04 at 7,1 or ТТ, 21.2: 
n = n = 0.22 + 0.18 (Twm) at I «T, TA «2.5: 
п= п +(5ny—2)(1—Ty T, at 1<Т(‹Т„<12. 


Equation (2) gives correct values within the following ranges: 8-104< 
< Rej« 5:105; 0,85 < Prí« 65; 0.09« pwof < 1.0; 0.02 < сс, < 4.0; 
0.9 < T, T, « 2.5; 4.6.105« д < 2.6: 105w/ m?; xd > 15. 

The experimental data (Figure 2,b) are described by equation (2), the 
maximum deviation being + 20%. 

However, it should be mentioned that at Т, ХТ, and T,» T, the wall 
temperature depends on the heat flux density to a power much higher than 
unity; thus, the error in the calculation of T,(at given q, T, and Re) will 
be much greater than in the calculation of a (at given 7, 7;, and Re). 

In the temperature range T, « l.1 Tm or T; > 1.27, our experimental 
data, as well as the data of /1,2,5,9/ agree well both with equation (2) 
and with the equations in /1,5/. 

For practical calculations (when the heat flux density is given and it is 
required to determine the wall temperature) it would be convenient to have 
twas a function of д and tp in an explicit form. To this end, we used 
equation (2) to calculate and plot qd"?/(pw)'5 as a function of tand tẹ 
(Figure 3). The calculated curves were corrected on the basis of the 
experimental data. 

The curves in Figure 3 show the same qualitative relationships as in 
141. However, the wall temperature range studied in / 4/ was from 
Tp =T,to Т„Ты = 1.4. The results in Figure 3 are for the region up to 
ТУТ = 2.5. This made it possible to reveal a number of interesting 
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features of heat transfer at large temperature gradients in the case of great 
changes in the physical properties of the liquid across the stream. 
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wall temperature fw °C and the fluid temperature / С, for the case of 


carbon dioxide at p = 981 n/cm*, 
1— {c= 30; 2—40; 3—50; 4—60; 5— 10; 6—80; 7—100; 8— 
150; 9— 206; 10— 250; 11— 300°C. 


The slope of the curves for ¢; = const. at 4, !; characterizes the heat 
transfer in the case of afluid of constant physical properties. The change 
in the slope of the curves with increasing 4,is explained by the effect of 
the variable physical properties of the liquid; the change in the properties 
is most pronounced at temperatures close to tm (at р = 981 n/ cm? and fs 
between 20 and 60°С), while at higher temperatures the change is much 
smaller. Hence, the curves for ¢; = const. intersect at relatively high 
wall temperatures. 

The curves in Figure 3 show the peculiar character of the changes in 
the wall temperature over the pipe length at a given heat flux density. At 
relatively small values of q and relatively large values of pw(e.g., at 
р = 981 n/ cm? and qd?-?/(p ш)0-8 < 0.9), the wall temperature increases 
monotonously with increasing tf, i.e., over the pipe length. At relatively 
large values of q and relatively small values of gw, the changes in 5, are 
no longer monotonous. The wall temperature increases over the pipe 
length and at t;=tm it reaches a maximum value, then decreases, and 
increases monotonously again at higher tę values. Thus, a local decrease 
in the heat transfer rate is observed under the above conditions at {f =tm. 
If at the above pressure qd°-2;(cw)°8= 0.93, the wall temperature remains 
practically constant when tç is increased from 40 to 70°C (the region in 
which the curves for tẹ = const. intersect). The same behavior was also 
observed in the experiment described earlier (see Figure 1, Ш). 
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Symbols 


1— length, m; x — distance from the starting point of the heated section, 
m; d — diameter of the experimental pipe, m; Tyand 4,— temperatures 
of the inner pipe surface, °K and °C respectively; T; and і; — mean 
calorimetric temperatures of the liquid at the given pipe section, °K and 
°C respectively; T,,and ftm — temperatures corresponding to the maximum 
heat capacity at the given pressure, °K and °C respectively; G — through- 
put of fluid, kg/hr; ew — mass velocity, kg/ m?. hr; Nu, — Nusselt number, 
as determined by means of equation (1) at a temperature tp; Nu;— 
Nusselt number at a temperature tf; & — friction coefficient; pe, р — 
densities at f, and tf; c, , — heat capacity at a constant pressure and at tp, 
kj/ kg, °C; c, = (iu — ig V (tu—t;) — mean integral heat capacity in the temperature 
range between /; and 4; i,and i, — enthalpy at t, and tę respectively, kj/ kg. 


Bibliography 


1. Petukhov, B.S., Е.А. Krasnoschekov, and V.S. Protopopov. 
— International Developments in Heat Transfer, Part III, 
Colorado, U.S. A. 1961. 

2. Armand, A.A., N.V. Tarasova, and A.S. Kon'kov.-— In sbornik: 
"Teploobmen pri vysokikh teplovykh nagruzkakh i drugikh 
spetsial'nykk usloviyakh,' Edited by A. A. Armand. — 

Moskva, Gosenergoizdat. 1959. 
Petukhov, B.S. and V. V. Kirillov.— Teploenergetika, No. 4. 1958. 
4. Goldmann, K.—International Developments in Heat Transfer, Part 
ПІ, Colorado, U.S.A. 1961. 
5. Miropol'skii, Z.L. апа M. E. Shitsman.—ZhTF, Vol. 27, No. 10. 
1957. 
6. Shitsman, M.E.— Teplofizika Vysokikh Temperatur, Vol.1, No.2. 
1963. 

7. Hines апа Wolff.— Raketnaya Tekhnika, No.3. 1962. 

Protopopov, V.S.— Teploenergetika, No.1. 1963. 

9. Bringer, К.Р. and J. M. Smith. — JAIChE, Vol.3, No.1. 1957. 


со 


со 


The Moscow Power Institute 


31 


E.N. Dubrovina апа У.Р. Skripov 


CONVECTIVE HEAT TRANSFER IN THE 
SUPERCRITICAL REGION OF CARBON 
DIOXIDE 


The existence of noticeable maxima in the heat transfer coefficient on 
isotherms and isobars in the supercritical region at small temperature 
gradients is attributed to a relationship between the heat transfer and the 
thermal properties of the substance. The thermal expansion coefficient 
В, the compressibility coefficient, the heat capacity cp, and the thermal 
conductivity A have maxima near the critical point. 

The Nusselt number Nu is a dimensionless number characterizing the 
heat transfer: 


Nu=—, (1) 


where a is the heat transfer coefficient; 
1 is the characteristic dimension, and 
4 is the thermal conductivity coefficient. 
According to the theory of similarity, the relationship between the heat 
transfer coefficient and the thermal properties of a substance is expressed 
as follows: 


Nu = f (Gr- Pr), (2) 


where the dimensionless Grashoff and Prandtl numbers are, respectively: 


3 
Gr = gl At 
v 
р (3) 
Pr = В 
ry 


The exact nature of function f is usually determined by experiment. 

The first experiments on the heat transfer near the critical point were 
carried out in 1939 by Schmidt, Eckert, and Grigull /7/. In 1960 Schmidt 
/8/ carried out a series of experiments with carbon dioxide and ammonia, 
and found that near the critical point (of the gas) the heat transfer by 
natural convection becomes extremely rapid. А great increase in the heat 
transfer coefficient during free convection in the supercritical region was 
also observed by Doughty and Drake /1/. 


We continued with the experimental studies started by Skripov and 
Potashev /9/. In heat transfer studies, the system must be taken out of 
the thermodynamic equilibrium state and a temperature gradient must be 
created. The smaller the disturbance [of the equilibrium], the more 
pronounced is the extremal character of the heat transfer coefficient near 
the critical point. The above statement is doubtlessly correct since it is 
well known how sharp the maxima of the heat capacity and thermal 
expansion become when the critical point is reached from supercritical 
temperatures. Thus, in our experiments the temperature gradient was, 
as a rule, about 0.5°С. 

The heat transfer by natural convection was studied for vertical and 
horizontalorientations of a thin platinum filament with respect tothe direction 
of the gravity force. The dimensionless heat transfer equation comprises a 
term for the characteristic length of the heating surface. The smallness 
of the difference between the results obtained with the vertical and horizontal 
filaments shows that both cases must be characterized by the same linear 
dimension. The channel diameter, equal to 40mm, was taken as the 
characteristic length. 

Since the relationship between the heat transfer coefficient and the 
thermal parameters is reduced to the effect of these parameters on the 
nature of the natural convection, it would be of interest to examine the 
changes in the nature of the convection in the vicinity of the heated filament 
in the supercritical region, as induced by changes intemperature, pressure, 
and temperature gradient. 

The heat transfer in the supercritical region was studied with carbon 
dioxide (according to Michels /10/, the critical temperature and pressure 
of carbon dioxide are 31.04°C апа 7.38:108n/m?, respectively). Analysis 
of the gas obtained by the alkali absorption method showed that the carbon 
dioxide used was 99.7% pure. 

The experimental apparatus consisted of a chamber with a thermostat 
and pressure regulation system (Figure 1), a measuring device, and an 
optical device. 

The experiments were carried out in a stainless steel chamber immersed 
in a water thermostat (15 liter). The required temperature of the water 
in the thermostat was maintained manually, using a heater and a cooler, 
and was controlled by means of a mercury thermometer with 0.1°C 
graduations (a magnifying glass was used to take the readings). The 
temperature fluctuations in the thermostat were +0.01°C. Before the 
measurements, the chamber was heated for 2 to 2.5 hours at the 
experimental temperature. 

The chamber contained two cylindrical channels: a vertical channel (1) 
and a horizontal channel(8); each channel had a diameter of 40mm and a 
length of 120mm. The two channels were connected by an inclined bore 
(6). To permit visual observations of the convective streams in the vicinity 
of the heated filaments, the chamber was fitted with two thick glass 
windows (30mm in diameter and 11mm thick with teflon seals (3), 
and a central glass window (9). During the assembly the end windows 
were fitted into flanges (4) and (7), and fastened with internal nuts 
by means of a special wrench. A sufficiently high pressure inside the 
chamber caused self-sealing of the windows. 

In our experiments a thin platinum filament (with a diameter of 294) 
served as a heater and as a resistance thermometer. One end of the 
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filament was fastened and soldered to a copper wire passing through the 
teflon cylinder (10), while the second end was soldered to rod (13). Two 
supports (12), made of stainless steel with a diameter of 2mm, were set 
in the flange (2). The support ends were pressed into the ring (5). A rod 
(13) with a spring and two nuts (to regulate the tension of the filament) 
passed through the center of the ring. The current conductor was sealed 
and insulated with the aid of the cylinder (10) fitted to the flange (2); the 
cylinder was pressed into place by means of a nut (11). 
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FIGURE 1. Vertical cross section of the chamber and the part with the platinum 
filament. 


One of the parts with the platinum filament was fitted into the vertical 
channel and the other into the horizontal channel. 

A direct current from a series of storage batteries was supplied to the 
platinum filament. A standard resistor (10 ohm), a resistance box, 
and a control milliammeter were connected in series with the filament. 
The current was measured by means of the PPTV-1 potentiometer. The 
resistance of the filament was calculated using the equation 





where V, is the voltage drop over the working section; and 
V, is the voltage drop on the standard resistor. 

The pressure required in the chamber was produced by changing the 
temperature of a steel cylinder filled with liquid carbon dioxide. 

The whole pressurized system was separated by four needle valves into 
three sections: the chamber, the cylinder containing the liquid carbon 
dioxide (in the TS-15M thermostat), and a pressure gage with a blowdown 
valve. The working chamber and the pressure gage could be disconnected 
from the rest of the system, since the pressure established in them 


remained constant over a long period. The pressure was measured witha 
standard spring pressure gage (0.35 precision class) with a scale of up to 
250 kg/cm?, 

Before the measurements were taken the platinum filament was heated 
in air by passing a ~ 300mamp current through it for 7 hours. The 
filament diameter was determined at several points by means of a vertical 
displacement measuring device (IZV-1), and by turning through 90°, The 
effective diameter was calculated using the equation 


dom diavd- dzav 
eff ~~ 2 * 


where аа, and d, are the average diameters at two positions of the filament 
differing by 90° (when turned around the axis); (d;,/—28.8 p, dray=29.5 p, 

deff =29.2 р). Assuming that the cross section of the filament is a circle 
with a diameter equal to the effective diameter let us determine the lateral 
surface of the filament (the heating surface) 


F= zdeff L 
(Гһог==8.1:10—° m, Буе 7.8107? m, (4) 
Fiathor =7-4: 107° m, Flatvert =7.2: 107° m’). 


In the first series of experiments we determined the dependence of the 
heat transfer coefficient on the pressure and on the 31.5, 32.0, 34.0, and 
37°С isotherms, at a temperature gradient of 0.40-0.60°C and in the 
pressure range of (6-10). 108 n/ m? (Figure 2). 

The specific heat flux and the heat transfer coefficient were calculated 
using the equation 


VV, 


RC (5) 





q= 


where V, and V, are the voltage drops on the standard and the measured 
resistors, R, is the standard resistor (10 ohm), Fis the heating 
surface, and 


TU (6) 


The voltage drop on the platinum filament and the standard resistor were 
measured with the PPTV-1 potentiometer. A mirror galvanometer with 
a sensitivity of 1.8: 107? amp was used as the zero indicator. 

The temperature gradient was determined as follows. For each isotherm 
at a pressure of 6: 106 n/ m?, we recorded the dependence of the filament 
resistance А, on the current i. At low heat loads R, was a linear 
function of 2. Graphical extrapolation of the straight line for R,=ai? to 
i = 0 yielded Ry which corresponded to the ambient temperature in the 
chamber. 
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R at C 46% 
FIGURE 2. Dependence of the heat transfer coefficient а (w/m?: deg.) (for the hori- 
zontal filament). 

a — on the pressure (n/m?) for isotherms in the supercritical range: 1— 31.5; 2— 
32.0; 3— 34.0; 4— 37.0°С; b — on the temperature gradient At for three isobars: 
I— 6-105; П — 8-105; Ш — 9.3: 105n/m?; c— dependence of the specific heat flux 
q(w/m?) on the temperature gradient At for the above isobars. 


Thus the temperature gradient is given by 


ў wherefa A. 


0, 
Bee B M 


At temperatures between 30 and 50°, the value of B (the temperature 
coefficient of the platinum resistance) was equal to 0.38 ohm/ degree. 

The curves in Figure 2 have clearly defined maxima. The nearer the 
temperature of the isotherm to the critical, the higher the maximum. When 
the temperature is increased, the pressure corresponding to the maximum 
at a temperature gradient of 0.5°C shifts to the side of higher values. Even 
at a temperature differing from the critical temperature by 6°C (i.e., the 
37.0°С isotherm), the heat transfer coefficient is higher (by a factor of 
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more than 2) than in the case of a monotonous transition through the region 
of the maximum. 

The data іп Table 1 show that the values of a and д for the vertical 
filarnent are lower than for the horizontal. Values of the heat transfer 
coefficient а and the specific heat flux д at the point of maximum a are 
presentedin Table 2 (for 4 isotherms). The values of a and q decrease as 
the temperature recedes from the critical temperature. 


TABLE 1. Dependence of the specific heat flux g and the heat transfer coefficient a on the pres- 
sure (on the 31.5°C isotherm) 


Horizontal filament Vertical filament 











TABLE 2. Maximum values of q and a on the various isotherms at a temperature 


gradient of 0.5°C 
í Horizontal filament 












Process parameters Vertical filament 








tchamber 
C 


The heat transfer coefficient for the vertical filament in the region of the 
maximum was lower than that reported in /9/. The difference could 
probably be attributed to the fact that the thermostat conditions in /9/ were 
not sufficiently good, and as a result an additional overall convection was 
created in the chamber at the transition pressure. 

The curves in Figure 2,b are for a temperature of 34°C. Curve I shows 
that a change in the temperature gradient up to At = 10°C causes no 
noticeable change in a; curve II corresponds to the maximum heat transfer 
coefficient at a temperature gradient At = 0.5°C. In these cases an increase 
in At causes a rapid decrease in a. Changes in the temperature and pressure 
have a particularly strong effect on the heat transfer coefficient in the 
region in which the coefficient has the maximum value. Curve III shows 
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the dependence of а on Af along a higher isobar. The pressure рц = 
= 8.3: 106 п/п? is higher than pmax but is still sufficiently close to it. Curve 
III has a maximum which shows that maximum heat transfer may be achieved 
by changing the state, not only along the isotherm, but also along the isobar. 
The temperature criterion in the experiment increases with increasing 
At, in spite of the fact that the chamber temperature remains constant. In 
the case of small temperature gradients, the temperature criterion may be 
taken as 


At 


fant 





All the curves in Figure 2,c show the increase in the heat flux with 
increasing At, again for the 34°C isotherms. Close to the origin of 
coordinates, the most rapid increase in the heat flux occurs along the 
isobar p2=p(amx). On isobar III, an inflection point exists at a certain At; 
it corresponds to the maximum a оп the a(At) curve, and the specific heat 
flux on the above isobar after the inflection point is higher than on the 
isobar II, corresponding to a pressure pm. 

A comparison of the values of the heat transfer coefficients for the horizontal 
and vertical filaments at a temperature gradient of 0.5°C shows that the apor/® ver 
ratio is about 1.5 at pressures of 6-7- 108 n/ m? and about 1.1 at pressures of 
9-10- 106n/m?. Nosharp deviation of the аһоп@ хеп ratio (from the above ranges) 
is observed in the region of the extreme values. 

During the experiments we observed the state of the carbon dioxide in 
the middle part of the chamber. The convective streams were observed 
оп a screen using a condenser and a system of lenses. А 25 w lamp served 
as the light source. By moving the lens, it was possible to bring into focus 
either the vertical or the horizontal filament. The field of observation 
within the chamber was a circle 15- 10-3 m in diameter. А "Start" reflex 
camera, without lens and loaded with A-2 highly-sensitive photographic 
film, was fitted in place of the screen when photographic pictures of the 
convection pattern were to be taken. 

No convection in the vicinity of the filaments was observed at a pressure 
of 6: 1095n/m?, Slightly curved streams, running along the vertical filament 
with a period of 10-15 sec, appeared when the pressure was increased to 
6.8- 105n/ m?, The closer the pressure to pmax, the more frequently do these 
Streams appear, and they become curl-shaped. Finally, at the maximum 
point, the convection becomes turbulent with fine twists (the temperature 
gradient is maintained at 0.5°C). Continuous motion takes place near the 
vertical filament, with eddying and curling of the convective streams. At 
small At, the motion is confined to the vicinity of the filament. 

As At is increased, the shape of the convective streams changes and the 
region affected by the convection is extended. At large At(of the order of 
20-40°С), the convective streams become very fine and they cover the 
whole field of observation. 

At a temperature gradient of 0.5°С, the heat transfer coefficient drops 
when the pressure is increased beyond pmax. The convection along the 
vertical filament slows down and becomes confined to the immediate 
vicinity of the filament; the convective streams again become curl-shaped. 

At a temperature gradient of 0.5°C, the convective streams round the 
horizontal filament can only be observed under conditions corresponding 
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to the maximum heat transfer coefficient. The convection apparently has 
the form of a film which loses its stability and is divided into separate 
streams outside the field of observation. In the case of the 31.5°C isotherm, 
there were occasionally strong convective streams of a turbulent nature 
around the horizontal filament. At large At(10-20°C), we observed two 
types of convective streams which replaced each other: the usual turbulent, 
and a more ordered jet-like stream. At a chamber temperature of 31.1°C 
(which is very close to the critical temperature), we observed opalescence 
(a dark band in the middle that covered the filament). Straight streams, 
almost perpendicular to the filament, suddenly rose over the whole field of 
observation. Reversion to a typically turbulent convection, with fine curls 
over the filament, took place subsequently. At a Atof 30-40°C, the two 
types of streams are found simultaneously in adjacent sections. 

An interesting occurrence at the horizontal filament is observed when 
the current is switched on. A "string" divided into small cells separates 
from the filament. This cellular structure appears because of the hydro- 
dynamic instability of the moving heated "string." 

The conventional method of presenting heat transfer data as a function 
of the thermal properties of the substance and the system parameters 
involves the use of dimensionless equations. In an attempt to use equation 
(2), we found that no sufficient data are available for the near-critical state 
of carbon dioxide. The tabulated data are presented for temperature and 
pressure points spaced far apart from each other. Hence, only a few 
points were taken into account. The data obtained are shown in Table 3. 
The values of the viscosities and thermal conductivity coefficients, as well 
as that of the heat capacity ср (through the Prandtl number) were taken from 
the work of Michels /11,12/. The compressibility coefficient В and the 
density p were found by using the equations of state of CO, proposed by 
Kazavchinskii and Katkhe /13/. The equation was calculated on the 
electronic digital computer 'Ural-1' for a series of supercritical isotherms. 
For the last two isotherms, a correlation was made (with respect to the 
pressure) of the maximum heat exchange coefficient a with the maximum 
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TABLE 3. The Nusselt number (Nu), the product Gr. Pr and their logarithms for helium and for the 
various states of carbon dioxide 





In our experiments, the product Gr- Pr for carbon dioxide varied over 
a wide range — from 3.6- 10* to 1011, Turbulent convection was observed 
within the above range. This is in good agreement with the commonly 
accepted value of бг. Pr» 1000 for convection іп a confined space / 14/. In 
contrast to the usual conditions, the convection appeared at low At in our 
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experiments. At lower values of the product Gr. Pr, the heat exchange 
took place by molecular thermal conductivity. This was the case in the 
experiments with helium. 
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V.N. Popov 


THEORETICAL CALCULATION OF THE 

HEAT TRANSFER AND FRICTION RESISTANCE 
FOR CARBON DIOXIDE IN THE SUPER- 
CRITICAL REGION 


The method of calculation of heat transfer and friction resistance used 
in the present paper has been developed and described in detail in /1/. The 
heat transfer calculations are based on an analytical expression for the 
Nusselt number which was derived in / 1/ for the case of steady, axi- 
symmetrical, turbulent flow of a noncompressible fluid of variable physical 
properties in pipes. 








1 R 2 
(| qu ee) 
C p 
L g e П dR, (1) 
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— — — 
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{ ат 
qd = _ Tf hw— hy cash 
Nu = ——À———5 ¢,= = ————; R= — 
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Equation (1) is valid for a pipe section at some distance from its inlet, 
i.e., for a section in which the hydrodynamic and thermal boundary layers 
are superimposed. 

Equation (1) is based on the following assumptions: 

1) the changes in the axial component of the mass velocity pw, along the 


pipe axis x are small, i.e., Lo =0; 
x 


2) the pressure p is constant across the pipe; 
3) the longitudinal enthalpy gradient = is constant across the pipe cross 
х 
section, 1.е., or = f(x); 
ox 


4) the density of the axial heat flux, which is a function of the thermal 
conductivity, is small compared with the density of the radial heat flux; 
5) the effect of mass forces and of kinetic energy dissipation is negligible. 
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The term <, in (1) was calculated by the Goldman method, by which the 
Уу 


coefficient of turbulent transfer of momentum іп the case of variable 
physical properties may be calculated by using the same expressions for 
constant physical properties, but the expressions must be written in terms 
of certain new variables. We used the equations derived by Reichardt /2/ 
as the expressions describing constant physical properties: 


= = kia mth) for 0< ч <50, (2) 
= 28 Q(ROS (81) for 1 >50, 
y 


Р 
ГУ. v= 24 
Y P 


In calculating = for variable physical properties, we used equation (2) 


uu оо 





where k=0,4; т =11; n= 


in which the variable ч*, (proposed by Goldman) was substituted for т, 





y Tw 
т? = Zw dy — | Ры V o/p, any (3) 
pov ы 
6 6 
where 
uy т 
= ww. е ЕМ. 
т m LA HN 


In this paper we assumed thate,=«., i.e., that f= 1. 


In calculating the value of Nuy, we set as the starting parameters the 


© fi 
р, Ty, qd and the dimensionless pipe radius Now = = 


Yw 
of successive approximation, we then found the profiles of temperature, 


velocity, = ‚ and Reynolds number Ке = ET . These values being known, 
v 


By using the method 


we were then able to calculate Nu, as well as the resistance coefficient &,, 
since 





8twow 9 
ы ar 7 (па), (4) 


It should be noted that on the basis of (4) and the equation for the axial 
component of the velocity /1/, it is possible to derive an analytical 
expression for the friction resistance coefficient E,during turbulent flow of 
a noncompressible fluid of variable physical properties in a pipe at some 
distance from the inlet (the expression is presented below without its 
derivation): 


є 
* The appropriate equations for temperature, velocity, ‚ and Reynolds number, which were used in the 


calculations, have been presented in /1/. 


42 


8 1 


po, a a ee 
Е [mn | ак | ar (5) 
ó R м (1 | 


Ew 


Results of the calculation of Nu, and t, for 
carbon dioxide in the supercritical region 


The heat transfer and friction resistance for the case of carbon dioxide 
were calculated for р = 98.1. 105 n/ m?*, for three values of ow and five 
values of T, (Figure 1). Only the case of heating (4, > 0) was dealt with. 
For each pair of „апа Г, values we set several values ofq d, in such a way 
that the mean calorimetric temperature T, had several successive values in 
the range from T, to ~ 30°C, The physical properties of carbon dioxide used 
in the calculations were taken from those same sources used in /3, 4/. In 
Figure 1, Nuowis the Nusselt number calculated from the relation Nu=Nu, 
(Re, Pr) derived for the case of constant physical properties**, in which 


Rej2 Rey w was used as the Reynolds number, and Pry as the Prandtl 





FIGURE 1. Calculated values of the heat transfer for carbon dioxide at p = 98.1: 105 n/m’. 


1, 2, 3, 4, 5 — at |= 35, 45, 50, 70, 100°C, respectively; now = 445; 6, 7, 
8, 9, 10 — the same, now = 2370; 11, 12, 13, 14, 15 — the same, Now = 19,050. 


Figure 1,а shows that as a result of the effect of temperature on the 
physical properties, the heat transfer under the conditions set for the 
calculations may change by a factor of more than three. 

The calculated heat transfer data were generalized on the basis of the 
following considerations. The changes in the numerator of integrand (1), 
which describes the temperature dependence of the physical properties, 
are negligible, since during turbulent fiow, the mass velocity profile is 


* At p= 98.1: 105 п/т the heat capacity of carbon dioxide reaches its maximum at about 44°С. 
** The results obtained in the calculation of Nu for constant physical properties over a wide range of Pr and 
Re, and the interpolation equation describing those results, are presented in /1/. 
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fully developed. Assuming В = 1, the denominator of the integrand in (1) 
may be written as follows: 


Pr, E, 
us CE pa). (6) 


The effect of the variable nature of the physical properties on the Рах 
y 


ratio in (6) is characterized by the ratio y*/nw, which may be expressed 


directly by the variable physical properties in the following way. Let us 
deal with the integra! in (3) by parts: 


«cz { n, (2) dz 





or 
2 
wm= | AO ш, (7) 
Tw 
1 
where ^ 
z= Ps V 8/6, - 
When z changes from 1 toz, the e" ratio in (7) changes from 0 to 1. Let 


wW 
us assume that the above ratio is approximately constant and equal to x. 
Then 


m= (1— 41) P Viele + э. (8) 


Thus, the change in Nuy, associated with the effect of the variable 
physical properties on Iu may be accounted for (in an approximate way) 
v 


by means of the parameter №, 


Bw pf 
= (1—6) L 4%. 
№ ue ae 1 


The dependence of Nu, on the variable ratio EM, whichis a term in (6), 


may be accounted for approximately by means of the parameter Pr,/Pr in 
which Pr is the mean integral value of the Prandtl number in the tempera- 
ture range between T, and Tw. However, since in the supercritical region 


the temperature dependence of à and y is similar, the parameter Cpl ey » 
which is more convenient for calculations, may be substituted for the 


rameter Pry 
param Pr 


The dependence of Nu, on the variable ratio р/р, which is a term іп (6), 
may be accounted for by dealing with the integral in (1) by parts and 
applying the same assumptions used in deriving (8). In this case, by 
replacing the viscosity at the pipe center by the viscosity at Т; (they are 
approximately equal) and taking into account the considerations expressed 
above, we may present the expression for Nu,as: 





Nu, 2e hoh (29 
р р 


Ми {Рт Re) ~ (9) 


(1— xa) + х я 
"f 


The Reynolds number Rey, which corresponds to the parameter 5o, for 
constant physical properties is determined from equation (4). The 
dependence of Е оп Re for constant physical properties has been shown in 
/1/. In our calculations, the values of yoy= 445, 2370, and 19,050 
corresponded to Rey = 14.5: 108, 105, and 999-108, From these data we 
found that Rey may be calculated (with an accuracy of +10%) from the value 
of Ке using equation 


1 
Re, = Re’, (%) h, (10) 
Pw 


It should be noted that for generalization of the calculated data, the value 
of Nuo, was calculated by using Rew instead of Reg in order to obtain a more 
convenient interpolation equation for calculations. The form of the functions 
fiand fz, and the values of the constants x, and x were determined on the 
basis of calculated data: 


=арж=(1— И PE Lx 
Һе = 9 =( з aon (11) 


(x, =0.12; х =1.0). 


As is evident from Figure 2, the form of the function f, depends on Reg: 


i (2)- COL ы: (12) 
"S^ x (0— 95e, 
where 
3 
к= gas (13) 
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FIGURE 2, б Даѕ a function of tp w/tp 
Nuow( 0. 12 BE + 0.88 y=) 
\ рм Pw 


at Rey = 999-:10?, 10°, and 14.5: 10° (1, 2, 3). The symbols used for the 
calculated points are the same as in Figure 1. The solid line represents 
equation (14). - 


As a result, we obtained an equation which generalizes the calculated heat 
transfer data with a maximum dispersion of +3% and has the form: 


0.12 Fi. .- 0.88 y 
Nu, = Bw d Pw Е: (14) 
Nuow(Phy, Rey) x 4- (1— x) v 
с 


р 


In (14) х was calculated with the aid of (13) using (10). If we assume 
that x is independent of Reg and has a value of 0.25, dispersion is increased 
to £107. The generalization of the experimental data by means of (14) is 
shownin Figure 1,b. In this figure, Ө denotes the right-hand side of (14). 

The experimental heat transfer data obtained in /3, 4/ and their 
comparison with equation (14) are shown in Figure 3 where Nu% is the value 
of Nu, obtained from the experimental data; Nud, is the Nusselt number 
calculated on the basis of Reġ, Pr,, and the expression obtained in /1/ for 
the case of constant physical properties; Nul is the value of Nuw calculated 
by means of equation (14), using (13) and (10) for those values of T, Tẹ., 
and pwd used in the experiments /3,4/. In /3/ T, changed in the range from 
~ 30 to ~ 90°C, while T, — Тұ ranged from a few degrees to ~ 60°С. In the 
experiments of other authors, 7, ranged from ~ 30 іо ~ 500°C while T,— T; 
was between a few degrees to~ 450°C. Figure 3,a shows that as a result 
of the effect of the variable physical properties, the heat transfer in /3/ 
changed by a factor of more than 5. As is evident from Figure 3,b, the 
values Nut and Nug agreed with an accuracy of +20%. Such an agreement 
may be regarded as completely satisfactory, since the accuracy of the 
experimental data was within 10-15%. 
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FIGURE 3. Comparison of heat transfer data for carbon dioxide calculated using equation 
(14) with experimental data /3, 4/. 


Nu 





1— p= 88.3.10 n/m? /3/; 2— 98.1-10$ /3/; 3— 117.58: 105 /4/; 4— 91.1: 105 n/m? /4/. 


In Figure 4 f, = ft , and ofis the friction resistance coefficient 
Pw 
calculated from the function £ = £&(Re)for constant physical properties /1/, 


using the same Reynolds number Re, = = which was used to obtain $ç. 
f 


Ef 
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FIGURE 4. Calculated friction resistance for carbon dioxide at p= 98.1-10°n/m*. The 
symbols are the same as in Figure 1. 


The calculated results are described (with an accuracy of +5%) by the 
equation 


TN (ey (15) 
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where 





The more simple equation 
iden (y 
bor Pf 


generalizes the calculated results with a lower accuracy (+ 10%). 


Symbols 


x — coordinate along the pipe axis; у — flow radius; г, — pipe radius; 
R — dimensionless flow radius; d — pipe diameter; y — distance from the 
wall; «and »,— dimensionless distances from the wall; now — dimension- 
less pipe radius; yt — variable proposed by Goldman; qw— heat flux 
density on the wall; T, — wall temperature; T; — mean calorimetric 
temperature of the liquid; +, — tangential stress on the wall; ш, — axial 
velocity component; pw — mean (across the tube) mass velocity; v*and 
о — dynamic velocities; p — static pressure; є, — coefficient of the 
turbulent momentum transfer; є„— coefficient of the turbulent heat transfer; 
В — ratio of the coefficient of turbulent heat transfer to the coefficient of 
turbulent momentum transfer; Rew, Ret, Rej, and Re,— Reynolds numbers; 
Pr, Pr, — Prandtl numbers; А — thermal conductivity coefficient; » — 
dynamic viscosity coefficient; v — kinematic viscosity coefficient; h — 
enthalpy; ср — heat capacity; cj — mean integral value of the heat capacity 
in the temperature range from Tf to Tw; p — density; р — mean integral 
value of the density in the temperature range from 7; to Ty. 

Subscripts: w — physical properties at Tą; f — physical properties at 
Tf; о — constant physical properties. 
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I. T. Alad'ev, P.I. Povarnin, L.I. Malkina, 
and E. Yu. Merkel' 


INVESTIGATION OF THE COOLING PROPERTIES 
OF ETHANOL AT PRESSURES UP TO 800. 9.8. 10* n/ m? 


The cooling properties of ethanol were studied in a loop under pressures 
of (300 and 800)- 9.8: 104 n/ m?, during its flow within seamless stainless 
steel (IKh18N9T) pipes of internal diameter 0.0006-0.0021 m and //d ratio 
20-175. 

In these experiments, the temperature of the wall in contact with the 
ethanol reached 973°K, the liquid temperature ranged from 288 to 623°K, 
and the flow velocity of the alcohol was 5-60 m/sec. The maximum specific 
heat fluxes reached 35: 108 - 1.163 w/ m?. 

The following observations were made from these experiments. 

1) The heat transfer at a pressure of 300: 9.8- 10* n/ m? was accompanied 
by thermal decomposition of the ethanol which formed a coke- like deposit 
on the contact surface. 

At flow velocities lower than 30 m/ sec decomposition of the ethanol 
Started at wall temperatures of 623-673°K, and was practically independent 
of the temperature of the liquid. At velocities higher than 30 m/sec, no 
decomposition of the alcohol was observed, even when the wall temperature 
was as high as 973*K. 

2) No thermal decomposition of the ethanol was observed at a pressure 
of 800: 9.8. 105 n/ m?, 

3) In a number of the experiments at a pressure of 300- 9.8. 10* n/ m?, we 
observed the occurrence of pseudoboiling, which caused an increase in the 
heat transfer rate. No pseudoboiling was observed at a pressure of 
800- 9,8- 10* n/ m?. 

4) In the case of a well-developed turbulent flow of ethanol, and in the 
absence of coke formation and pseudoboiling at p> 300-9.8- 10* n/ m?, the 
heat transfer to the ethanol may be computed on the basis of the rules 
governing convective heat transfer. The data obtained satisfy the equation 


0.25 0,2 
Nu, — 0.021 Re? pro. 6 (= ) (=) f 
o f A Pr, d 


where J, is the pipe length from the point where the heating is started to 
the calculated section. 

In their studies on heat transfer to fluids in the supercritical state, 
several authors /1-3/ observed a certain improvement of the heat transfer 
at р >ре, ly» f, and і; «іс. This phenomenon was termed "pseudoboiling. " 
In such a case, the curve representing the function f,—f(q) has the 
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characteristic plateau for boiling, in which an increase in the heat flux q 

is accompanied by a negligible increase in the wall temperature ty. The 
occurrence of pseudoboiling is often accompanied by a shrill whistling sound, 
as reported by Goldman /1/ and Khaines and Vol'f /3/. 

Studies of the heat transfer to ethanol in the supercritical region (p = 
= 300 — 800: 9,8: 10* n/ m?) , as wellas to methanol /4, 5/ and several other 
fluids, revealed an increase in the heat transfer rate that was accompanied 
by a whistling sound and attributed to pseudoboiling. 

Two schemes representing the mechanism of pseudoboiling have been 
proposed. Goldman /1/ proposes the following scheme: large groups of 
liquid molecules split up upon contact with the heat transfer surface and 
cause the formation in the bulk of the liquid of cavities filled with gases 
consisting of single molecules. The growth and subsequent destruction of 
these low-density cavities in the liquid may be so vigorous that the boundary 
layer is destroyed and pulsation of the liquid occurs, this phenomenon being 
similar to nucleate boiling. Аз in the case of boiling, the observed increase 
in the heat transfer rate is caused by the additional agitation of the boundary 
layer due to the motion of these cavities. 

Griffith and Sabersky /2/ photographed the formation and motion of 
pseudobubbles under supercritical conditions. 

Khaines and Vol'f suggested a somewhat different theory concerning the 
mechanism of pseudoboiling. They assumed the change of the viscosity with 
temperature to be an important factor in the above mechanism. Thus, 
according to /3/, small changes in the temperature near the critical point 
may cause considerable changes in the viscosity. An incidental small 
increase in 4, may, possibly, cause a noticeable decrease in the thickness 
of the laminary boundary layer, which should lead to a decrease in А, and 
a corresponding increase in viscosity. This should be accompanied by an 
increase in the thickness of the laminary boundary layer and in ty, i.e., 
an unstable boundary layer may be the source of vibrations at supercritical 
pressures and the cause of the increase in the heat transfer rate in forced 
convection systems. 

In our opinion, the phenomenon of pseudoboiling should be discussed more 
extensively. It is assumed that the turbulization of the boundary layer and 
the increase in the heat transfer rate associated with it always occur as a 
result of the formation of a new fluid phase of reduced density. Under 
subcritical conditions, this phase consists of vapor bubbles, and the process 
is termed boiling. 

Under supercritical conditions, an analogous phenomenon may occur 
during various processes — dissociation, thermal decomposition, separation 
of lighter components from a mixture (e. g., a mixture of the kerosene 
type), etc. The following examples of such processes are cited: 

a) Dissociation of molecules of a substance during heating, 
with the formation of pseudobubbles which behave like true bubbles and 
cause noticeable turbulization of the boundary layer. An example of this 
phenomenon is heat transfer to nitrogen tetroxide N;O,. 

b) The initial phase of decomposition of a liquid, preceding 
the formation of a coke-like precipitate. In the case of alcohols, the initial 
products are aldehydes formed as a result of decomposition of the substance. 
Their density is lower than that of the alcohol, and together with the gases 
formed as a result of the decomposition (CO;, CH,, and others), they cause 
turbulization of the boundary layer. When they are detached from the layer 
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adjacent to the wall and enter the mainstream, the new compounds often 
recombine into the starting substance. Thus, decomposition of the substance 
is only partial. In such a case, the temperature plateau (analogous to 
subcritical boiling) on the ty=f(g) diagram extends to the values of д (and, 
correspondingly, to higher values of tų) at which a spontaneous increase 

in A, begins as a result of the deposition of a coke deposit, formed during 
the more vigorous decomposition, on the pipe walls. 

c) Separation of lower-boiling fractions during heating of 
aliquid; these fractions consist of mixtures of various substances, e.g., 
in the case of heat transfer to kerosene. Data on the heat transfer to the 
Jp -4 fuel have been published in /6/. 

It may be assumed that, depending on the process leading to the 
formation of a new phase and turbulization of the boundary layer, it is 
possible to calculate the amount of gaseous products formed by analogy 


with the calculations for subcritical boiling (from the ratio Skoi >), 
con 


The optimum conditions for pseudoboiling could probably be computed. 

An analysis of the experimental data on heat transfer to alcohols (ethyl 
and methyl) as well as to other organic coolants (with respect to the pseudo- 
boiling process) leads to the following general comments: 

1) There exists а certain optimum value of the reduced pressure к= 
at which pseudoboiling is of maximum intensity. As is evident, a further 
increase in nleads to a deterioration inthe conditions needed for the 
formation of a new phase, and interferes with the pseudoboiling. Thus, 
although pseudoboiling of ethanol occurs at p = 300:9.8-104n/m? (a= 4.6), 
it is completely absent at р = 800: 9.8: 10* n/ m?(x = 12.3). 

2) The wall temperature 4, at which pseudoboiling occurs decreases with 
increasing flow velocity, and the plateau becomes less distinct. 

3) Preliminary heating of the liquid leads to pseudoboiling at lower heat 
fluxes. 

Contradictory results have been obtained for water, which is not a 
mixture of components, does not dissociate, and does not decompose at the 
wall temperatures reached in the experiments. * 

Our experimental study of the pseudoboiling during heat transfer to water 
at p = (250-350): 9,8- 10* n/ m? (x = 1.1-1.55) at flow velocities w = 
= 5-40 m/sec in stainless steel (1Kh18N9T) pipes at liquid temperatures 
tp = 293-373°K did not confirm the observations of Goldman. 

In our experiments no pseudoboiling took place at any of the flow 
velocities at pressures of (250 and 300): 9.8. 105 n/ m?; in some experiments 
(at w = 30m/sec), we did observe a certain increase in the heat transfer 
rate but the characteristic whistling sound (reported by Goldman /1/ also 
for the experiments with water) was not heard. 
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D.M. Kalachev, 1.5. Kudryavtsev, 
B. L. Paskar', апа I.I. Yakubovich 


APPLICATION OF THE METHOD OF 
HIGH-FREQUENCY HEATING TO LIQUID- 
METAL HEAT TRANSFER MEDIA 


In experimental equipment, liquid-metal heat transfer media are usually 
heated by the hot combustion products of various fuels, or electrically 
(d.c. ora.c.). The current is passed through a special conductor with 
subsequent transfer of the heat to the liquid metal, or is supplied directly 
to the heat transfer medium through the channel walls /1,2/. 

The use of the above two methods poses serious problems when the 
liquid metal is to be heated to a high temperature (1273°K or more). In 
such cases it is advantageous to use high-frequency induction heating /3, 4/, 
where the heat is released directly in the heated object, while it is ina 
high-frequency magnetic field. The specific heat flux transferred to the 
object is practically independent of the temperature of that object, and may 
reach thousands of kilowatts per square meter of its surface (up to 
~ 10" w/m/?), 

Induction heating eliminates direct contact between the current-conducting 
parts (which require forced cooling) and the walls of the channel for the 
heat exchange medium, which is very hot and often extremely corrosive. 
Thus, the upper temperature limit for the liquid to be heated is virtually 
eliminated. 

Furthermore, the use of induction heating makes it possible to reduce 
the dimensions of the heating apparatus with a corresponding reduction in 
the volume filled by the liquid metal. 

The method of high-frequency heating of liquid metals was tested on a 
laboratory-type loop, using a heavy metal alloy and a light alkali metal. 
The high-frequency current was supplied to the induction heater of the alloy 
from the PVV-80/8000 high-frequency converter and a capacitor bank. 

The inductor (Figure 1) was built in the form of a solenoid with an inner 
diameter of 0.065 and a length of 0.450m, from a shaped copper tube with 
a cross section of 10X10 and a wall thickness of 0.0015 m. There were 
32 turns. The heat released in the inductor was removed by water (in the 
heavy-alloy loop) or by transformer oil (in the alkali- metal loop). The 
coolant was supplied to and removed from the inductor through rubber 
hoses, which ensured reliable electrical insulation. 

In the heavy-metal loop, the inductor coil was surrounded by a section 
of the alloy loop consisting of a pipe (0.05 m in diameter, with a wall 
thickness of 0.0025 m) made of Kh18N10T stainless steel and having an~ 30? 
Slope with respect to a vertical line. 

The spacing and insulation of the inductor and the pipes was effected by 
filing the gaps between them with porcelain tubes and asbestos cord. 
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FIGURE 1. Schematic view of the 
inductor. 


The light metal was heated by the inductor in a vertical Field tube 
( 0.5m long and 0.044m in diameter) made of Kh18NIOT stainless steel. 
The Field tube was insulated from the inductor with mica and quartz cloth. 

The high-frequency setup corresponded to the conventional circuits 
described in /3, 4/. The voltage at the leads of the high-frequency generator 
could be varied between 0 and 750v. This voltage was supplied to an 
oscillatory circuit consisting of the inductor and a capacitor bank with а 
capacity of ~ 50uf. The power released within the tube walls was directly 
proportional to the square of the voltage applied to the inductor. 

When the experiments were completed, measurements were taken of the 
power at the generator busbars, the generator voltage and current, the 
metal and coolant temperatures at the inlet and exit of the generator, and 
the throughput of the metal and coolant. 

During induction heating tests in the heavy- metal loop, the generator 
load ranged from 25 to 80kw. We carried out five series of experiments 
in all, with a total duration of 110 hours. The experiments were carried 
out at a constant throughput of the alloy (~ 20,000 kg/ hour). Depending on 
the experimental conditions, the alloy temperature ranged from 473 to 773°К. 

The experiments in the light- metal loop were carried out at a load of 
80kw, the mean temperature of the metal in the heater was equal to 
^ 1123*K, and the throughput of the metal was ~ 2000 kg/ hour. The inductor 
performed under these conditions for ~ 150 hours. 

On the basis of the experimentally measured electrical parameters, 
temperatures, and throughputs, we calculated the amount of heat taken up 
by the metal іп the heater Q,,, the electrical power of the high-frequency 
generator Qgen and the heat losses in the inductor Qina. 

The relationship between the useful amount of heat removed with the 
liquid metal and the high-frequency generator power (in the heavy-alloy 
loop) is shown in Figure 2. The efficiency of the heater (i.e., the ratio of 
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the above values Qus /Qgen) was ~ 75%. The efficiency in the light- metal 
loop was about 55-60%. 

As the generator power was increased, there was an increase in the 
heat losses both in the inductor and in the current-conducting bars, 
corresponding to the slight inflection of the curve in Figure 2. 





FIGURE 2. Useful amount of heat as a function of 
the power on the generator terminals. 


Our experiments showed that the induction heating method has the 
advantages of a simple heater (loop tube and inductor) construction, 
smoothly regulated power and stability of the rate of heat generation, and 
the absence of any effect of the temperature (of the object to be heated) 
on the heat generation. 

The induction method of heating flowing liquid metals tested by us may 
be recommended for use in liquid- metal setups. 
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Il. HEAT EXCHANGE AND FRICTION 
RESISTANCE IN PIPES AND CHANNELS 
OF VARIOUS GEOMETRICAL SHAPES 


B.S. Petukhov and L.I. Roizen 


HEAT EXCHANGE DURING GAS FLOW IN 
PIPES WITH AN ANNULAR CROSS SECTION 


Despite the considerable number of papers on heat transfer in pipes with an 
annular cross section /1-7/, the problem of the effect of shape (і. е., the 
internal-to-external pipe diameter ratio) on the heat transfer is still to be 
solved. For instance, it has been suggested / 1, 2/ that the heat transfer 
in annular pipes be calculated by means of the equations for circular pipes, 
using the equivalent diameter. In another paper /3/ it is recommended that 
the effect of geometry be taken into account by the introduction of the 
parameter (d;/d;)9?5, 

A review /8/ lists 20 equations for the calculation of the heat transfer 
in annular pipes. Most of these equations are contradictory, and may be 
used only in special cases. This is caused, to a large extent, by the lack 
of experimental data obtained under identical conditions over a fairly 
extensive range of the geometrical parameter, with simultaneous measure- 
ment of the heat exchange on both the internal and external walls. Such 
data are essential for a reliable description of the effect of channel 
geometry on the heat transfer. * 

The following expressions have been derived /9/ for the Nusselt numbers 
on the inner and outer walls for any heat load ratio: 


Nu 
1+ Jug, Ми 


9% (1) 
Nun 


1+ Sua Ми» 


йы» 


Ми, = 


Nu, = 


where Nun: Ми, ®, and % аге the Nusselt numbers and the dimension- 
less adiabatic temperatures on the inner and outer walls during 
unidirectional (asymmetric) heat flux, 


дай яа 
Мц = е, -———— 7:0); 
Un ( DA 3, 0; de (4,3 0); (2) 
фай сапу 
Nu = Ae ; = H (фе 0 З 
U»n ( DA ` $i d. (Qwi= 0) (3) 


* This gap has been filled to some extent by the recent paper of Kays and Leung /10/. 
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(^u, ty; are the local values of the inner and outer (heated) wall temperatures; 
189, 129 are the local temperatures of the adiabatic walls; f is the mean 
calorimetric temperature of the liquid). 
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FIGURE 1. Schematic view of the experimental section. 


1 — outer tube; 2 — inner tube; 3 — strip heater; 4, 5 — thermocouples; 6 — 
mixer; 7 — rectifier grid; 8 — Venturi tube; 9 — current-conducting bar. 


Equation (1) is valid for both laminary and turbulent flow at any 
distance from the inlet. Using this equation it becomes possible to reduce 
the experimental study of heat transfer in annular pipes to the measurement 
of Nu, and # at q,,— 0, and of Nupp and ® at qj, = 1. 

We conducted an experimental study of the heat transfer during turbulent 
flow of air in annular pipes in the geometrical parameter ( di/d;) range 
between 0.07 and 0.84. The main measurements were made with uni- 
directional flow of the heat, i.e., at a constant heat flux density on one of 
the walls (the inner or outer) while the other wall was insulated. The heat 
transfer coefficient was measured on the heated walls, while the adiabatic 
wall temperature was determined on the thermally-insulated wall. Using 
equation (1) and the above data, it is possible to calculate the heat transfer 
coefficients on each of the walls during their simultaneous heating for any 
heat flux density ratio on the walls. In order to check the above ratios, 
some of the experiments were carried out with simultaneous heating of 
both walls. 

The experimental section (Figure 1), formed from two concentric tubes, 
consisted of damping and heating sections. The geometry of the annular 
channel was changed by changing the inner tube. The study was carried 
out on six annular channels and one circular pipe, the geometrical 
parameters of which are tabulated below: 


Geometrical characteristics of the channels 


4,10), mm 4/4 4e 7 (tt). | thear/de 
‚10%, mm 
0 38 





Symbols: d, — external diameter of the inner tube; d; — internal diameter of the 
outer tube; de — equivalent diameter of the annular pipe; /nea v de; !damp/de T 
the lengths of the heated and damping sections respectively. 
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The external brass tube (with a wall thickness of 0.003 m) was heated 
by an electrical heater of nichrome strip (with a cross section of 
(10X0.8)- 107? m) uniformly wound on the tube surface over micanite cloth. 
The external surface of the heater was coated with refractory clay and 
thermally insulated with glass wool. 

The inner stainless steel (1IKh18N9T) tubes, with a wall thickness of 
(0.2-0.5). 10-3 m were fitted into special sprockets at the ends and suspended 
at one point (at the end of the damping section) by means of 0.001 m wire. 

In addition, the larger-diameter tube was centered more accurately by 
supporting it with two pins in the middle of the heated section, while the 
smaller-diameter tube was stretched with a spring. The inner tubes were 
heated directly by current passing through their walls. The current was 
conducted to the walls by means of the sprockets, and from the left 
Sprocket to the heated section by means of a copper rod. The method used 
to connect the sprockets with the inner tubes allowed for free expansion of 
the latter. 

A rectifier grid was fitted at the exit from the heated section, and a 
helical mixer was fixed behind it. 

The wall temperatures of the external and internal tubes were measured 
with copper-constantan thermocouples. On the outer tube walls, the 
thermocouples were inserted into copper capillaries (soldered into the wall) 
at twelve points over the length. The thermocouples used to measure the 
wall temperature of the inner tube were mounted on the inside wall of the 
tube at thirteen points over its length and were separated from each other 
by cork partitions. The air temperature was also measured with thermo- 
couples fitted at the inlet to the heated section and behind the mixing 
device. The thermoelectromotive force of the thermocouples was measured 
with a potentiometer of the R-375 type. 

Alternating current from a voltage stabilizer was supplied to the 
electrical heater of the external tube. The heater power was measured 
with an astatic wattmeter of the 0.2 precision class. Direct current from 
a motor-generator set was supplied to the inner tube. The current strength 
was measured with the aid of a calibrated shunt, while the voltage drop on 
the shunt and the tube was measured with a potentiometer. 

The air was driven into the experimental section by a high-pressure fan, 
first passing through the rectifier grid and the shortened Venturi tube which 
served to measure the throughput. 

The Venturi tubes (we used two tubes for the various throughput ranges) 
were calibrated with water in advance. Special experiments were also 
carried out to determine the heat losses from the external tube to the 
surroundings. The heat losses usually did not exceed 10%. 

Two series of experiments were carried out with each annular tube: 1) 
heating of the inner wall while the outer wall was thermally insulated; 2) 
heating the outer wall while the inner wall was insulated. Some of the 
experimental data were collected during simultaneous heating of both walls, 
when the heat flux densities on them were the same. 

In order to check the experimental setup, we also measured the heat 
transfer during air flow in a circular pipe (the outer tube was used for that 
purpose) without an inner tube. 

All measurements were taken at an equilibrium thermal state of the 
system. In all experiments the wall temperatures and the temperature 
gradients between the walls and the air were maintained approximately 
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the same, and were respectively equal to ty = 333-353°K and 4,—f = 
= 30-50°K. The difference between the amount of heat calculated from 
the electrical power supplied and from the changes in the enthalpy of the 
air at the inlet and outlet usually did not exceed 3%. 

In the processing of the experimental data, the heat flux density 
associated with convection on the outer and inner tube walls was determined 
from the equations: 


Q;— Qrad, 


w= — Н 4 

LE dilhear (4) 

Qu Q;— Qrad— Qn | ( 5) 
теа 


where ©, апа Q, are the electrical power released оп the inner and outer 
tubes, respectively; Qnis the heat loss from the outer tube to the 
surroundings; Qrad is the heat flux due to radiation. In calculating Qaa, 
it was assumed that the blackness of the inner (IKh18N9T steel) and outer 
(brass) tube surfaces was s, = 0.3 and г = 0.06, respectively. The 
magnitude of Qrad usually did not exceed 5% of the power released. 

Equations (4) and (5) are valid at some distance from the inlet of the 
heated pipe section. When calculating q,, near the inlet, we took into 
account the changes in the heat flux along the wall caused by the thermal 
conductivity. Atx/d, > 2, the magnitude of that scattering did not exceed 
8% (the section of length 2d, from the inlet was not taken into account). 

In calculating q,,, the changes in the heat flux were not taken into account 
since their magnitudes did not exceed 0.5%. 

The temperatures of the outer surface of the inner tube and of the inner 
surface of the outer tube, ty, andt,,, were obtained from measurements 
corrected for the temperature drop on the wall (for the inner tube), and for 
the insertion depth of the thermocouples (for the outer tube). These 
corrections did not exceed 0.15?C. 

The mean calorimetric temperature of the air at a given distance from 
the beginning of the heated section was calculated using the equation 


= Q x 
t=t+—~— , (6) 
5 Gc, lheat 


where Q=Q, when only the inner tube was heated (qw= 0), Q =Q:—Qn when 
only the outer tube was heated (4, = 0), апа Q =Q, + Q,— Qn when both tubes 
were heated at the same time; tə is the air temperature at the inlet; G 
and c, are the throughput and the heat capacity of air. 

The values of Nu,,, Миз, Ф, and ® were calculated using equations (2) 
and (3), while Re was calculated using the equation 


Re 07е (7) 
fv 


where f is the cross-sectional area of the annular pipe. 
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The physical properties of air were taken as corresponding to the mean 
calorimetric temperature at the given section. 

An evaluation of the accuracy of the experimental data showed that the 
maximum relative error in the determination of the Nusselt numbers was 
about 4%, and in the determination of ð, about 8%. 

As x/de was increased, the local values of Nu,,, Nu5,, ®, and 9, 
approached (asymptotically) a fixed value known as the limiting value. The 
limiting values are denoted below as Nu,,,, Nu5,4,, tia, and te. 





1600 2400 Imm 


FIGURE 2. Changes in the temperature of FIGURE 3. Limiting values (Nu œ and 
the heated and adiabatic walls, the air 9 o) as a function of Re for an annular 
temperature, and the Nu numbers over the pipe with 2/4, = 0.244. 


length of an annular pipe with d,/dy = 0.244. 1— Numa; 2— Nagy 3.4, Ms 


1,2,3,4 — respectively t,, , 184, т, and Nu, and Nu at 909: from the results 

at Iw, = 0, Re = 63-105; 5,6,7,8—¢ of direct measurements; 5— Эз ; 6— 
9, . The broken line represents values 

calculated from (1) for qw; = дуз. 


wy 
194, 1, and Nu, at qu, = 0, Re = 67.5- 10°, 


Since the tubes were of a finite length and the experimental data some- 
what dispersed, the limiting values of Nu,,, and Nupe were determined 
from the mean temperatures on a certain section at some distance from 
the inlet, within which the local values of the Nusselt number Nu changes 
by not more than 3%. This section was 1.2 m from the point where heating 
began, and measured about 1.6 m in length. The limiting values of ti. and 
Ф. were determined in exactly the same manner. In this case, the section 
for which the mean values were taken was 1.8 m from the point where 
heating began and measured 1 m in length. Within that section, the 
deviations from the local values did not exceed 12% for channels 2 and 3, 
and 6% for the remaining channels (see Table). 
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In order to exclude the effect of variable physical properties, the 
experimental values of the Nusselt numbers were corrected by introducing 
the correction factor (Т, T5 and were thus converted to values correspond- 


ing to a temperature factor equal to unity. 
The processing of the experimental data on heat transfer in a circular 
pipe (without an inner tube) yielded the equation 


Nucp, = 0.0186 Re, (8) 


which describes the experimental data with an accuracy of + 5% and is in 
agreement (with the same accuracy as above) with the empirical equations 
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FIGURE 4. Limiting values Nu = 
and 9, in annular pipes as а 
function of 4/43. 


1,5— Re = 105, 2,6—Re = 

= 4:10“; 3,7 — Ве = 10°; 

4,8 — Re = 2:105 (1-4 — Nuno, 
э; 9-8 — Nun, ME The 
broken lines represent the values 


of Nue for a circular pipe. 


of Mikheev and MacAdams as well as with 
theoretically calculated results /11/. 

In our experimental studies of the changes 
in the temperatures of the heated and adiabatic 
walls, the mean calorimetric temperature of 
the air, and the local Nu numbers over the 
length of an annular pipe with dyd = 0.244 
during the heating of one wall only (outer or 
inner, see Figure 2) we found that at x/de>20 
the Nune and Nu;,, numbers and the tempera- 
ture differences #4—7% and tad— t assumed 
constant values. 

The values of Num апа Nu;,, were 
proportional to Re™8, A similar dependence 
was observed for the remaining annular pipes 
except for the cases of the inner walls of the 
pipes with dyd, = 0.0718 and 0.143. For the 
first of these, the value of Nu, was 
approximately proportional to Re®-7®, and for 
the second, to Re?-7?, For this reason, the 
difference between the limiting values Nu, pe 
and Миз п for the pipes with d,/d, = 0.0718 and 
0.143 increases with increasing Re. The 
limiting values tie and 9; were proportional 
to Re^0.88, 

The calculated Nu,, and Nuz for equal 
values of д, and q,, (Figure 3) are in good 
agreement with directly measured values (as 
Should be expected). 

The changes in the limiting values Nu, ,,, 
Ми, Фь, and Ф. as a function of R, = d/d; 
are shown in Figure 4. As is evident from 
the figure, the values of Nun. апа-®. on the 
inner wall were higher than on the outer wall. 


As R, was increased, the difference between the above values decreased, 
reaching zero at R, = 1, i.e., in the case of a flat tube with one- side 
heating. At R,—0, the value of Nune approaches the value of the same 
number for a circular pipe (the broken lines). 

This result can readily be explained on the basis of the available data 
on the velocity profile during turbulent flow in annular pipes /12,13/. The 
velocity profile in annular pipes is asymmetric with respect to the walls — 
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the point of maximum velocity is shifted in the direction of the inner 
wall, and thus the velocity gradient on the inner wall is always larger than 
on the outer wall, and the difference between them increases as d, d; is 
reduced. Hence, Nu,,, 2 Миз, and the difference between them also 
increases with decreasing dyd». 

In order to derive generalized equations for the heat transfer during 
turbulent gas flows in pipes with annular cross sections, we used our own 
data in conjunction with those of Doroshchuk and Frid /3/, and of Kays and 
Leung /10/. 

Doroshchuk and Frid measured the heat transfer to airinannular pipes 
with 4/0, = 0.38-0.83 and (hear de= 35-125 in experiments in which only the 
inner wall was heated, and in which the value of Re ranged from 2: 104 to 
5.5° 104, 

Kays and Leung /10/ investigated the heat transfer to air in pipes with 
dyd;* 0.193-0.50 and /hear/ de = 23-70 in experiments in which both the inner 
and outer walls were heated, and the values of Re ranged from 104 to 
1.6- 105, 

In /3/, measurements were made only of the local heat transfer at a 
constant heat flux density on the walls; іп /10/ the local adiabatic wall 
temperatures were also measured. The results of these measurements 
are apparently the most reliable (among the investigations carried out with 
gases), as indicated, in particular, by the fairly good agreement between 
the results. Hence, we used only those data in our generalization. We 
took into account only those data for the range of established thermal and 
hydrodynamic stabilization, i.e., the limiting values of the Nusselt numbers 
and the adiabatic wall temperatures, * 

The dependence of Nu inæ/ Nu cpe and Nugn./Nucp=(where Nucp»was calculated 
from equation (8) using the equivalent diameter**) on d,d, is shown in Figure 5. 
Equation (8) describes with satisfactory accuracy both our experimental 
data, and the data of /10/ on the heat transfer in q circular pipe. 

Our experimental data and the results of /10/ are in very good agree- 
ment, while the results of /3/ are 10-12% lower. 

For all investigated pipes, our results and the results of /10/ are 
described with an accuracy of +5% by the equations 


Nume _ 9.86 x (dyd;)- 6t, (9) 
Ucpe 
T 
Num L 1 0.14 x (4,405, (10) 
Nucpe 


— £\0.6 
where {= 147.5 к at d/d; <0.2, and © = lat d,/d, > 0.2 (€ is a correction 
e 


* |n/10/, because of the short length of the working section, the limiting values of the Nusselt number 
were found by extrapolation of the experimental data over the length, while the limiting adiabatic wall 
temperatures are not reported at all. 


** Each point on Figure 5 corresponds to a series of experiments at various Re and at 4,/4; = const. 


62 


factor accounting for the fact that according to our data, the exponent of 
the Re number was smaller than 0.8 at dyd, < 0.143). 


Nu ine 
Nucpt 
Nu?no 
NU cpæ 





FIGURE 5, Generalization of the experimental 
data on heat transfer in pipes with an annular 
cross section, 


1 — the results of our experiments; 2,3 — experi- 
mental data of /10/ and /3/, respectively (the 
dark points represent Nujynz.9,,; the light points 
represent Nuon os LN ); 4,5,6, 1 — equations (9), 
(10), (11), (12), respectively. Results of 
theoretical calculations (10): 8 — Nuzņ m; 9,10— 
Ми в at Re > 3-104 and Re = 104; 11 — AE 
12— 4, 

2e 


Equation (9) may be used in the range 0.07 < d/d; «1, while (10) may be 
used in the range 0 < dı/d < 1. Both equations are valid in the range 
104 < Re € 3-10? at Pr equal to ~ 0.7. 

In the case of a tube with d,/d = 1 (flat tube with heating from one side) 
equations (9) and (10) yield Nune = Миц, = 0.86Nucp,. Thus, equations (9) 
and (10) satisfy the conditions of finite transitions. 

The results of a theoretical calculation of heat transfer in annular pipes 
(based on the data of /10/) are also shown in Figure 5. They are in good 
agreement with the experimental data, except for the values of Nu,,, at 
Re < 3-104, which are higher than the experimental values (at Re = 10^ the 
discrepancy is as high as 20%). The dependence of t. Re and dea Re ® 
оп d,/d, (derived from our experimental data*) is also shown in Figure 5. 
The experimental results are satisfactorily described by the equations 


Bie = 3210.16 (d,/d;)*— 1] Re-5 , (11) 
You = Oro di/d;.** (12) 


* No other experimental data are available. 
** Equation (12) is derived from the integral equations obtained in /9/. 
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These equations are valid for the same ranges as equations (9) and (10). 
In the case of dd, = 1 (i.e., for a flat tube with heating from one side) 
$14,—0,. = -26.9 Re’ 

The results of a theoretical calculation of the adiabatic wall temperatures, 
based on the data of /10/ (Figure 5), show that discrepancy between theory 
and experiment does not exceed 10%. 

Equations (9) to (12) make it possible to calculate the heat transfer and 
adiabatic wall temperatures in the case of one-directional heating (external 
or internal). In the case of heat transfer through both walls (at any ratio 
of heat flux density), the heat transfer coefficients on the inner and external 
walls are calculated using equation (1). 


Bibliography 


1. Averin, E.K., A. Ya. Inayatov, N.S. Kondrat'ev, V.A. 
Kusikov, M.A. Mikheev, andO.S. Fedynskii.— In 
sbornik: "Teploperedacha i teplovoe modelirovanie," Izd. AN 
SSSR. 1959. 

2. Mikheev, M.A.— In sbornik: "Teploperedacha i teplovoe 
modelirovanie," Izd. AN SSSR. 1959. 

3. Doroshchuk, У.Е. and F. P. Frid.— In sbornik: "Teploobmen pri 
vysokikh teplovykh nagruzkakh i drugikh spetsial'nykh usloviyakh," 
Gosenergoizdat. 1959. 

4. Davis, E.S. Trans. of ASME, Vol.65. 1943. 


5. Monrad, С.С. and Ј.Е. Pelton. Trans. Amer. Inst. Chem. Engrs., 
Vol. 38. 1942. 

6. Walger, O. Chem. Ing.-Techn., Vol.25, Nos. 8, 9. 1953. 

7. Stephan, K. Chem. Ing.-Techn., Vol.34, No.3. 1962. 

8. Quirrenbach, F.J. Allgemeine Wärmetechnik, Vol. 9, No. 13. 1960. 

9. Petukhov, B.S. and L.I. Roizen.—IFZh, No.3. 1963. 

10. Kays, W.M. andE.Y. Leung. Int. J. Heat Mass Transfer, Vol. 6, 
No.7. 1963. 

11. Petukhov, B.S. and V.N. Popov.—Teplofizika Vysokikh Temperatur. 
No.1. 1963. 


12. Knudsen, J.G. and D.L. Katz. Fluid Dynamics and Heat Transfer. 
New York. 1958. 

13. Rothfus, R.R., C.C. Monrad, and V.E. Senecal.—Ind. Engrng. 
Chem., Vol. 48, No.12. 1950. 


The Moscow Power Institute 

The All-Union Institute of 

Electrical Engineering im. 
V.I. Lenin 


64 


P.I. Puchkov and O.S. Vinogradov 


HEAT TRANSFER AND HYDRAULIC RESISTANCE 
IN ANNULAR CHANNELS WITH SMOOTH AND 
ROUGH HEAT TRANSFER SURFACES 


The use of annular channels with inner heat transfer surfaces in heat 
exchangers and other thermal equipment makes it necessary to define the 
recommendations for heat transfer calculations more accurately. 
Dimensionless equations of the type 


Nu = C Re?Pr^, (1) 


which are commonly used for circular pipes, cannot be used for the 
unambiguous determination of heattransfer inany smooth annular apertures. 
One of the conditions for the application of dimensionless equations is the 
geometrical similarity of the constructions for which the equation is valid. 
Thus, while smooth circular tubes (of sufficient length) are geometrically 
similar at any diameter. annular apertures with various external-to- 
internal diameter ratios are generally not similar. Hence, the equation 
must comprise an additional factor to take into account the relative 
dimensions of the annular aperture [(d;/di). 

Thus, the equation of heat transfer in an annular aperture has the 
general form 


Nu = f (Re, Pr, d2/d)) (2) 
or 
Nu = CRe?Pr" f (d,/d,). (3) 


The results of many investigations on heat transfer in annular apertures 
differ noticeably both in their absolute values (i.e., the values of the 
coefficient C) and the nature of the function #(4›/4.). 

In spite of the difference between the experimental data (which may be 
attributed to differences in experimental conditions), two contradictory general 
principles exist: the first confirms the fact that the heat transfer inannular 
channels with internal heating is independent of the aperture dimensions, while 
the second indicates that the heat transfer decreases with decreasing relative 
aperture dimensions. 

In order to obtain additional experimental data, we carried out special 
experiments on the heat transfer and resistance in smooth annular channels 
at 4/4, = 1.185 — 8.24. 

The geometrical parameters of the channels are given in Table 1. 
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TABLE 1. Geometrical parameters of the working sections 
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0.115 o [0.061 4 5 

0.107 .0 |0.053 9 5 

0.098 .0 [0.044 Au 5 

0.092 .0 |0.038 .4 5 

0.076 .0 [0.0 5 5 

0.064 0 |0. 0 5 

0.040 5 6 0 

0.064 .5 a 0 

0.107 5 5.0 0 


Despite their simple construction апа the possibility they present of 
obtaining true countercurrent flows, annular channels have a marked draw- 
back, namely, the heat transfer coefficient obtained with them is noticeably 
lower than in the case of crosswise flow. Hence, use of annular channels 
requires an increase in the heat transfer rate. 

One way to obtain such an increase in the heat transfer rate is to use 
roughened surfaces, - 

The effect of surface roughness on the heat transfer and hydraulic 
resistance has been the subject of many investigations. Seleznev /2/, 
Teverovskii /3/, Nunner /4/, Grass /5/, and Dipprey and Sabersky / 6/ have 
published the results of their studies on surface roughness of various types 
and degrees: hemispherical protrusions, pointed or truncated pyramids 
/2/, pointed triangular teeth /3/, rings of various shapes, dimensions, and 
intervals /4/, diaphragms of various diameters, intervals and edge shapes 
/5/. The authors of /6/ made an attempt to produce the so-called "sandy" 
roughness of Nikuradze, by electroplating nickel on a cylinder with sand 
of various particle size glued to its surface. 

Several investigators /7-12/ measured heat transfer and hydraulic 
resistance in annular apertures with roughened internal surfaces. 

Walker /7/ studied roughness of various types (rectangular, triangular) 
and dimensions. However, since he neither gives tabulated data nor plots 
experimental points in his diagrams, it is not possible to analyze the 
experimental results. 

Bauer /8/ studied the effect of roughness (rectangular transverse fins 
and triangular grooves) spaced at various intervals along the pipe axis. 

Kattchec and Mackevicz /11/ used a naphthalene model (based on the 
analogy between heat and mass transfer) to determine the local heat transfer 
over the perimeter of a single roughness element in the form of a trans- 
verse rectangular fin. Their results agree qualitatively with our concepts 
of the nature of heat transfer in the case of nonstreamlined bodies. 

Sheriff, Gumley, and France /12/ also studied the effect of rectangular- 
fin roughness (of variousfin dimensions and intervals). Their results were 
plotted as a function of the heat transfer and the ratio of the height of the 
roughness to the thickness of the laminary sublayer (the latter having been 
calculated for a circular pipe). 
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TABLE 2. Geometrical dimensions of roughened surfaces 
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= 0.50 5 53.00 106 
* 1.00 5 52.20 106 
1 2.50 5 50.30 106 
T 2.50 5 50,30 81 
d 2.50 5 50.30 16 
& 2.50 5 50,30 64 
i 1.00 10 52.15 106 
"Transverse" roughness 1,00 5 52,60 106 
Forward flow 1.00 5 76 
s A 1.00 5 64 
Reverse flow 1.00 5 52.60 106 
Coiled wire, d=1.2 x 107? m 1.20 50 54.10 106 
y Б i "^ 1.20 10 54,30 106 
" * 5 a 1.20 5 54.50 106 
Coiled wire, d = 3,5 x 107? m 3.50 100 54.15 106 
И ^ Е 50 106 
5 Ы i Ü 10 106 








Knurled surface 
Multiple-thread spiral, 2 = 1-107?m 


However, the above studies are clearly insufficient for a complete 
understanding of the effect of roughness on heat transfer and hydraulic 
resistance. 

In order to obtain additional data and to establish the empirical relation- 
ships, we carried out experiments on heat transfer and hydraulic 
resistance in annular apertures with roughened internal surfaces of various 
types and dimensions (there were 24 such surfaces). The geometrical 
characteristics are shown in Table 2. 


Experimental setup and working section 


The heat transfer studies in smooth annular apertures were carried out 
in a setup having a closed circulation loop, at an air pressure P =(1-3)- 
- 1.02- 107^ n/ m?, 

The air temperature was measured on the diaphragms at the inlet and 
outlet of the working section with chromel-alumel thermocouples (0.0003 m 
in diameter). The air-flow rate through the diaphragm was determined 
from the pressure difference measured using a differential manometer 
filled with distilled water or mercury (depending on the magnitude of the 
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gradients). The diaphragm was calibrated in advance with the aid of a 
Prandtl tube. The pressure drop in the working section was determined 
by measuring the static pressures at the inlet and outlet cross sections. 
On each section, four static openings (0.6- 1 mm in diameter) were 
connected to each other and to the differential manometer. 

The centrifugal blower was driven by a d. c. motor, and thus the 
rotational speed could be smoothly varied over a fairly wide range. 

The working section consisted of a steel pipe of diameter dj, into which 
was inserted a smooth or roughened calorimeter made of smooth cylindrical 
Steel or duralumin tubes 0.054 m in diameter, with heating elements 
(nichrome wire coils) inserted in them. The calorimeters were heated by 
current from a d. c. generator*, using copper buses and flexible conducting 
wire. The current strength and the voltage drop on the calorimeter were 
measured with portable laboratory instruments of the M-16 type 
(precision class 0.2). 

The temperature of the calorimeter surface was determined from the 
readings of 7 to 28 thermocouples. T'wo types of thermocouples were used: 
chromel-alumel, with a diameter of 0.0003 m (spot- welded to the steel pipe 
withthe aid ofthe discharge of a specialcapacitor) and copper-constantan, with 
a diameter of 0.00015 m (inserted into the shell of the calorimeter to a 
depth of 0.0005 m). The difference between the thermocouple readings in 
the above two cases did not exceed 1%. The dispersion of results obtained 
for one section did not exceed 1.5%. The connecting wires running to the 
thermocouples passed through grooves cut in the calorimeter shell. The 
grooves with the thermocouples were cemented with dental cement. The 
cold junctions were immersed in thawing ice. Thermometer readings were 
taken by a potentiometric method. The calorimeter ends were insulated 
with textolite sleeves, and the calorimeter was centered (with respect to 
the channel axis) at the upper and lower grids with the aid of adapters. 

The whole working channel was insulated with asbestos cord. 

In the cases of 4/4, = 3.08, 4.92, and 8.24, the inner heat-transfer 
surface consisted of a stainless-steel tube 13/2: 107? m in diameter, which 
was inserted in channels 0.04, 0.064, and 0.107 m in diameter and heated 
by а. с. from the line, using an AOMK-type autotransformer. Copper- 
constantan thermocouples 0.00015 m in diameter were fastened to the 
surface and led out to the ends through grooves. 

A conventional tube (produced commercially) having a slightly roughened 
surface was used in the experiments. After additional treatment, the 
cleanness of the surface was checked by means of an MIS-11 microscope 
(used to determine the absolute magnitude of surface roughness). 

The maximum heights of the surface protrusions determined by the 
above method were much lower than the allowed heights (according to /8/); 
hence, the tube surface could be regarded as being hydraulically smooth. 


Smooth annular apertures 


The experiments** were carried out with a calorimeter surface heated 
to fw = 373 + 10°К. The air temperature was varied within the range 


* The d.c. generator regulated the electric power supplied to the calorimeter smoothly and accurately. 
** The technicians М. M. Burgvits, I.N. Kovaleva, S.N. Shuraeva, S.N. Yakovieva, and V.N. Andronova 
took part in the experimental work and in the processing of the experimental data. 
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ta = 298 — 318°K. The values of the temperature factor, T, ranged from 


a 
1.14 to 1.25. The experimental data were processed in terms of similarity 
numbers: 
a) Nusselt's 





Nu = 2® saun 
\ FAth C 
b) Reynolds' 
wd Gd 
y Une 


where Q—Ul is the heat generated by the heating element, w; F=rd,L 
is the heat transfer surface of the calorimeter, m?; 1, is the arithmetic 


lin tout 
2 


mean temperature of the calorimeter surface, °K; Ё, = is the 


Stream temperature, taken as the arithmetic mean of the temperatures at 
9.81 

the inlet and outlet, °К; б 

e inlet and outle 3600 
the diaphragm, n/sec; ш is the mean velocity in the channel, m/sec; 

1 . sec? kcal 

2- 1.163 —W— . ;p:9.81 SECs с ivi 
M*K } * 3600 ec p:9.8 m “Pl igor are the thermal conductivity 
and kinematic viscosity coefficients, the density, and the heat capacity of 
air, respectively, referred to the mean temperature and pressure in the 
working channel. 





is the mass flow rate of air, measured by 

















FIGURE 1. Heat transfer in smooth annular channels. The experimental data were 
processed according to the equation Nu, = 0.02, Ref? at d=d,—d,. 

1— 44, -1.82:2—1.92; 3— 3.08; 4— 2.13; 5— 1.185; 6— 1.41; "1 — 1.98; 
8— 1.7; 9 — 8.24. 
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Since some of the experiments were carried out on relatively short 
heated sections (2 ^16- 115), we introduced a correction factor є = (Ке, L/d) 
(in accordance with / 14/) in the case of apertures with £s. 

Figure 1 shows marked stratification of the experimental points for the 
various channels; the stratification becomes more pronounced as 2 is 


d \0.2 . 4 p A 1 
reduced. A geometric factor (5) is introduced іп order to obtain an 


а, 
single-valued relationship. The points recalculated by taking into account 
the above parameter in the form Gur = f(Re) lie (with a dispersion of 
19: 


only 6%) оп a straight line obeying the equation 
Nu = 0.023 Ке? Pr (d/d,)9-? (4) 
or 


Nu = 0.020- Re®-8 (d/d,)°? . (5) 


By multiplying both sides in equation (5) by x we obtain 


Е th 0.02 (sr. 


v 
Nu, = 0.02 Re. (6) 


Thus, asingle-valuedrelationship may be obtained by taking the inner 
tube diameter as the geometrical criterion. 

Figure 1 shows the experimental results calculated using the diameter 
of the heat transfer tube as the criterion (in the form '/,Nu, = f (Re) for 
annular apertures with d,/d, = 1.185 — 2.13 апа 2Nu, = f(Rej) for dd; = 
= 3,08 —8.24. The results processed in the above manner are in good 
agreement with equation (6). 

The experimental results on the hydraulic resistance in the case а/а, = 
1.185 — 2.13 are in good agreement with the well-known Blasius-Nikuradze 
equation. 


Roughened apertures 


T he following types of roughness were investigated: 

1) triangular teeth of various heights and various distances between the 
teeth (Figure 2); 

2) spirals made of 1.2 and 3.5 mm wire wound ona smooth tube(Figure 3); 

3) inclined protrusions ("slanting" roughness)* (Figure 4,a,b). Since 
the shape of this roughness was nonsymmetrical with respect to the stream, 
the experiments were carried out with streams flowing in both directions, 


* The so-called "slanting" roughness was used for the first time іп 1949 by V. M. Anuf'ev. 
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thus, for the sake of convenience, the flow in Figure 4,a would be referred 
to as "forward" and in Figure 4,b as "reverse" flow; 


s 


FIGURE 2. Roughness in the form of triangular teeth. 





FIGURE 3. Roughness in the form of a spiral. 
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FIGURE 4. "Slanting" roughness. 


4) rectangular pyramids, produced by knurling; 

5) multiple-start thread of rectangular profile. 

The triangular and "slanting" roughness, as well as the knurls and the 
multiple-start thread, were lathe-turned on thin-walled tubes. In this 
way, the roughness threads and the tube formed one unit. 

The second type of roughness was produced using 1.2mm nichrome wire 
and insulated electrical wire with an external insulation diameter of 3.5mm. 
In both cases, the wire was tightly wound on the smooth calorimeter and 
fastened at the ends. 

The equivalent diameter (the difference between the internal diameter 
of the external channel and the mean-volume diameter of the internal tube) 
was taken as the criterion. The heat transfer was referred to the surface 
of a smooth cylinder of diameter equal to the mean-volume diameter of the 
calorimeter. The same approach was used in determining the cross section 
and velocity of flow. 

The heat transfer in roughened annular apertures depends, apparently, 
on the following parameters (at Pr = 0.71 = const): 

i) Re — the Reynolds number. The experiments showed that in the 
given range of Reynolds numbers, all heat-transfer curves for the 
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roughened annular apertures could be regarded as equidistant curves for 
smooth apertures, their slope, corresponding to an exponent of the 
Reynolds number, equal to 0.8. 
d 
2) are the relative dimension of the annular aperture. According to 
т 
our experimental data, the heat transfer in smooth annular apertures (in 
the case of internal heating) obeys the equation (for air) 


Nu = 0.02. Ке°-# (d/d,? , 


where d,=d, is the diameter of the inner smooth tube, equal to the mean- 
volume diameter of the roughened tube. We shall assume that the value 
0.2 is true also for roughened apertures, 


3) T — the relative height of the roughness. 


4) = the relative distance between the roughness elements. 





FIGURE 5. Heat transfer and hydraulic resistance in an aperture with 
viangular roughness at A/s = 0.5. 


1— k/d = 0.0187; 2— 0.045; 3—0.0815; 4 — 0.0973; 5 — 0.183, 
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Hence, the equation for air is 
Nu = f (Re; d/d,,; Һа; s/d) 
or, in an exponential form 
Nu = С Re®8 (d/d,,)°-%(h/d)? (5/4), (7) 
where p and q have generally variable values. 
Figures 5 and 6 show the experimental results corrected for the 


diameter ratio (0/4) for heat transfer in tubes with triangular and 
"slanting" roughness, when h/s = const. 





Г] ишан "ЕЕЕ [| 
xv ИН 
Юю“ 2 3546 m5 2 8 46 Re 


FIGURE 6. Heat transfer and hydraulic resistance in an aperture with “slanting” 


roughness at h/s = 0.2. 
1—h/d = 0.0187; 2— 0.0427; 3— 0.0877, 
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The results obtained in comparing roughened and smooth apertures аге 
shown in Figure 7 as functions: 


Nu/Nu, = f (h/d) апа E/& = f (h/d), 


where Nu and t refer to roughened tubes and Nu, and g to smooth tubes. 
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FIGURE 7. Effect of the relative roughness dimension on the 
heat transfer and hydraulic resistance at R = 10°. The curves 
denoted by — .— . —. —. taken from /8/. 


In the case of triangular roughness at h= a the above function should 
have the form (from equation (7)): 
Nu/Nu, = c (hidy*« 2* , (8) 


Since a straight line may be drawn through the experimental points in 
Figure 7 (in the given range of), it is evident that p and g are constant 


and equation (8) may take the following form 





Nu =35 (+y 
Nu, 


or, taking (5) into account 
Nu = 0.07 Re?-? (d/d, Y? (h/d)®-'6 (9) 
In the case of "slanting" roughness at h = Ts we have the following equation 


Nu = 0,13 Re®® (d/d Y"? (h/d "5, (10) 
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FIGURE 8. Effect of the distance between roughness 
elements at й = const (A/d~0.0186) for triangular 
roughness. 

1— s/d = 0.00373; 2— 0.056; 3— 0.093; 4—0.186. 


The above equations can, apparently, be used only for identical changes in 
h 

the two roughness parameters (+ and i) i.e., at Pai const. Asis 

evident from Figures 8, 9, and 10, a simple exponential relationship 


h 
cannot be obtained with changing a and constant T 





FIGURE 9. Heat transfer and hydraulic resistance in annular apertures with rough- 
ness in the form of coiled wire. 


1— s/d = 0.979; 2— 0.194; 3 — 0.097 (h/d = 0.023); 4— 2.00; 5— 0.97; 6— 
0.193 (A/ de 0.0685). 
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FIGURE 10, Effect of A/s on the heat transfer and hydraulic re- 
sistance at Re = 4: 10*, The curve denoted by — — — — — 
shows the results for rectangular roughness taken from /9/. 
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FIGURE 11. Effect of the shape of roughness on the 
heat transfer and hydraulic resistance. 


1—coiled wire; 2 — triangular; 3 — “slanting, " 
forward flow; 4 — "slanting, " reversed flow. 
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The functions for hydraulic resistance are more complicated (Figure 4) 
and are described by equations: 
for roughness of the triangular type at h/s = 0.5 


1 d 
—= = 3.6 lg —, 1 
Vi г п) 


and for "slanting' roughness at №ѕ = 0.2 


1 
—— = 2.5519 d/h. 12 
Vt g (12) 


The above equations may be used within the ranges of parameter 
variations investigated in this work. 

Thus, the effect of roughness of a given shape may be accounted for by 
introducing empirical functions for the relative roughness dimensions. In 
general, the roughness may be of many various shapes, however, and thus 
the effect of the roughness shape at equal geometric ratios remains to be 
solved. 

A comparison of roughness with h = 0.001 m and s = 0.005 m іп the cases 
of triangular, "slanting" (forward and reversed flows), and coiled wire 
roughness shows that in some cases, the shape has a marked effect on the 
heat transfer and hydraulic resistance (Figure 11). 

A comparison of the results obtained for "slanting'" roughness with 
forward and reversed flows shows the following. If the flow adjacent to 
the roughened wall is considered as a flow adjacent to the complex of 
elements constituting the given rough surface, the rate of heat transfer 
(and the increase in the resistance) depend on the angle of incidence. When 
the flow is normal to the surface, the heat transfer rate is about six times 
the rate for longitudinal flow. 


Conclusions 


1) Empirical equations have been obtained for the heat transfer during 
air flow in smooth annular apertures with an inner heat-transfer surface 
for a wide range of values of the relative dimensions ofthe annular apertures. 

2) An investigation was made into heat transfer and hydraulic resistance 
in annular apertures with roughened inner heat-transfer surfaces, having 
roughness of various shapes and dimensions. 

3) Empirical equations are presented for the calculation of the heat 
transfer and hydraulic resistance for two types of roughened surfaces as 
functions of their relative dimensions. 

4) The effect of the roughness shape on heat transfer and hydraulic 
resistance for identical geometrical dimensions was demonstrated. 

5) It was shown that it is impossible to determine the effect of the 
distance between (or the concentration of) roughness elements on the surface 
unambigiously, sinceat a constant roughness height, the effect of this dis- 
tance has a maximum at h/s~ 0.1—0.2 and depends on the shape of the roughness. 
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L.M. Zysina-Molozhen and І. B. Uskov 


EXPERIMENTAL INVESTIGATION OF THE HEAT 
TRANSFER ON THE END WALL OF A BLADE 
CHANNEL [IN TURBINES] 


It is well known that the effectiveness of gas turbine plants is markedly 
affected by the initial temperature of the working fluid. Thus, when the 
gas temperature is increased above 750°C, the efficiency of gas turbine 
plants becomes the same as that of steam turbines. In view of the metals 
available to the turbine industry, a great increase in the temperature of their 
working fluid necessitates cooling of the various elements of the turbine 
coming into contact with it. 

In general the total heat removed from the gas consists of two compounds: 
of the heat removed from the gas through the blades (due to the thermal 
conductivity of the blade material and the temperature gradient between 
the blade tip and root) and of the heat removed from the gas through the 
interblade land of the rotor body. In modern gas turbines, the cross- 
sectional area of the blade fin at the root is smaller (by a factor of 1.5 to 2) 
than the surface area of the blade channel, while the heat transfer 
coefficients on these surfaces have rather similar values. Thus, a 
considerable fraction of the heat reaches the rotor through the end wall of 
the blade channel. However, only a limited number of papers deal with 
heat transfer on the end wall of the blade channel. The only experimental 
work in this field was carried out at the IEN of the Ukrainian Academy of 
Sciences /1/, and according to it, the heat transfer rate (in the Re range 
between 1,4-105 and 6-105) should be calculated using the empirical 
equation 


t =0.175 
Nu = (0.032 + 0.014 B_) Reo» (2. f 1 
an (00224 a) j 5] 0) 


where В is the deflection angle of the fluid; tis the cascade pitch; bis 
the chord line; Nu and Re are the Nusselt and Reynolds numbers referred 
to the chord line and the velocity at the cascade inlet (in terms of physical 
constants calculated on the basis of the mean (over the channel) gas 
temperature). 

There are a number of theoretical papers in which an attempt was made 
to derive a method for the calculation of the three- dimensional dynamic 
boundary layer created on the end wall of the blade channel during flow 
adjacent toa blade cascade. Markov /2/ proposes a method for the 
calculation of the secondary losses, based on a solution of the spatial 
boundary layer equation. Moreover, the paper of Stepanov and Naumova 
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makes recommendations for the determination of the velocity profile 
constituents and of the flow lines in the three-dimensional boundary layer 
created in the vane channel. 

The most general solution of the dynamic part of the three- dimensional 
boundary layer problem was derived by Bogdanova /3/. However, the 
numerical solution of specific problems using this method requires a 
knowledge of the parameters determining the longitudinal and transverse 
components of the pressure gradients in the external flow. 

The experimental study on the structure and nature of secondary currents 
on the end wall inthe blade channel (for the determination of secondary 
losses) has been the subject of many papers reviewed fairly comprehensively 
іп /4/. The special features of flow in the boundary layer on the end wall 
are determined, on one hand, by the influence of transverse pressure 
gradients ofthe blade channel on the flow, and on the other hand, by the 
interaction of the boundary layers formed on the end wall and the lateral 
Surface of the blade fin in the angular region. 

Loitsyanskii /5/ and Bol'shakov /6/ have studied the interference of 
dynamic boundary layers during fluid flow on the inner angle between two 
flat plates. Zysina /7/ evaluated the effect of boundary layer interference 
on heat transfer. The data of /7/ show that for certain values of the 
temperature factor and the ratio of the cascade pitch to the characteristic 
thickness of the interfering boundary layers, the effect of the interaction 
becomes considerable, and the results for the angular region differ 
markedly from the heat transfer rate calculated for the case of a stream 
(without а gradient) adjacent to a flat plate. 

Theoretical solutions for the evaluation of the effect of transverse 
pressure gradients on the heat transfer rate have not been published. 

Thus, it is evident that experimental studies aimed at providing 
equations for computing the heat transfer rate on the end wall of blade 
channels are necessary. In this paper we present the results of an ex- 
perimental determination of the average heat transfer coefficients for the 
above problem. 

The setup used for the studies is schematically as follows. Air at 
required parameters is supplied from external air blowers through a 
receiver into a plate air heater consisting of two sections, where it is 
heated to the required temperature by heat from the combustion of kerosene 
products in a combustion chamber. Because of the high resistance of the 
air heater, the air flow at its outlet is leveled. Further leveling of the 
flow occurs in the honeycomb smoothener fitted immediately behind the air 
heater in the direction of flow. The concurrent flow system employed in 
the heat exchange circuit of the air heater provides practical stability 
(with time) of the heated air temperature at the inlet of the nozzle. After 
passing the nozzle section, the hot-air stream reaches (at a given 
incidence angle) a blade cascade consisting of nine cylindrical turbine 
blades of the investigated section (the blade height is 0.09 m). Flow along 
the cascade axis (at its inlet and outlet in the described setup) may be 
leveled by any known method. Immediately in front of the cascade, at a 
minimum distance from its elements, the boundary layer was separated 
(by suction) from the surface of the supply channel, passing subsequently 
(in the flow direction) into the end wall between the sections. 
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All necessary thermal and dynamic measurements of the flow 
characteristics were carried out on the three central blades and the 
channels formed by them, The end walls of these three channels served as 
the heat-extracting surfaces of the water-cooled flow calorimeter. A 
schematic view of the working section is shown in Figure 1. The main part 
is the shell of the flow calorimeter (3), with pressure (2) and overflow (9) 
sleeves, The side, end, and bottom walls of the calorimeter were coated 
with an insulating layer which (as shown by control experiments) virtually 
eliminated the heat transfer between the air surrounding the calorimeter 
and the water used to cool it. The upper supporting wall was made of 
brass. For each section and each cascade element there were separate walls 
of appropriate shape. Only the end wall of the middle blade channel, formed 
between two teflon (А = 0.0232 w/m: deg) blades was in direct contact with 
water on the calorimeter side and with air on the reverse side. The two 
other end walls (positionedatthe calorimeter lid) were either insulated 
against contact with the air stream by means of shaped asbestos- cement 
pieces (5) of thickness 6 = 0.01 m, or else they were covered with Schmidt- 
type thermometers whose total thickness was also 0.01 m. The teflon 
blades (4) could be replaced by any other similarly shaped blades. For 
instance, the pressure distribution measurements were made with brass 
blades positioned along the section enclosure, and which were bled at two 
sections over their height (the middle and root). 





G 
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FIGURE 1. Schematic view of the working section. 


The main parameter determined experimentally was the heat transfer 
coefficient, calculated by the equation: 


NEL E 
"TUR Stu). (2) 
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where © is the heat flux through the end wall; F is the surface area of the 
end wall; t is the mean gas temperature in the channel; f, is the end wall 
temperature averaged over the surface. 

The value of the heat transfer coefficient was calculated from experi- 
mental results obtained for three types of turbine sections at various gas 
velocities and temperatures (at the cascade inlet), various flow angles, 
various pitch- chord ratios, and various values of the temperature factor. 

The use of three different blade sections, having markedly different 
velocity profiles, made it possible to prepare recommendations for a 
fairly wide selection of gas turbine cascades; it should be borne in mind 
that we deal here only with the root section responsible for the direct 
shaping of the stream over the end wall of the blade channel. 

The heat flux through the end wall ofthe blade channel was measured 
during the experiments by a calorimetric method; the water flow through 
the calorin.eter was determined by weighing and continuously recorded by 
anelectronic recorder ofthe 0.5 precisionclass. The calorimetric tempera- 
ture gradient with respect to the cooling water was measured using a differential 
chromel-kopel' hyperthermocouple (diameter 0.0005 m) with amplification 
of the e. m. f. by a factor of five; continuous recording was made by an 
electronic potentiometer of the 0.5 class. The heat flux through the 
thermally-insulated calorimeter walls was measured with separately 
calibrated thermometers. The end wall temperature was measured with 
copper-constantan thermocouples (diameter 0.15 mm) positioned on the four 
channel sections; the thermocouple embedding scheme has been described in 
/8/; the thermal e. m. f. was recorded continuously by an electronic 
potentiometer of the 0.5 precision class. Theair temperature іп the channel 
was assumed to be equal to the temperature measured at the inlet of the 
nozzle. 

Adjustment experiments showed that measurement at such points in the 
flow direction (with fairly good external insulation of the input channel) 
introduces practically no error; the thermal e.m.f. was recorded 
continuously by an electronic potentiometer of the 0.5 precision class. 

The static pressure distribution along the section enclosure and on the 
end wall of the blade channel, as well as at one pitch distance from the 
inlet section of the cascade, was measured through the respective drain 
holes (0.0005m in diameter) with U-tube pressure gages filled with water. 

The total head at the inlet of the acceleration contraction was measured 
by a conventional Prandtl tube; in subsequent calculations we neglected 
the total head losses in the nozzle and the supply channel, since the 
adjustment experiments showed that these losses are negligible in 
comparison with the absolute magnitude of the total head. The outlet angle 
was measured with a conventional angle gage. In addition, measurements 
of the temperature and velocity fields in the boundary layer were made 
directly on the end wall oftheblade channel; appropriate microthermo- 
couples and microtubes were used for these measurements. The purpose 
of these experiments was to check the validity of an approximate theoretical 
solution (proposed in /10/) of the problem of heat transfer in the spatial 
boundary layer discussed here. When the above method was used, the 
error in the experimental determination of the heat transfer rate did not 
exceed Au = 10%. 


In the experiments, we studied the heat transfer to the end wall of the 
cascade channel made of the T-Z and 494 profiles and of the upper section 
profile of the moving blade of the first 
stage of a gas turbine (700-5) witha 
chord b = 0.06m, relative pitch F = 0,533 
and f = 0.9 at inflow angles В; = 27°30! 
and 86°. Thecalculated velocity distribu- 
tion along the profile enclosure of some 
of the investigated cascades is shown in 
Figure 2. The velocity profiles show 
that the experiment comprised virtually 
the entire possible range of velocity 
changes in the blade channels of modern 
gas turbines. 

Aerodynamic blowdown of a cascade of 
blades (T-Z profile, with a pitch t = 0.9) 
at the optimum inflow angle В, = 27°30! 
confirmed that the experimental and 
calculated velocity distributions along the 
Q 02 07 Qe 05 06 07 W 09 $ profile enclosure are in satisfactory 
agreement. In subsequent experiments, 
it was thus possible to eliminate the need 
to measure pressure distribution over the 
blade, and to use as a basis the distribu- 
tions calculated by the method of Zhukovskii /11/. 

The experiments extended over flow conditions corresponding to 
Reynolds numbers between 3-104 and 4,5:105. The Reynolds numbers were 
calculated on the basis of the velocity at the cascade inlet and the length of 
the profile enclosure divided by л was taken as the criterion; the value of 
the kinematic viscosity coefficient was selected on the basis of the air 
temperature at the inlet. 

In such a case, the temperature factor p=T7,/T,(where T, is the end wall 
temperature and 7, is the temperature of the air stream) ranged from 0.54 
to 0.90. It should be mentioned that in modern gas turbines operating at 
gas inlet temperatures Г, = 700 = 850°C, designed for temperatures of the 
order of 7,—= 1100 — 1200°C, and characterized by Reynolds numbers 
Re = 5:10* — 2-105, the value of y is 0.7 — 0.8 (if the wall temperature is 
taken as Т„ = 450 — 750°C). 

Thus, the experiments encompassed virtually the entire range of 
variations in the criteria for the heat transfer process in modern and future 
gas turbines. 

The results obtained in the processing of the experimental data are shown 
in Figure 3, as a plot of Nuvs. Re. The figure shows that the experimental 
points for each of the cascades studied differ in the profile geometries, the 
flow angles, and the pitch, and may be described by equations of the Nu= 
= C: Re" type which may be classified into three groups. 

At Re < 6-104, all points are grouped round a family of parallel lines, 
the exponent of Re being n = 0.5; at Re » 105, the points are grouped round 
a line with n = 0.8; at Re between 6-104 and 105, there exists a transition 
region in which Nu increases sharply with increasing Re. For the sake of 
comparison, a dashed line in Figure 3 represents the curves corresponding 
to values of Nu which were calculated using equations valid for the case of 
a gradient-free flow around a flat plate. 





FIGURE 2. Velocity distribution along the 
enclosures of some of the studied profiles. 
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FIGURE 3. Heat transfer rate on the end wall of a blade 
channel. 


1— profile 7-2; 2 — profile Т; 3 — profile 494. 


It is evident that the experimental points for the end walls lie on a curve 
which is qualitatively similar to the curves representing function Nu = Nu(Re) 
for the case of gradient-free flow round a plate; in some cases the 
experimental points fall on the broken lines, while in other cases, the lines 
remain parallel for the given sections but the experimental curves are 
displaced markedly with respect to the broken lines since the values 
corresponding to Nu differ considerably. 

This displacement may be represented quantitatively as the change in the 
coefficient C in function Nu=C Ке". As we mentioned above, the following 
equations are valid: 


Nu = CjamR® at Re <6-104 
Nu-C,,Re&* at Re > 105, (3) 


where Ciam and Cup are variables characteristic of the end wall of each 
of the cascades studied, 

It may be noted that the peculiar parallel displacement of the lines for 
the various cascades is associated with the effect of transverse and 
longitudinal pressure gradients in the external flow over the end wall. 

The magnitude of the transverse pressure gradients depends on the velocity 
distribution along the profile enclosure in the cascade and is a function of 
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the profile geometry, the cascade pitch, and the flow angles. It is evident 
that more marked displacement of the experimental heat transfer rates from 
the values characteristic of gradient-free flow round a plate should be 
expected as the pressure gradient is increased. 


Sky 





FIGURE 4. The function AW=AW (X). 
— profile T; #=0.583, 8,—27?30*; 

— — F=0.900, 8,=27°30'; 

— — "20.900, В,=86°; 

— — (0.583, 81:86", 


Figure 4 presents curves showing the variations in a dimensionless 
parameter selected to characterize the transverse pressure gradient 
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along the curved axis ofthe blade channel for some of the cascades Studied. 
An examination of the curves in Figures 3 and 4 leads to the observation 
that for pressure variations of a more or 
less similar nature, the heat transfer rate on 
the end wall is lower if the cascade pitch is 
smaller; this can probably be attributed to the 
effect of interference from boundary layers on 
the end wall butt with the generating surfaces of 
the profile. This is qualitative proof of the 
validity of the conclusion arrived at in 
theoretical paper /7/, that it is necessary to 
make a correction for interference from boundary 
FIGURE 8. The function layers in the calculation of heat transfer in such 
C, = C, (т), cases where the thickness of the boundary layer 
on intersecting surfaces is of the same order as 
thé cascade pitch. 
In our experiments, we were unable to eliminate the effect of the 
temperature factor on the magnitude of the correction introduced into the 
heat transfer rate calculated by the above-mentioned equations; this is in 
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agreement with the data of /9/, according to which the temperature factor 
should cause a change of about 10% (which is the accuracy of our experi- 
mental study) in the heat transfer rate within the parameter ranges 

М = 0.2 — 0.4 and v > 0.5. 

An examination of the curves in Figure 4 shows clearly that the most 
pronounced change іп AV (a parameter associated with the transverse and 
longitudinal pressure gradients) occurs at the inlet and outlet of the blade 
channel. It is evident that the most pronounced effect of the above 
parameter on the nature of the flow on the end wall is observed at the 
outlet, where the boundary layer is relatively thick. 

Since the difference between the heat transfer rates on the end wall and 
on a flat plate (in gradient-free flow) is expressed only by the coefficient 
C, it would be natural to correlate the experimentally determined changes 
in Cy, and Cup with the changes in AW. 

Curves showing the changes in Clam and Curb with the changes in the 
slope of the curve representing function AW — A(x) in the outlet section of 


the blade channel (m — 200) are shown in Figure 5. 
x 


It is evident that the value of m is within a fair degree of accuracy a 
single- valued function of the coefficients C. 

The accumulation of experimental data on heat transfer on the end wall 
of the blade channel would probably make it possible to correct the obtained 
relationships to a certain extent. However, it is possible even now to 
indicate with a fair degree of reliability the limits of the region in which 
the effect of a transverse pressure gradient causes a noticeable deviation 
in the heat transfer rate (on the end wall of a curved channel) from gradient- 
free flow round a plate. 

On the basis of the above analysis, it seems to us that the importance 
should be stressed of the conclusion that there is no aerodynamic basis to 
the tendency of deriving equations of the type (1), in which the effect of the 
three-dimensional nature of the flow on the end wall is expressed by means 
of the geometrical parameters of the cascade (ti, Bi, etc.). From 
the aspect of the physics of the process, it would be justified to link the 
heat transfer rate on the end wall with the pressure (velocity) distribution 
in the channel. This is an unambiguous measure of the nature of the flow 
around the end wall, and is a result of the overall effect of the channel 
geometry and the stream parameters on the flow. On the other hand, no 
such unambiguous effect could be expected in the derivation of equations of 
the type (1) since it is possible to obtain identical distributions of the 
transverse velocity gradients (and, hence, identical values of Nu) for 
different cascades, e.g., at different Bi and f. For instance, this can be 
deduced from a carefulexamination of the distribution of experimental 
points in Figures 3 and 4. 

The relationships derived in this paper (equation (3) and Figure 5) are 
recommended for the approximate calculation of heat transfer on the end 
walls of blade channels. 

In the calculations, determination of m is not difficult since in the 
calculation of the fluid flow, it is customary to calculate the velocity 
distribution in the blade profile enclosure (in a cascade); such acalculation 
method has been programmed for electronic computers and is extensively 
used in gas-turbine plants. 
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Yu. P. Finat'ev 


CALCULATION OF THE HYDRAULIC 
RESISTANCE OF ANNULAR CHANNELS 


Channels with annular cross sections (of the tube-in-tube type) have 
found extensive application in various branches of technology. The hydraulic 
resistance of such channels is usually calculated by using the equations for 
circular tubes, and the so-called hydraulic diameter (4р) of the annular 
channel is taken as the criterion 


diet. 


where f is the cross-section area and P is the whole perimeter. 

However, the experimental data /3, 5, 9, 11/ processed by the above 
method are not always in agreement with one another and with the 
corresponding functions for circular tubes. The principal reasons for this 
disagreement have not been established. 

The sole theoretical paper dealing with the analytical calculation of the 
hydraulic resistance of annular channels is that of Ginevskii and 
Solodkin /2/. 

Some qualitative evaluations of the range of possible use of the hydraulic 
diameter for the calculation of friction losses in annular apertures were 
presented in a monograph /1/. 


Determination of the position of maximum 
velocity in an annular channel 


Experimental measurements of the axial velocity profiles in annular 
apertures show that the maximum velocity is on a cylindrical surface whose 
radius v, is smaller than 6/2. Thus, the velocity profile is asymmetric 
with respect to the middle of the channel (Figure 1). 

Such a curving of the profile is associated in the first place with the 
difference in the washed areas of the inner and outer cylinders, which leads 
to differences in the frictional stress on those surfaces. In general, it may 
be written that 


Z Re, - 
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In order to establish the above function, let us assume that the laws 
governing the turbulence taking place adjacent to the wall, and hence the 
velocity profiles on the inner and outer cylinder surfaces, are analogous 
and are described by the same equations. The effect of surface curvature 
need not be taken into account because of the small thickness of the 
laminar sublayer as compared with the radii of the cylinder. 





FIGURE 1. Schematic view of the annular channel, 
with conventional notation. 


In order to solve the above problem we shall examine the turbulent flow 
in an annular space, consisting of two streams, one on the inner and the 
other on the outer cylinders, the boundary between them being a cylindrical 
surface for which t = 0 and on which the velocity v, has a maximum. 

Thus, in the annular layer next to the inner cylinder, the friction 
varies from т, on the cylinder wall to т, = 0, while next to the outer 
cylinder, the range is from t; to t = 0. In the case of flow in an annular 
channel, the Navier-Stokes equations may be replaced by the equilibrium 
equations for an annular layer, since the only factor determining the motion 
is the pressure gradient between the ends of the annular channel and the 
flow is regarded as equilibrium flow. 

Let us write the equilibrium condition in cylindrical coordinates in the 
form of the momentum conservation equation 


dp 


B zd 
г 


2 


d (*,r) 
T4 


In such a case we obtain the following expression, valid for equilibrium 
flow near the inner cylinder (we assume that the direction from the inner 
to the outer cylinder is the positive direction) 


Separation of variables is followed by integration. After the integration we 


d, 
assume € = const. and obtain 
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The integration constant is obtained from the condition т, = 0 at r=r,. 
Thus we can write 


dp h-r 
dz г; 





(1) 


же 
2 2 


By an analogous method, we obtain the following expression for the 
frictional stress on the outer cylinder 


1 dp r—Hü 
uec Chop m. 2 
7773 dr fa (2) 
Division of (1) by (2) yields 
Ja mn б Ма) bn) т (3) 
Ta, 2—!m n (7—7) (7 +m) п 


Since r,— № =% апа љ —r, = èb we have 
facri = 27, 9, and ry + re == 27, — 5. 


Substitution of the above values in (3) yields 


sn _ (27, + 8,) 8, а. 
©, (2ьә—%)% л, 


(4) 


By dividing and multiplying the right-hand term in (4) by ё, we obtain 


2r, + 8, 
fr, 3 B on 
— ————.— — —. 5 
Tas 2r — 5 Bon (5) 
3 
We use the following notation 
8, Dno 
8, г га "E 
Let us make the transformations 
2r, + 1 1 
с йн ee (6) 
mn | 1+— 
f 8, 
апа 
b 1-1 1 +2 
le 5, 
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By substituting (6) and (7) in (5) and using the above notation, we obtain 


Tzi 


2B (1 +a) + (1 — В) 


1 
а 2(1+а)у—а(1—[6) ` (8) 





Tz, Е 
By using equation (8), it is fairly simple to find the position of the maximum 
velocity. 

By accepting the above assumption, and using the Blasius equation for 
the tangential stress on the channel wall 


1 0.25 
+ = 0.02259 0° Zmax (=) ‚ 
aman Айн 


y 


which is equivalent to the condition for the validity of an exponential (with 
an exponent of 1/7) function for the velocity profiles in the inner and outer 


cylinders: 
es 
Угтах 81,2 


The profiles calculated using the above equation are compared with the 
experimental profiles obtained by us /4/ and other authors /9, 11/ in 
Figure 2, The profiles are in good agreement, which confirms the 
validity of our assumptions. A similar agreement is observed also for 
large values of Re,, when the value of the exponent is 1/9 or 1/10. Let us 
write now: 

for the inner cylinder 


2 1 0.25 
Ta, = 0.0225p Uzmax (==) * (9) 





zmax 
У 


for the outer cylinder 


Uz max 


š 1 0.25 
t= 0.0225 р Uzmax (== * ( 1 0) 


У 


Division оѓ (9) by (10), taking into account the fact that in both cases the 
values of Vmax are equal, yields 


uL (Y^ ат. (11) 
8 


Tz: 


By equating (8) to (11), we obtain an equation for the calculation of the 
position of the maximum valocity in the channel: 


ave WU +2) (0—8) (12) 
pa 2(1+0)—a(1—8) ` 
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2 02 04 a6 a8 10 8775/75 


FIGURE 2. Comparison of calculated and experi- 
mental velocity profiles at Re,, = 10*— 3'104. 


1 — exponential velocity profile (exponent + ); 


2,3 — calculated (according to /2/) velocity 
profiles for the inner and outer cylinders respec- 
tively; I— experimental data from /4/; П — 
from /11/; IIl — from /10/. 


As is evident from equation (12), rm is independent of Re, and depends 
only on the flow conditions and channel geometry, which is in agreement 
with the conclusions of /2/ and shows the inaccuracy of the conclusion 
according to which the radii corresponding to the maximum velocity in 
turbulent and laminary flows are equal /10/. 

The v4 calculated using eguation (12), the calculated curves for turbulent 
flow (from /2/) and for laminary flow (from /8/), and our own experimental 
data as well as experimental data from /9-11/ are compared in Figure 3. 


Calculation of the hydraulic resistance 
of an annular channel 








Substitution of the values of 3,— ; and 8, = 9 in (9) and (10), 
a+ a 
respectively, yields 
2 1 0.25 
ч, = 0.0225 рит | р | > 
2max 
v(a 4- 1) 
0.0225 p: l PE (13 
1g =U. “| DNE ü | ) 
У (a+ 1) 
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We introduce the notation 


U 5 
Ке, тах = 2max , 
Y 


0.25 
С, = —2— = 0.0225 i | (14) 


P Uzmax Czmax 





9.25 
баса = = 0.0225 (а) | 


P Uzmax a Kezmax 


Using (1) and (2) and some simple transformations /2/, we can derive 
an equation for the overall coefficient of friction 


Cn + C.P 








y= ТЕ (15) 
and after substituting the values of С, and C;,: 
0.25 
0.0225 Í el ) ( | +8) 
Е Ве, ах 00.25 
C, MM, (16) 


1+8 


It is convenient to use the conventional notation for the coefficient of friction 
and the Reynolds number. 

Let us write v, = Aus, Where o, is the mean value of the flow velocity 
in the channel; Ais a coefficient characterizing the degree of filling of the 
profile. 











2 
By using the relation А = 8т, , we obtain С = А: and we can rewrite 
у: g 2 F 
(16) as P Оа 8 
0.214 (e + 1p ( l +8) 
E a0-25 7) 
= ANTS (1 8) Кеш” i " 
where Кел = Yea 28 ‘ 
y 


Since we have established that in the case of an annular aperture the 
velocity profile is exponential, we shall look for a relationship between о,, 
and Umax on the basis of the above condition. 

Let us write an equation for the mean velocity of the stream between r, 
and rm 


9 т 
Uz, = ux о, гаг. (18) 


is substituted by 
yf ran ү" 
Uzmax Ima) 
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and integration is carried out 





бт 
— 2U mix (r— n) 2 
2, == нЕт а (т). 
7 par S anane “Т у" P 
Ea nr б sene]. 
Vn +2 Intl 
A=Vzq/Vrmarx 








09 
086 
жй 
7 077 
0 02 09 06 4625/5 4 5 6 Ug Rez, 
FIGURE 3. Dependence of the position of FIGURE 4. A= —#2— as a func- 
the maximum velocity in an annular : m 
. tion of 1g Re,g for various values 
channel on the 7;j/r, ratio. of B 
1— calculated using equation (12) for 
n= 7; 2— theoretical, from /2/; 3— 
theoretical, for a laminar flow /8/; 1— 
experimental from /10/ for n = 7; П— 
experimental from / 9/ fora = 7; Ш— 
experimental from /11/ for n= 10 IV — 
experimental from /11/ for n = 10, 
The result is 
г 
Urmax 2N (^ = —2—) 
Fm rn 


U, = 


(19) 
(a + 1) (2n + 1) 


For the stream in the outer cylinder, analogous steps yield (on the basis 
of an exponential profile): 





U _ ( mor i 
Usmax 1—1 à 
and after integration between r, andy, , 


Te 


ES 2Uimax x fe ы г) rdr 


ке сусу e 
(r2 — ru)(ra — r4) 


"m 
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or 


г 
Umax 2п (^ + =) 
fa -F fm 


(n t 1) (2n + 1) 


0, = (20) 


Since the total throughput in the annular channel is expressed by the sum 
of the throughputs through the annular layers on the inner and outer 
cylinders, equations (19) and (20) yield 





2n| (n+ —— e + (n = \ш—т | 


Uza = Tm 4n Е т 2, 
Urmax (r2 — ri (п 4- 1) (2n -+ 1) 


After transformation 








2n ("+ fm ) 
Vua _ +1 (21) 
Uzmax (n+ 1) (2л + 1) 
or, by expressing А wr by means of В and a, 
2 1 
nis Tote | 
Ant ( + a)(1+ B) (22) 


Огтах (п + 1) (20 + 1) 


In the case of a circular tube where $ = 0 апа a- o, we obtain 
2n* 
AS c 
(n+ 1n +1) 
п 
n+! 

The calculations made using equation (22) are shown in Figure 4, as 
Vra/Vmax plotted as a function of Кеш, which corresponds to different values 
of n in the above equation (at given values of 8). 

When we substitute in equation (17) the value of A from (22) with an 
exponent of 1/7, we obtain an expression for the resistance of a smooth 
channel at Rez < 105. The error іп the determination of the resistance of 
annular channels by using the Blasius resistance law (using the hydraulic 
diameter) may be evaluated by taking the ratio of the resistance coefficient 
from (22) to the coefficient calculated using the equation derived by Blasius. 
As is evident from Figure 5, the error may be as high as 6%. 

On the basis of the above account, it is possible to understand the 
deviations (in the direction of higher values) in the experimental data for 
hydraulic resistance of annular channels as compared with values calculated 
by the Blasius equation, especially at small clearances. The function 


for a plane channel where B=1 and а = 1, we have 





т.115, = (B), 


which is of great importance in the study of heat transfer processes in 
annular channels, is shown graphically in Figures 5 and 6. 


E 
E 
124 


H6 
108 
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FIGURE 5. The relative hydraulic FIGURE 6. The ratio of the fric- 
resistance coefficient of an annular tional stress on the inner cylinder 
channel as a function of f. wall to the stress on the outer 

cylinder well as a function of B at 


rm e 1 1 
1,2 — calculated using equation (28) Reg, — 104 — 105. 


atn = Tand n= 10, respectively; 
3,4 — calculated values (from /2/) 
at Reza = 10* and Rez} = 107, re- 
spectively; (ха is the hydraulic re- 
sistance coefficient of aa annular 
channel calculated by the correspond- 
ing equations for circular channels 

by using the hydraulic diameter). 


A somewhat different relationship between t;//t? and а would naturally 
exist at higher Re: (above 105), but its nature can be established by solving 
the problem in a general form. 

It is well known that in the case of an exponential velocity distribution 


=B)", (23) 


the value of the exponent decreases with increasing Rea, while in the 
limiting case of very large values of Re:a, the relationship is asymptotic 
and is described by an equation comprising a logarithm as the limit of the 
very small exponent, 

However, it was difficult to establish the function ta/t2=f(a) from the 
exponential velocity distribution law, and it was necessary to use an 
approximation of the logarithmic profile of the exponential relationship. 

Such an approach is perfectly valid (and is used quite often) since the 
logarithms describe the envelope of a family of exponential curves, and 
the accuracy of the approach increases with increasing Reynolds number. 

Equation (23) is written in the form 





1/n 
* = B(n) (“> ) ; 
U, У 


$ 
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FIGURE 7. The resistance law for a smooth annular channel as 
compared with the resistance law for circular cross-section tubes. 


1— calculated by means of equation (28) for В = 0.5; 2,3 — 
calculated by means of the Blasius and Prandtl equations, re- 

spectively; 1 — our experimental data at В = 0.95; П — ex- 
perimental data from /11/ at В = 0.525. 


solution of the above equation with respect to v, yields 


9, 


Qu m n aa (24) 
0.0 

Brint! | 22 
(| 


By taking the case of the maximum velocity vma and bearing in mind that 


0. = V ^: , we obtain the following expressions for the frictional stresses: 
Р 
оп the inner cylinder 





ро 
ыз = Ji 20.1, PR RENE 25 
a Bn! Uzmax 8, pert ч ( 5) 
v 
on the outer cylinder 
2 
es (26) 


Beant | се, "nu 


У 


Division of (25) by (26) yields 


w ( 3, y= 2+! (27) 


n 5, 





At л = 7, which corresponds to a velocity profile with an exponent of 1/7, 
we do in fact obtain equation (11) for the Blasius range. 


The position of the maximum velocity is shown in Figure 3 as a function 
of the exponent. 
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After some simple transformations, the resistance law for an annular 
channel may be written in the following form 


_ 8:297! (a + П) (Lan! + В) (28) 
(ABy (1 + B) Rez" 
Values calculated using the above equation are shown in Figure 7. 'The 
same figure contains the experimental data of /11/ as well as our own 
experimental data obtained with very large В values (r,/r,= 0.95); the 
experimental values agree well with the calculated curve. 

Assuming in equation (28) that B = 0 and а= ©, we obtain the exponential 
resistance law for a smooth circular tube 


8- 22/n+1 


Asc= (ABynini Re^ 7 
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В.Р. Ustimenko, К.А. Zhurgembaev, 
апа О. A. Nusupbekova 


CALCULATION OF THE CONVECTIVE HEAT 
TRANSFER FOR AN INCOMPRESSIBLE LIQUID 
IN CHANNELS WITH COMPLICATED SHAPES 


The study of convective heat transfer during flow in channels is of great 
importance for many technological devices (high-output heat exchangers, 
reactors, etc.). The theoretical analysis of turbulent convective heat 
transfer problems (which is almost always applied in practice) makes 
extensive use of the Reynolds hydrodynamic theory of heat transfer. 

The analysis of laminar flow conditions, based on rigid mathematical 
treatment, is also of considerable importance and makes it possible to 
establish the physical nature of the various phenomena and to derive 
quantitative relationships which are also valid for turbulent flow. 

In this paper, we present calculated results for the [hydraulic] 
resistance and heat transfer during laminar flow of a viscous incompressible 
liquid in straight or curved plane channels at different heat flux ratios on 
the channel walls, as well as approximate calculations of the turbulent 
convective heat transfer in channels with the aid of a hydrodynamic 
integrator. 


Calculation of the velocity profile and 
the resistance in a plane curved channel 


The literature /1/ reports a general solution of the dynamic problem for 
the movement of an incompressible liquid in a channel whose cross section 
is bounded by two circular arcs (with radii г, and г,) having а common center. 

The stream is assumed to be flat, and the particle displacement occurs 
strictly along the concentric arcs, at a velocity о, described by equation 


wm r(mr- ytti, (1) 


where y is the viscosity coefficient; С, апа С, are the integration constants; 
and C is a constant. 

This solution will now be examined in more detail. Determination of 
the integration constants C, and C, from the boundary conditions 


ve =O atr=r, and rer 
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and substitution of their values in equation (1) yields 


1 ар | 5 1 | 

f = 
= — —r,)rlInr -—,—+- (r—_ ||, 2 
"7 3» de^ бй | r ) (2) 


where r= L : 
1 
By introducing the curvature parameter m= f tunere h is the channel 
fi 
half-width) we may rewrite (2) as: 





о eme Hind +m+H— 5 E DeL (im t y) (3) 


Here y- «Эс and yis the distance measured from the channel center, 
r 


R= =2m+1. 
r 


1 


Let us find the mean velocity v by using the equation 


„ 


v2 

- 1 

U, = v, dr. 4 
n 





Substituting (in the above equation) the value of v from (2) and integrating, 
we obtain 


= dP 1 n > AR? mR 
" de 8p А В? — 1 (5) 
ог 
= 2 In? 
z =— oN h famem p ан АШ (tim 
dp l6p m? т(т 4- 1) 


v 
The dimensionless velocity = distribution over the channel cross 
? 
section is shown in Figure 1, for different values of the curvature parameter 


It is evident that as m is increased, the maximum in the velocity profile 
shifts in the direction of the inner channel wall. The resistance coefficient 
tis determined from the equation 


dad o ри (6) 


r.dq 2(n—r) 2 


where г, = 


nth 
2 


100 


0 





о 
FIGURE 1. Dimensionless velocity чу profile and resistance 


coefficient Ё in a plane curved channel. 
a— 1— straight channel; 2— R=2; 3— R=3; b— 1— 


straight channel; 2— R—4; 3—R=10; 4— the function 
E=/(R) for Re = 3: 10“. 


By substituting the value of the mean velocity from (5) in the above 
equation, we obtain 


4 
Re | (R — 1) — 4R In? R 


or, in terms of the curvature parameter m 


E 
3 


[1 + 2m)? — 11 — 4(1 + 2m)? In* (1 + 2m) 





7 Re 





FIGURE 2. Distribution of the dimensionless excess tempera- 
tere in a straight (a) and a curved (b) plane channel. 


а —1-44—0.5; 2— gael: 3— @и=2; b-—1-R=1; 2— 
R=3; 3— R-21 (qn-l). 
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It is evident that when (7) is transformed to the boundary condition at R =| 
we obtain a value t, which coincides with the conventional value of the 
resistance coefficient for a plane straight channel 
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t= — 


Re ` 


Values of the resistance coefficient are plotted in Figure 2 as functions 
of the Reynolds number and the curvature parameter. In curved channels, 
the resistance coefficient increases as the curvature parameter is 
increased. 


Heat transfer in a plane straight channel 


Let us assume an incompressible liquid flowing with a mean velocity v 
in a flat straight channel whose half-width is ^. The flow is laminar, and 
the velocity field satisfies the equation 


v= 2211-60]: (8) 


The same velocity distribution should be maintained also when heat transfer 
takes place. It is assumed that the viscosity is independent of the 
temperature, Let us assume that starting from a certain cross section, 
the heat flux densities 9, and д on each channel wall are constant. 

We shall analyze a general case in which the heat fluxes on the walls q, 
and 9g, are not equal. * 

For such a flux, the heat transfer equation is 


v 2T na E., (9) 
oe ap 


A. solution for (9) at boundary conditions 


y=+h, =Q, 
| (10) 
y=—h, q=% 
should be in the form 


T(x, у) = Ax + G(y). (11) 


Substitution in equation (9) of equations (8) and (11) yields a differential 
equation 


saji- (Ly ]= 28, 
2 h dy? 


* A particular solution for the case of q, = qs = const. was derived in /2/; а case in which one wall is 
adiabatic while a heat flux q — const. passes through the other was also analyzed in /2/. 
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whose solution is 


24 uy p 3 PAL2 4, 
G(y) xU h) ru" 2 T 
1 1 
Sythe hh |. 
+1 | (12) 


where À is the thermal conductivity coefficient, and a is the thermal 
diffusivity coefficient. The stream temperature on the channel wall at 


=—his 
T, =T,(x, —h) = Ax + G( —h) = 
=T, +6(—h) =T, — 21-4. +2-— Ah 
a 
hence 

= Ф vA 
T,—Ti— —2h + 2H — . (13) 

À a 


The constant A in the above equations is found from the energy balance 
equation 


eg Gust gis (14) 
pC,u-2h 
By substituting the expression for A in (13) and using the notation qs = P 
1 
we obtain 
h 
T,—T,— Lyon - D. (15) 


The average (with respect to the streaming flow) excess temperature over 
the cross section is determined by equation 


h 
_ f eC, иб (и)ау 
G(y)  —— — — — , (16) 


Jp C, ойу 


and, after substituting the values from (8) and (12) in equation (16), 





би) e T,— х [ien] (17) 


is obtained. 
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L-LI 

DIRE 
SV WI ls 
FIGURE 3. Dimensionless 


excess temperature profiles 
for different values of the 
heat flux ratios gg, at R — 3. 
1—921=0.1; 2—92,—0.05; 

+ 3—921=0; 4—q95,,0: 5—й»1==2, 
6—qa,—1; 1—42,—0.7 


Let us now derive an expression for the Nusselt number on the basis of 
the heat transfer coefficient a,, with respect to the wall channel at y =й: 


d qd 
Nu, = S Leu ~ 44equ . 
rie RIG (h)— 6] (18) 





By substituting in (18) the value of G from (17), we obtain 


140 
Nu, = ————, 19 
"26 = 991 29 


The Nusselt number Nu, with respect to the other channel wall at y=—h 
is determined in a similar way: 


а d 
Nu, = aequ _ dz беди E 20 
Е A A[G( —h) — (29) 


or, after substitution of equations (15) and (17), 


14095, 
Nu, = ———— , 21 
9 — 2695 (21) 


T'he expression for the overall Nusselt number, calculated on the basis of 
the total heat flux д, and the total heated surface, is thus 


d d, 
Nu, = Æ eu .. GoFequ — 
И MTS (22) 
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FIGURE 4. Effect of the heat flux ratio qa on the 
Nusselt numbers (Nu, and Nug) for straight (curves i, 
2) and plane curved (curves 2,4) channels at R=3. 

1 апа 2— Nu,, Nu, (straight channel); З and 4 — Nu, 
Nu» (curved channel). 


In the above equation 


Fi t+ Е, 


n= FF, 


, 


where Р, and F, are the heated surfaces. 
By substituting the value from equation (13) in (22), we obtain 


Nus =. 


The distribution of the dimensionless excess temperature over the cross 
section of a plane straight channel is shown in Figure 2a, for different 
values of the heat flux ratio q. It is evident that as the heat flux ratio qz 
is increased the extremum in the temperature profile shifts in the direction 
of the wall where smaller heat flux takes place. Theeffect of the heat flux ratio 
qa оп the Nusselt numbers Nu, and Nu, is shown in Figure 4. 


Heat transfer during circular laminar flow 


Let us examine the equation for heat transfer during laminar flow of a 
viscous incompressible liquid in a plane curved channel 


Qe t ы ШОР. n 
дг r дф дх 
oT | oT 1 ФТ oT 
=af ——4+— р), 
«( or? F r o r дф? дж? ) 
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The following equations should be satisfied for plane flow: 


aT oT 
‚= 0, =0, ——— = 0, = 0. 
Ё VE og? Ox? 
In such a case the equation would be 
pee ar (23) 
ð n Or or 
where 7= —— subject to the boundary conditions; 
n 
9 =q, = const, 
(24) 


9 = 9, = const. 


The solution of equation (23) with the boundary conditions (24) should have 
(25) 


the form 
T= Аф + G(r). 


Substituting (25) in (23) and integrating (bearing in mind the boundary 


conditions (24)), we obtain 


G(r) = — re 
AM отат 1)— пх 
41115 
afi- к 
xp е + DL 


Inr + (Roe +4) Inr (P 4-1) + 





(26) 


Г 


The constant А is determined from the energy balance equation 


= Rath | 
ru, (R — 1)pC, 





We shall now derive an expression for the function G(r) on the channel wall 


atr=n: 
Gp) m T,— Ti — q nR [Ra toda [nnm + N+ 1— e — EAE x 
2 112 -1 
R ] : (27) 


X IR! — 21n R(InR + 1)— n [(1-= + 


Let us write an expression for the Nusselt number for a curved channel. 
For this purpose, the flow region is divided into two parts from the line 


passing through the temperature extremum (adiabatic wall) to the channel 
All values related to the region between that line and the inner wall 


walls. 
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are marked by the subscript 1, while the other region is marked by the 
subscript 2. 
The expression for the Nusselt number Nu, is then 


d qi 2(R—1)r 
Nu, = %Gequ _ 1 LLE Жей 
M SR x [6(0) —6] (28) 


By substituting an expression for the average (with respect to flow rate) 
temperature in (28), we obtain 


FPC, V, Атау 
antie RR, (1. D 
pe? 


x { (R* In R— R° + 2R? In? R— Rè In R + 


Ran + 1 


285 —2R* IP R — 1) -- ———“"———— 
+ " ) + ARS (RLIY 


x 
9 3 Ў 
х [5-98-28 + 2R* In* + 9R* In R + 
+ Š Re — 2R In? R — AR In? R + BRI R — 
6 3 9 8 
— 2R? In Roc RUE КЫ Rk 
3 3 
+ э ^а] (29) 


and ultimately 


Nu, = {2(R — 1)(R? — 1): — AR! In RI} X 

X |(R*In R — R! -2R! In? R — R'InR +2 Rt —2R In R — 1) + 
EE TM EMT 

Тол су 2 R'InR 4 R* + 2R6 MRH 


+ IR In + LR — 2R Int R — 2I IR + 


+ вде? R — 2R? mR- 2 RnR + 


8 3 з Тг! 
— Rint ре | 
+ тА +R > || (30) 
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By analogy, we obtain the following expression for Nu;: 


Ninis аз dequ 22. 4; 2(R — 1) п ES 
2 A УС (г) — G] 





= {24и (R — 1) (R? — 1)? — 4R? In? R] } X 


x [2R' In? R — А 4. R? In R + 2R? -+ 2R in? R — 1 —InR + 


ерле ЕТ RS In В — —— ре 4. ARS In? R+ 
AR mR (RI) 2 4 


+ 6R'In К+ — R^ AR? In? RARE In? — 
do 16 1,3 

— —R?! — — Rin R— — + — 8 | 
E R?|In R 3 Ri R 8 8 R nR+ 


+ 2R? + А — AR? + 2R— BR In? R— 8R* mJ (31) 


As in the case of a straight plane channel, let us derive an expression 
for the overall Nusselt number on the basis of the total heat flux: 


- 


ao деди Qo dequ 





Nu, = mus e. 
E S OH rn (32) 
where 
q= ФР, + gF: _ qı 1+ Ran 
Е, +F, ILROC 


Substitution of the value of T,— Т, (from (27)) in (32) ultimately gives 


Nu, = (2(R— 1 + Ара) { (R + D|- n 


Raa + 1 
A нды 7 ES СЕРНЕ —1] 2 ]— Ra 
dom cem Uus ад: 
+ 2R° In? R + 28 In? R + Rin А}. (33) 
тот 


The dimensionless temperature 9 = distribution over the cross 


2 1 
section for qa = 1 is shown in Figure 2,b for various values of the curvature 


parameter m. It is evident that as m increases, the dimensionless 
temperature extremum shifts to the side of the inner wall. The effect of 
the heat flux density ratio qa on the dimensionless temperature (9) profile 
is shown in Figure 3. 

The distribution of the Nusselt numbers Nu, and Nu, for the flow 
analyzed here is shown in Figure 4. 
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Solution of the turbulent convective heat 
transfer problem with the aid of the 
hydrodynamic integrator 


The heat transfer equation for equilibrium turbulent flow oi a liquid 
within a channel is: 


09 ð (-,- 96 
= = =—ш—— Piu) . (34) 


The values k = 0 and 1 correspond to plane and circular channels, 
ха Way - y : 
—— and y -— denote generalized 
WR? Wp к А 
is the effective thermal diffusivity coefficient; 





respectively. In(35) x= 
Qturb 
a 





coordinates; а. =! + 


is the dimensionless turbulent velocity profile; and 8 = T 
vl 


v= 





is the dimensionless excess temperature. 
The terms WV (y) and аең in (34) are usually regarded as known from the 
solution of the corresponding dynamic problem (or from experiment) and 
from the use of the assumptions of the hydrodynamic theory of heat 
transfer /2/. 
In the case of a constant wall temperature, the boundary conditions for 
equation (34) are 


atx=0 O«y«l, $(0, y) = 1; (35) 


atx»0 у=1, #(х, 1)=0. 


In the case of a constant heat flux (9 = const.) on the channel walls 


t 
ge) and the boundary conditions are replaced by: 
o 


at x»0 and y=] 8$—1-4mx, (36) 


where m, is constant. 
The Nusselt number is determined from the equation 


(5) = 
Mie б ыс Bn 
um 
or, in the case of q, = const. 
a (2), 1 3 
Миз Ee | me 


The fundamental equation for the apparatus is (іп a generalized form) / 4/ 


oH L д M OH 
язар (sw) P 
dz dz 
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where 


t=O potten, 
Зам 0$ 00€ 


i=! i=l 


1. and М are normalizing factors. 

By comparing (34) and (39), it is simple to find the modeling conditions 
under which they become similar equations and the process in the apparatus 
is a true model of the actual process: 





ape (40) 
z=y ' 
Н (т, 2) = (x, y) 
П e c ЕНЕ 
1 o V 
d. 
M _ 1 
de ^ "aep 
dz 


- 


The boundary conditions for equation (40) are also selected on the 
apparatus in such a way that they correspond to the boundary 
conditions of the thermal problem (35) and (36). Using the modeling 
condition (40), it is possible to determine the capacities of the integrator 
vessels, the resistance, the relationship between the working time of the 
apparatus т and the x coordinate, etec., which information is necessary 
for adjustment of the apparatus to the solution of the actual problem, and 
the recalculation of the experimental data to correspond to the actual 
thermal process. For instance, the capacity ў, of the integrator vessels 
and the resistance p; of its capillaries are determined from the equations 


t 
L@=L (0 yay 
1—1 
i (41) 








DIO! mÍ zi 
2)= м 
ч y'aem 
where md, 
ү кек n MESI ==, 
proa f dy 
Yu egt 


ò 
As in the earlier case, the Nusselt number is determined by means of 


equations that are analogous to (38) and (39): 
oH 


Nu = 43) ‚ (42) 
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(=) 

sepe. 

мы 2002 Jee (43) 
Н,у= Н, 


However, the calculation of the Nusselt number by the above method 
requires graphical differentiation of the profile H obtained on the wall of 


the apparatus. 





0 02 04 06 08 910 Q6 020-02 -06 y 


FIGURE 5. Relative temperature distribution in cir- 
cular (a) and plane (b) channels. 

a—Re -3: 10^, 100 7 const; 1—Pr* 20.01; 2—Pr*=1; 3— 
Pr* — 10; (thecontinuous lines are based on data fromthe 
values /2/, while the points are based on data from the 
integrator); b — 1— Ве = 9370; 2— Re = 17,100 
(the continuous lines are experimental /5-7/, while the 
points are based on data from the integrator). 


The graphical differentiation over the transverse coordinate is not 
sufficiently accurate due to the very rapid change of H on the channel wall 


during turbulent flow. 
Hence, the Nusselt number was calculated using the following 


equation /4/: 
29M У, 
Nu =—____-, (44) 


hay— hy 


where v is the flow rate (per second) of the liquid through the integrator. 

A comparison of the integrator data for the heat transfer in circular and 
plane channels with the available experimental /5-7/ and calculated /2/ 
data is shown in Figure 5. 

Figure 5,a shows the relative temperature 9 profiles in the cross section 
of a circular channel, for the case of a constant wall temperature at 
Re = 3: 10* and generalized Prandtl numbers (Pr*) of 0.01, 1, and 10: 


Pr 
Pr turb 





Pr? = 
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Figure 5,b shows the relative temperature д profiles in the cross section 
of a plane channel, for two values of the Reynolds number (Re = 17,100 and 
9370) and for a Prandtl number Рг = 0.72. 

The solutions were found for the following boundary conditions: 


x=0, —1<у<1, 80, у) = 1, 
x>0, y=), 8(0, 1) = д, 
x>0, у= —1, 900, —1) = Pa- 


The figures show that the calculated and experimental results (continuous 
lines) agree well with the points obtained on the hydrodynamic integrator. 

The calculated heat transfer coefficient was compared with the Mikheev 
equation and showed satisfactory agreement. This confirms that the 
hydrodynamic integrator has a future for the calculation of turbulent 
convective heat transfer under the inner problem conditions. 
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I.S. Kochenov, L.I. Baranova, and 
V.V. Vasil'ev 


FLOW IN CHANNELS WITH PERMEABLE WALLS 


The pressure change in a channel with permeable walls is described by 
the motion equation, which can be written in the following averaged form 
(for а constant cross- section channel in which the velocity on the wall is 
perpendicular to the axis): 





= (Tos Ae ри? dx. (1) 


w 8G 2 d’ 


where 





85, ] uM 
= T, =— | | — | dF. 
Е 


As is evident from the above equation, the pressure gradient depends 
not only on the influence of friction on the flow (which is described by the 
second term in the right-hand side of the equation) but also on a dynamic 
effect associated with pulse transfer between the main and outflow streams 
(which is described by the first term in the right-hand side and which 
becomes predominant in the case of large outflows). 

The first term in the right-hand side of equation (1) contains a variable 
(over the length) averaging the velocity coefficient В. It can be calculated 
if the velocity profile is known. It has been shown /1/ that for quasi- 
stabilized sections, the coefficient B may be presented as a function of any 
two local numbers from the three related dimensionless numbers: 


D D 
Re = £ „Бе, = “%, and К.= 2%, 
v у. w 








Such functions may be studied experimentally even without plotting the 
velocity profile, but in that case it becomes necessary to measure (in 
addition to the pressure gradient and the flow rate) the tangential stress 
on the porous wall, which involves experimental difficulties. Moreover, 
in engineering practice, it is rather inconvenient to make use of two 
variable coefficients, each of them a function of two local dimensionless 
numbers. For these reasons, we propose a new method for the calculation 
of pressure changes in channels with permeable walls. 

Equation (1) is rewritten in a dimensionless form 





" m dE. ding = 
Ей = 2 ёк, [1-052555] t. (2) 
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The changes in f are relatively small, especially in streams with outflow 
through the wall. In streams with small outflows and inflows, 
the coefficient of friction І has a value close to that of the coefficient of 
friction іп a channel with impermeable walls (%&). 

In flows with a large absolute value of K,, the coefficient of friction 
contributes only slightly to the determination of the Eunumber. Hence, 
the arbitrary Euler number Eu, calculated from the equation 


Eu, = 16K,— 5, (3) 


is equal at first approximation to the true Euler number described by 


equation (2). 


The accurate equation has the form 


ve wu PEU (4) 


where e is a variable coefficient whose nature has to be analyzed. 


By definition 


Е = 


168 К, (1 405 т ы, 





dinG 
16K, —E 


(5) 


A term-by-term analysis of equation (5) shows that є is a function of 
two local dimensionless numbers, Re and K,(or Re, and K,, or Re and 





00 -60 -40 -20 0 ZU 0 60 fe. 


Inflow Outflow 


FIGURE 1. Plot of ез as a function of 
Re. 


1 — Berman's solution for a plane 
aperture with small outflow; 2— 
White's solution for a plane aperture 
with large outflow; 3 — Juan's 
solution for a plane aperture with 
large outflow; 4 — Juan and Finkel- 
stein's solution for a tube with small 
outflow; 5 — Juan and Finkelstein's 
solution for a tube with large outflow. 


Re,). The value of e is close to unity. 

The above method was used to process 
the theoretical results of several authors 
who studied laminar /2-5/ and turbulent 
/6-7/ flows in a circular tube with permeable 
walls; it was found that є is a function of 
only one of the Reynolds numbers — the 
Reynolds number for the outflow (Rei) (see 
Figure 1). 

This conclusion must be accepted with 
some reservation, since all available 
solutions /2-7/ have been obtained by 
assuming that the current function may be 
presented as a product of two cofactors, 
one of which is a function of the longitudinal 
coordinate alone, while the other is a 
function solely of the transverse coordinate. 
The above assumption does not completely 
satisfy the given velocity distribution at the 
entry to the section with the outflow. Hence, 
some of the theoretical papers (е. g., /2/) 
assume a disruption of the velocity on the 
stream axis at X = 0, while other papers 


(e.g., /5-7/) assume an unbalanced flow rate. 
In spite of the disagreement in the available theoretical data, the con- 
clusion reached on processing them (namely, that the Re, number should 
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be one of the main factors determining the coefficient e) is, in our opinion, 
quite convincing. Hence, the experimental data should be processed in the 
form 


e=f (Re,, К,). 


In order to study the above function, we built an experimental setup 
and carried out some preliminary experiments. 





FIGURE 2. Nature of the pres- FIGURE 3. The dimensionless number єз as a 
sure changes over the channel function of Ky at: 
length. 


1 — Веі = 300; 2—400; 3— 500; 4 — 600; 
1 — experiment with outflow; 5— 700; 6— 700 [sic]. 
2 — without outflow. 


The working section consisted of a channel 0.013 m in diameter and 
0.1m long. The section was constructed from 270 disks (0.00025 m thick), 
maintained 0.0001 m apart by means of special spacers. The disks were 
grouped in sections (27 disks in each section). 

The outflows from each section were isolated from one another, and the 
outflow rate was controlled by control valves. The total outflow rate 
through all sections was maintained constant (v, = const.). They were 
determined by measuring the pressure drops with special measuring tubes. 
In addition to the measurements of the outflow rates at 10 sections, we 
measured the main flow rate in front of and behind the working section. 

The pressure drop between the sections was measured with the aid of а 
battery-actuated differential manometer; the pressure on the channel walls 
was measured with the aid of tubes 0.00125 X 0,0002 m in diameter. 

The measured hydraulic curve in an experimental channel without outflow 
(with closed control valves) was positioned higher (by 8%) than the Blasius 
curve. 

The experiments were carried out with flow rates corresponding to 
Reynolds numbers between 15,000 and 50,000, using water as the working 
fluid. 

The range of outflow coefficients was 8: 107* < K,« 8-1073, Such 
outflows should be regarded as large. The nature of the pressure changes 
along the channel is shown in Figure 2. As is evident from the figure, in 
the presence of outflow, the pressure increases along the channel, and 
the calculations show that despite the higher values of the coefficient of 
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friction in streams with outflow, there was in many cases (at high X,) ап 
increase not only in the static pressure but also in the total kinetic energy 
of the liquid over the length. To the best of our knowledge, this is an 
unprecedented experimental observation. 


&2 





055 


500 1000 Re. 


FIGURE 4. A plot of t, as a function of Re, when Ka was changed within the 
ranges: 


1 — from 0.008 to 0,015; 2 — from 0.015 to 0.025; 3 — from 0.025 to 0, 035; 
4 — from 0.035 to 0.045; 5 — from 0,045 — 0.060; 6 — from 0. 070 to 0, 080. 


There were about 300 experiments on flow with outflow in all. The 
results of their preliminary processing are shown in Figures 3 and 4. 

The data in Figure 4 Show that in the range studied, the value of e; 
ranges from 0.7 to 1. It increases with increasing K,and decreases 
somewhat with increasing Rei. 
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М.Е. Podol'skii 


THE ATTRACTIVE ACTION OF A 
NONISOTHERMAL LUBRICATING LAYER 


As а result of the temperature dependence of the viscosity of lubricating 
oils, a close relationship exists between the heat transfer and the hydro- 
dynamic processes in the lubrication layer of a sleeve bearing. These 
problems have been discussed in many papers, which may be divided into 
two groups. In the papers of the first group, it is assumed that no heat is 
exchanged between the layer and the surrounding part, and that most of 
the increase in temperature takes place along the layer. The papers in 
the second group are based on the assumption that the convective heat 
transfer with the moving lubricant is not important, and it is assumed that 
the temperature is constant along and variable across the layer. At the 
same time, the simultaneous change in the temperature (and, hence, in the 
viscosity) over both the length and the thickness of the layer is connected 
with some new qualitative phenomena, which were not observed when 
the longitudinal and transverse temperature gradients were treated 
separately. The first to report this phenomenon was apparently Zienkiewicz 
/1/, who made rather complicated calculations to prove that with adequately 
selected boundary conditions (for the temperature), hydrodynamic forces 
may be created even in the case of parallel frictional surfaces. Cameron 
/2/ reached similar conclusions by assuming that the viscosity is a known 
linear function of the longitudinal and transverse coordinates. According 
to Zienkiewicz and Cameron, the force created in a lubrication layer of 
constant thickness pushes away the friction surfaces. 

In this paper, we shall present (mainly for the case of an axial sleeve 
bearing) an approximate solution of the hydrodynamic equation and the 
energy balance, taking into account the viscosity changes over the length 
and the thickness of the layer. The boundary conditions (for the tempera- 
ture) were selected on the basis of an analysis of the heat distribution 
within a shaft. A more detailed study was made of the flow of a lubricant 
between parallel friction surfaces. The derived equations show that 
because of the temperature dependence of the viscosity, the friction 
surfaces are attracted to each other. 

1) The plane-parallel flow of the lubricant is described by the following 
System of equations: 


др ð ди др ди дә 
— = — — j, —=0, — — = 0. 1 
х ду (ғ à) ду дх ду (1) 
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Thermal balance equations must be added to the equations in опе of two 
forms: 


СЬО Коле ы. ш б) 
дх ду рс oy Ipc \ ду 
or 





(2) 


à) c 
э “P )+ 9-07 уе у 
х 





с д 
d (2a) 
1 | д ( ди ) д "ic ди s=) 
+ с ши mrs 
Ipc {ду oy ду 
and by an equation expressing the viscosity as a function of temperature 


u == р (Т). 


(3) 
The boundary conditions for the velocity and pressure may be taken in 
the following forms (A being the thickness of the lubricant layer) 


at y=0 u=U, 


v=0 
at y=h u=0, v=0 . (4) 
at x=0 p=0, at х=а p=0 


By introducing the variables 


d 
ъ= х, 1 = oy 














(5) 
p 
the system of equations (1) and (2a) is transformed into 
др Ou др O(up) дә, 
Parr T ea | t ЖШ 0, атир SoS 0, 
2 ES = дЕ E an (6) 
д 1 oT 
—— (и — (uT) = — — | — — 
эр авт )-3 s. (oT) Т TE ee o) + 
1 д ди 1 Ou 
— |u —|\— u p 
m Ipc ‚| 2) loc дт (7) 
where Kaeo: (8) 
дх 
The boundary conditions (4) апа the variables (5) are written as follows 
at »20 uw=U, и =0* 
A 
Є д 
at n=h u=0, 0 = 0, i-f ч . (9) 
0 
at $=0 p=0, at E=a p=0 
* According to (8) v, (E =O =nU TM Since зә. xL | a+ 1 ay 
Be ðx |y à ox (x,a) 
on the line y= o 21 e. É 
дх 





i ) d , we have 
w(x, y 
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Let us analyze the function (3). Many equations for this function have 
been proposed to date. Below we shall use the most convenient hyperbolic 
function for our subsequent analysis (the first two terms in the series of 


the Bachinskii equation /3/). 
pr=b, t=d+T, (10) 


where b and d are constants depending on the brand of oil. 

Since, as follows from (2) the thermal balance equation does not change 
its form when a constant component is added, equation (7) may be written 
(taking into account (10)) as follows 


Au x olore Nj ees 363) E 9: а) бш. y 
dE Ъ дц ' рс? aq \ дт Ipcb дт \ On lpo ok’ (11) 


We shall solve the derived equations by the method of integral relations. 
Under the conditions of the problem discussed here, the method of integral 
relations should be applied with greatest advantage to the system of 
equations (6) and (11), since the velocity profile, for instance, may be 
described more simply in terms of the variables and т than in terms of 
the variables x andy. By integrating equations (6) and (11) (taking into 
account the boundary conditions (9)) and by adding to them the integral 
condition for the relationship between y and тп, we obtain the system of 
integral relations in the following form: 




















Ћ 
др ди |r 
h— = — |, ud т = qi, 
дї Dm lo fe 1= 9 
0 
> È a Q« |A ] ди Jk 1 б д? 
о t |^ u |А u 
— | ud = — и —| — и — 4%, 12 
x| " pcb? um Ipcb nio ТА) дт? ý (12) 
0 


К 
h= fean 
9 


2) We shall now examine the temperature conditions on the boundaries 
of the lubricant layer. On the pad surface, the nature of the temperature 
changes is determined by the heat transfer coefficient from the pad to the 
lubricant in contact with it, and it depends to a great extent on the design 
ofthebearing. Itis assumed below that the pads are thermally insulated, i.e., 


E MECLUPES (13) 
ду 
ог 
+ OT дт 
tash 2 =0 (|010). 
at ч эя (2: ) (13a) 


The motion of the bearing surface with respect to the layeris, apparently, 
the most important feature of the boundary conditions on the side of the 
collar. Heat fluxes of various densities pass through a unit area of the 
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collar (depending on its position with respect to the layer) as a result of 

the above motion. Naturally, it may be assumed that as the speed of the 
motion increases, these heat flux densities approach an average valüe, and 
the collar temperature becomes constant in the direction of rotation, i.e., 
in the direction of motion of the bearing surface, according to the 
Scheme of the two-dimensional problem. In order to determine the validity 
and the range of application of the above assumption, we shall analyze the 
propagation of heat in the collar by simulating the collar (in the case of a 
two- dimensional body) by a bearing plate subjected to forward motion (see 
figure). 





Propagation of heat in a moving collar. 


The equation for the propagation of heat in the bearing plate is (in a 
system of coordinates-rigidly bound to the plate) 


T (OT ү aT 
“a od oy Jf (14) 


where a, is the heat diffusivity coefficient of the material of the collar. 
In a fixed [non- moving] system of coordinates, x, y, (14) assumes the form 








oT oT oT oT 
xir U— = а? 
2i + ar id ( ). (14a) 


wart ww 

In view of the stationary nature of the boundary condition in a fixed 
system of coordinates, it is only necessary to work out stationary solutions 
of equation (14a). Moreover, by using the method of dimensionless 
analysis, it is found that since 02/01 « 1*, the term a?@T/dx? is small in 
comparison with UOT/0x. Thus, equation (14а) may be replaced by a 
simpler equation 


oT а дт 
ee БА 14b 
ox U д ( ) 

Let us find a solution of equation (14b) for a case in which the heat flux 
density at one boundary of the plate changes in accordance with the 
Sinusoidal law, while no heat transfer takes place between the second 
boundary and the surroundings. The boundary conditions corresponding to 
such a case would be 

oT Am oT 


тх 
=0 —=—sin—, sey Sg 
at y ду 1 sin L at dU (15) 


* In the case of steel а? = 1.4.10—5 m*/sec, Assuming U=50 m/sec and L —6.10— m, we obtain 
а2 JUL = 4. 66- 1079, 
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where / is the thickness of the plate. 
By looking for a solution in the form 


тет") exp (Ei ). 


and satisfying the conditions set up іп (15), we obtain 


(+) NI [^ +0 eth а-ы] 





1 1+i Bl В Bl (16) 
pin ow 
т [| Ul 
From here, for the boundary y = 0, we obtain 
piste ese P sp + cost 6-1 
y 2 сћ 95-1 -- соѕ 28-1 sh*9-!.p sin? p~? 
2 x 1 „2 x 1 
sh — sinz | — — — | — sin — cos z | — — — |}. 
Т К аш se eer 
The following approximation is valid at small f *: 
max boul. = Imp (17) 


Т, y3T,' 


Using (17), it is possible to evaluate the temperature fluctuations on the 
collar boundary from known values of gn and Tọ. The values of the last two 
parameters depend on the heat evolution rate and the conditions of heat 
transfer from the layer to the collar. 

Let us analyze the problem of the temperature field in a lubricant layer 
between two parallel friction surfaces (h2H- const. ); the surface 
temperature of the bearing is assumed to be constant. For simplicity, 
and bearing in mind the approximate nature of the solutions to be reached, 
it is assumed also that the viscosity of the lubricant is independent of the 
temperature, Under such conditions, the solution** of the system of 
equations (1) and (2) with the boundary conditions (4) and (13) can be written 
in the following form: 


equa dU fi — ECL со 
тет +E fi Сехр( zu )]x[D (1 zh (18) 


* For instance, at (/ — 50 m/sec, L = 6.107? m, I = 3.10? m, and а? = 1.4.1075 m*/sec, we obtain 
В = 3.44. 10-3. 

** The problem was solved by the method of integral relations, and the temperature profile selected was 
in the form of a quadratic parabola. If the law governing the temperature changes over the layer 
thickness is approximately described by a polynomial of the fourth degree, the change in the final 
results is negligible (e.g., in equation (19), the numerical value in the term for the exponent would be 
15/2 instead of 8). 
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Correspondingly, the average temperature (over the layer thickness) is 
described by 


Ur 8A x 
тте See eee. 
"= LO ary | exp ( pcUH* )] as 


The constants in (18) (the bearing surface temperature T, and the 
constant C) may be determined on the basis of the following considerations. 

The first condition follows from the equality of the heat fluxes entering 
and leaving the collar. Assuming, for simplicity, that the total amount of 
heat withdrawn from the collar is zero, we obtain from (18) 


k _ _8ax 


С=-——, = x 
] —e-^ pcUH? 





(20) 


The second condition followed from the examination of the average 
lubricant temperature at the inlet to the clearance, and is determined by 
the conditions of mixing of the hot grease leaving the clearance 
with the cold grease flowing in the channel between the greasing pads. The 
amount of cold grease in the total stream at the entrance to the clearance 
must be equal to the amount of side leakage /4/ (which always occurs in 
actual bearings because of the finite dimensions of the greasing pads). 
Using r to denote its fraction in the stream at the inlet, we obtain the 
following expression for the average temperature at the inlet 


ke~* 
T, 1—7)17, 
IT + ( Ji V4 aI A (17 ru]. 


where T, is the temperature of the cold grease entering the channel between 
the pads. By determining the average temperature at the inlet using (19) 
and (20), and expanding e-* into а series*, we obtain the following 
approximate equation: 





) 2—ryU* 


А. 21 
6 г ЈА (a 


=Т-++—— 





The order of magnitude of gm may be evaluated by equating the 
differences between the maximum and minimum values of the heat flux 
densities through the bearing surface, obtained by using (15) and (18). 
From there, we obtain the following expression (subtracting (21) from (17)): 





B pl? LA 
7—71 . 2V2 1X HA, 3r là 
асг ехала "I Y?T3— HW" 


IA 


* At Mpc = 0.705.10—? т2/ѕес, U = 50 m/sec, а = 4.1071 m, Н = 5.10—5 m, and ё = 0.18. 
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In addition to the above parameters, we shall assume that 
А = 12.6-10°2w/m-deg and А, = 5.04: 10 w/ m-.deg. According to Yanovskii 
/5/, the value of r ranges from 0.2 to 0.26, Assuming r= 0.26, and 
substituting the numerical values, we obtain 


To V2 1.74 5-10-75 5.04.10 
X 3.44-10-? = 1.64- 10-3 < 0.2%. 


mii & 1—2 М —2 
ma ТТ) „_3_ 0.26 3-10—° 126-10 


Thus, our calculations show that the temperature of the lubricant layer 
at the boundary with the bearing surface is, indeed, nearly constant. 
Therefore, the boundary condition on the side of the bearing collar assumes 
the form 


at y=0 T=T, (Т = const) (22) 
or 
at 4-0 T2T, (t= %). (22a) 


3) In order to solve the system (12) with the boundary conditions (9), 
(13a), and (22a), we shall assume that 


u-U(l1—nm-q(n-—1). (23) 
e = pol 1—9 (2 — 10), (24) 
m=- (25) 


Taking (10) into account, and introducing the notation 


g- He 2n 
ho UH ' (26) 
Bat, h=H8(§), 


we obtain, after substituting (23) and (24) in (12), 


H* dp Ф 


NUI EN, M 21 
Wap, dl МӨ ben 
bsc M mre. (28) 
3 2 30 ЗӨ 
d $9). 4а y 222 Ua 
dt tol -73 ]- pcUH® 86 + TpcbH® X 
d. Ф (29) 
X6 (' ЕЕ ). 
2 1 (30) 
DE NF UM 
3*8 
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А more detailed analysis of the flow of grease between the parallel 
friction surfaces (ô= 1, h = Н) yields the following. 
The elimination of p from (28) and (30) gives 


1—09,0-1 


ul pu o Vt. 1 
— 0.05 + 1.0591 SIM (31) 


a 
4 
As follows from (26), (9), and (10), the symbol Ө stands for the ratio 
of the average temperature (over the layer thickness) 1, to the bearing 


surface temperature т. We shall assume below that the ratio is smaller 
than three: 


8«3. (32) 


In this case, the following expression would be valid with an accuracy 
of 10 95: 


y= e(r- &). (33) 


It is now possible to arrive at some conclusions concerning the nature 
of the pressure changes within the layer. Since the average layer 
temperature, and hence Ө, increase with increasing ¢, the boundary 
condition (9) for the pressure may be satisfied only if ф(5=0) «0 (see (27) 
and (33). However, it follows from (27) that in such a case the pressure 
pis negative. In other words, the nonisothermal flow of grease in a 
clearance of constant thickness causes, under the above conditions, the 
creation of forces that attract the friction surfaces. 

In order to obtain quantitative results, it is necessary to integrate 
equations (27) to (30). The solution may be written as quadratures, but 
this is very cumbersome. Considerable simplification may be achieved 
by assuming that the value of » is small. 

In practice, it is sufficient to assume that 


[91«0.3. (34) 


Then, by using (33), it is possible to transform equations (27) and (29) to: 














dp 2—1 
e -Upe-Q. (35) 
dz, 5 2 
db 55 (с—1/7/ (36) 
where 
_ 3 „ба ) - _ бе 
В Hs ha ^ 2=:9+1, 0 =1+ х0), 
2 y2 (37) 
k= 6a % 1. 


pcUH?’ ~~ Зх 
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When condition (9) is satisfied, we obtain 


о Ра) Ра), 
Е, (2) — Р, (21) (38) 
F(z) = 0.52 —z, F2) = z—Inz. 


А relationship between z, апа z, is established by integration of (36), 
V (2,) — Ч (21) = fj x, V (z) = 0.52? — 22 + Inz. (39) 


The overall hydrodynamic reaction of the layer is determined by the 
equation 


Ua? 3I 
Р= — o, o= ——— 
Н? 2 (kx)? 


(= [1B —ne—Qa= е 0x ; (40) 


2? In? г 2? a 
x5 z+ 2 Е z- nz 1) „ 





When x is small (|x| < 0.05 — 0.10), equations (39) and (40) become much 
simpler. The following equations are valid in such a case: 


_9 & (Ext ,_#өүзь 6 e 
20 Ө: (tJ-1)( t4 0D Ө, 


4) Let us work out an example. By taking the values of (О, А, р, с, H, and 
a the same as above (see pages 120-123), assuming that z, ^ 3.30 and 
z, = 4.42, and using equations (37) and (39), we obtain 


kyx8=2,38, x=2.6 (ky = 0.758 = 0.135), Ө, = 0.885, Ө, = 1,320. 


It follows from here (see (10)) that in the case of brand-T turbine oil, 
for example (b = 0.05 kg-sec-deg/m?, d= 312*K /6/), the accepted values 
of a апа z correspond to the following bearing surface temperature and 
average temperatures of the grease at the inlet and outlet of the clearance: 


Ta = 342° К, Т, = 338.5^ K, T, = 351.6°K. 


Once the values of д апа z are known, we obtain, by using equation (38), 
Q = 3.869, and by using equation (40), Ф = 0.0474. From (33) and (37), it 
follows also that conditions (32) and (34) are satisfied (max © = 1.32, max 
Ф = 0.165). 

As is well known, the magnitude of the hydrodynamic reaction during 
isothermal plane-parallel flow ‘of a lubricant in a wedge-shaped clearance 
may be determined using equation (40), where H is the minimum thickness 
of the layer and the maximum value of @ is 0.16. Thus, at least under the 
conditions of the present example, the attraction force created in the layer 
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between parallel friction surfaces is of the same order of magnitude as the 
supporting force in the Kingsbury thrust bearing. The following reservation 
must be made here. Since a liquid has no tensile strength, no attraction 
forces are created as a rule, since disruption of the layer by cavitation 
occurs when the pressures drop below a certain limiting value. At the 
same time, cavitation cannot take place if the grease pressure outside the 
layer is high enough, in which case an attractive force may exist. Similar 
behavior is observed in sleeve bearings that operate under high pressures 
in the lubricating layer. 

In the above case, the appearance of attraction causes a drop in the load- 
ing capacity of the bearing. Thisis especially true in the case of axial sleeve 
bearings with self-adjusting pads. The rocking supports of such pads are 
shifted (to a certain optimum distance) from the middle to the side of the 
outlet edge. At the same time, the above solution shows that the resultant 
of the attractive forces is shifted from the middle to the side of the inlet 
edge, and in this way creates a momentum that turns the pad in a direction 
reducing sharpness of the grease wedge, thus reducing the hydrodynamic 
reaction. 
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V.N. Zmeikov and B. P. Ustimenko 


HYDRODYNAMICS AND HEAT TRANSFER 
IN A CONVOLUTED STREAM BETWEEN 
TWO COAXIAL CYLINDERS 


Studies of the heat transfer and hydrodynamics in the annular channel 
between two rotating cylinders have been the subject of many papers /1, 
5-9, 11, 13/. In these papers, the main attention was devoted to the 
overall characteristics of the heat transfer and resistance, while 
insufficient attention was paid to the detailed structure of the flow: its 
velocity and temperature profiles, and especially the pulse characteristics. 
At the same time, an understanding of the latter is absolutely essential for 
the elucidation of the physical mechanism of the process and for the 
derivation of efficient heat transfer and resistance calculation methods. 

In this paper, we present the results of an investigation of the hydro- 
dynamics and heat transfer in an annular channel with a rotating inner 
cylinder, together with detailed experimental data on the velocity and 
temperature distribution and the pulse characteristics of the flow; we 
propose a method for the calculation of the heat transfer based on the use 
of the hydrodynamic theory of heat transfer and new equations describing 
the velocity profiles and the resistance coefficients. 

The investigations were conducted on a setup consisting of two coaxial 
and well balanced metallic cylinders; the inner cylinder was rotated by 
a d-c motor. The angular velocity was continuously regulated by a 
rheostat up to 283 rad/sec and was controlled with the aid of a tachometer, 
havinganaccuracy oftlrad/sec. The polished cylinder surfaces formed 
an annular channel, whose length and height were 0.4 and 0.0049 m, 
respectively; the inner cylinder diameter was 0.212 m. 

In order to study the thermal problem, an electric heater providing a 
constant heat flux on the cylinder surface was placed within the inner 
cylinder. The outer cylinder was enclosed by a water jacket, with water 
from a thermostat flowing through the jacket. This provided a constant 
wall temperature, which was maintained with the aid of four nichrome- 
constantan thermocouples embedded in the wall. Mixing chambers, with 
differential thermocouple junctions (used to measure the increase in the 
temperature of the cooling water) fitted to them, were mounted at the inlet 
and outlet of the cooling jacket. The water flow rate was measured at fixed 
time intervals with a volumetric flowmeter (the accuracy of measurement 
was 1.5%). 

The packing used in the measurement was introduced into the channel 
through 5 special holes; microinstruments, by means of which the 
coordinates could be fixed with an accuracy of 0.01.1053 m, were fitted to 
the holes. Holes with a diameter of 0.45: 107? m were made in the channel 
walls in order to measure the static pressure. 
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FIGURE 1. The distribution of +, 2% 
uy ' ht: 
channel at w = 283, 230, and 178 rad/sec. Calculated results (con- 
tinuous lines: 1 — according to equations (3) — (6); П — according to 
equations (13) — (15); III, IV, V — by the method proposed in /1/ (the 
experimental points are based on measurements with a static packing). 
Experiments: i4 — w = 283; 2,5— w= 230; 3,6— w= 178. 


‚ and p, in an annular 


The total pressure was measured with the aid of Pitot tubes. In the 
region of the boundary layer (adjacent to the walls), the tube readings were 
markedly affected by their diameters as a result of the differences between 
the flow conditions in their vicinity. In order to exclude the influence of 
the dimensions of the packing, the total pressure profile near the cylinder 
walls was determined by means of three geometrically similar tubes (with 
diameters of 0.23- 1073, 0.36- 1073, and 0.53. 10-3 m, and an inner-to-outer 
diameter ratio of 0.6), followed by extrapolation to a tube of zero diameter. 

The static pressure in the channel cross section was measured with the 
aid of the static packing, having a shape corresponding to the current flow 
lines. On the other hand, it was also calculated by the method of /1/, for 
a known static pressure on the nonrotating cylinder wall The data obtained 
by these two methods are compared in Figure 1 and show good agreement, 

The tangential frictional stress on the channel walls was determined by 
the method of /2/, which was generalized to cover curved flow and was 
developed for the cases of straight flows in aerodynamic tubes, on smooth 
plate surfaces, etc. The tangential frictional stress was also measured 
with the aid of the ETAM-3A electrothermoanemometer. The data obtained 
by these methods were in satisfactory agreement, the deviations not 
exceeding 10% (see Figure 2). 

The ETAM-3A thermoanemometer was used to determine the intensity 
of pulsations in the velocity vector component, the temperature, and the 
correlation during various flow conditions. The pulsations of the velocity 
vector component were isolated by the method developed for a heated 
turbulent stream. The temperature profiles in the channel cross sections 
were measured with special temperature probes (nichrome- constantan 
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thermocouples made of wires with a diameter of 0.1: 107? m) placed in a 
conventional injection needle with a diameter of 0.9- 107? m. All the thermo- 
couples were connected to a PPTN-1 potentiometer with the M-25/7 mirror 
galvanometer serving as the zero instrument. 





2 10 20 70 40 гл, mm 


FIGURE 2. Distribution of the frictional stress т in an 
annular channel агл = 283, 230, 178, and 105 rad/sec. 
The continuous curves were obtained with Pirot tubes, 
while the experimental points were obtained by measure- 
ments with a thermoanemometer. 


The total heat flux reaching the nonrotating cylinder (the heat was removed 
by the cooling water) consisted of a convection component from the 
rotating air stream, of radiation transfer from the heated inner cylinder 
(up to 3% of thetotal), of the heat transferred by conduction through the 
ends (up to 576), and finally, of natural convection from the surrounding 
medium to the walls of the cooling jacket (up to 2%). 

An evaluation of the errors made in the measurement of the velocity 
profile, the static pressure, and the temperature shows that they did not 
exceed 2% in the main flow region. The error in the determination of the 
velocity and temperature pulsations did not exceed 20%, and that in the 
Nusselt number did not exceed 10%. 


Hydrodynamics of a stream flowing 
within an annular channel with a 
rotating inner cylinder 


Data on the experimental flow conditions are shown in Table 1. 
In the table below, w and u, are the angular and linear rotation 


velocities of the inner cylinder, Re= Anis) is the Reynolds number, 


zh 3 
„(-++") 2 (ry =r)? 
Ta= the Taylor number, Tw is the tangential frictional 

" j 
stress on the stationary wall, and r, and r, are the cylinder radii. 


TABLE 1. Data on the flow conditions 









ш. 
rad/sec 








52.4 17,000 12,850 
















73.3 32,800 18,000 3.92 
104.7 34,000 25,600 1.85 
125.7 40,800 30,800 11.30 
157.0 51,000 38,500 18.15 
178.0 57,700 43,600 23.05 
209.5 68,000 51,300 31.40 
230.5 114,100 56,500 38.25 
262.0 85,000 64,200 
283.0 91,800 69,300 





The dimensionless velocity profile is shown in Figure 1 (in the 


coordinates = = (=) referredto the rotation velocity of the inner 
cylinder in the channel cross section, as a function of the relative distance 
from the walls. As is evident from the figure, the experimental points for 
different flow conditions lie on the same curve (with a small dispersion) 
indicating the similarity of the flow in the studied range of w(w>180 

rad/ sec). 

For a large fraction of the stream (about 8576), the angular momentum 
ur iS constant, which corresponds to the law of potential rotation of the 
liquid. A sharp change in ur occurs only in the vicinity of the channel walls. 
The distribution of the dimensionless angular momentum is represented by 
a single general curve for different values of w in the turbulent flow range 
(i.e., at w» 180 rad/ sec). 

The flow conditions in the vicinity of the inner and outer cylinders are 
determined by the physical properties of the liquid (density and kinematic 
viscosity coefficient), the tangential frictional stress on the walls, the 
Surface curvature radius R, and the distance from the wall y. 

Dimensional analysis shows that the following equation should be fully 
satisfied in the above case 


= r(n +). (1) 


where 


ОРТ =. pa Уй 
9 u,^ 4% Vu: n= У 2 


The effect of the dimensionless number y/R in the thin layers 
immediately in contact with the cylinder walls may be neglected because 
of its small value, and the equation then assumes the conventional form 
for flow in channels and over plane plates: 


e = f(a). (2) 


The dimensionless velocity e for the flow studied here is shown in 
Figure З as a function of т. In the case of the boundary layer on the inner 
u—u 

un 


rotating cylinder, the value of e stands for the excess velocity and, 
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—u 
correspondingly, т = Ha, on the outer cylinder wall it stands for ке 
v 





and, 
и*2 


Yura 





correspondingly, үр = 


As is evident from the figure, the whole flow range is described by a 
single general curve, which is independent of the rotation velocity of the 
inner cylinder (at least in the case of ш> 180 гаа/ ѕес). The experimental 
points for the flows on the outer and inner cylinders and for different 
rotation velocities lie on the same curve (with small dispersion). 





2 2 4 6 vag 


FIGURE 3. General dimensionless velocity profile, ф. 


I — calculated on the basis of the three-layer concept of Karman /4/; II — 

by the Spalding equation /5/; Ш — by equation (7); IV and У — by equations 
(3) — (6); 1,3,5 — experimental points on the rotating cylinder; 2,4,6 — 
experimental points on the stationary cylinder. 


For the sake of comparison we have shown in Figure 3 also the calculated 
velocity profiles corresponding to the well-known Karman concept /3/ 
(curve 1) and the Spalding equation /4/ (curve 2), which are valid for 
boundary-layer flow on the surfaces of flat plates and channels. Up to 
n= 50 the experimental points are in good agreement with our curves, 
confirming the validity of the concepts developed in this paper. 

In this way, the turbulent boundary layer formed during flow adjacent 
to cylinder walis may be divided roughly into three regions (as in the case 
of flow adjacent to a smooth flat surface /3/). 

1) The laminar sublayer region (0<17<5 ), where the velocity profile is 
described by the linear equation valid for the flows on the inner and outer 
cylinders: 


p= #5 =m at 0<1<5, 


su (3) 
=m at 0<<5. 





U2 
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2) The transition layer (5 < 7< 50), where the velocity profile is 
described by a logarithmic equation: 


n=- тт +Азе5(1+п-Е at 5«m <50, 
x о 
(4) 
qm nee Ass (1o) at 5<тъ «50. 
x 


As in the case of flow adjacent to a plane plate, we have here A= 


= — 3.05 and x= 0.2. 
3) The turbulent region (т> 50), where the velocity profile satisfies the 


potential rotation law 


1 
= const == — uy. 
иг = cons 2 шг (5) 


Іп the above case the velocity profiles for the regions on the inner and 
outer walls are described by 


= фо Ll —™ at 50 << 
Ф, = (o Sp XU m т, 





> 


Ф = 





ay Noz at 50 < € "e. 
2 1—1 


Above, we have introduced some new symbols: 








= — ur 
To TE Noz = 15, No = nm, 
TE Л LA Se ш, 
Th " » Ne ™ ' 
. Tilg Я Polls и 
т = yet , 2 2 52, Фо = з 
Usi 
жо = (г, — т) Uz1 ‚жо = (ras — Ti) Uza 
2v 2v 


It is not difficult to transform equation (5) (for the velocity profile in 
the central flow zone) to a limiting form (asymptotic velocity distribution 





law* for large values of the convolution Reynolds number Recon = =) 
y 


for narrow annular channels (ryn > 1). The experimental data collected by us, 
as well as the data of other investigators /5/, show that equation (5) agrees 
well with experimental results even at much greater channel heights. 


* To this end, in the case of thin layers on the cylinder walls (y & r1 and гз), equation (4) is written in 
terms of the angular momentum (ur). By deriving an expression for ur/uyr, and passing to limits at 
Re соп 799, We obtain equation (5). 
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Thus, under developed turbulent-flow conditions (which are characterized 
by a similarity of the velocity profile, and, as shall be shown below, of 
the temperature profile and the relative quadratic pulsation of the velocity 
component), the velocity profile in the channel cross section is described 
by equations (3) to (6). 

Curve I in Figure 1 and curves IV and V in Figure 3, which were plotted 
on the basis of equations (3) to (6), are in good agreement with the measured 
results. In the range of n discussed here, equation (6) is approximated with 
adequate accuracy by the following logarithmic functions: 


ф = 1.2 Inq + 10.3, (7) 
2 = 1.2 Inn, + 10.3. 


By equating the second equations from (4) апа (7) at their common value 
of (т = 50), and determining the resistance coefficients оп the inner and 
outer channel walls by the equations 





2 2 
fi ——3 Tw and h = > Tut» 
pui риз 


where 
гз n M 
u, = —-u, and h=h( 2 , 
n Ta 
we derive an asymptotic equation for the resistance coefficient 
ү "m = 0.0303 T 50/75. (8) 
А comparison of the experimental results with results calculated using 


(8) shows that the agreement between them is quite good, and it becomes 
better as Rego, increases (see Table 2). 


TABLE 2. Comparison of experimental and calculated results 











w , ràd/sec 

о 

о 

3 
experimental 
calculated by 
equation (8) 
calculated by 
equation (9) 





experimental 
calculated by 
equation (8) 





calculated by 
equatibn (9) 





36,700 
51,400 
73,500 
88,000 
110,000 


125,000 
141,000 
162,000 
184,000 
199,000 
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For the range о? п discussed here, the best agreement with the 
experimental data is obtained by using the equation for the resistance 
coefficient derived by equating equations (6) and (7) at the value (r, 4-r;) 2: 


1 № | [ 1 а, (7. — г) | 
———|————|2121n|— —-———- yf. 10.3, 9 
V h/2 [em E У ш n 


Heat transfer in a stream flowing in 
an annular channel with rotating inner 
cylinder 


The thermal measurements were made under the flow conditions 
described in Table 1. The specific convective heat flux from the outer to 
the inner cylinder, determined on the basis of the mean logarithmic surface 
of the cylinders, ranged from 678 to 982 w/m?-hr, while the temperature 
gradient (t;—t,) ranged from 40 to 80°C. The modified Taylor number 


Ге (n +h) (n — ny d 
(Ta), — [26980 iF , 


where F, is a geometric factor /7/, ranged from 1.67: 10" to 1.59: 10?, 

The dimensionless temperature profile PRSE zi) is shown in 
1—h Г — Гі 

Figure 1 for different values of the parameter n. Starting at ш values of 

about 160-180 rad/sec, the experimental points obtained under different 

flow conditions are grouped around a single curve (the experimental points 

show a small dispersion), indicating in all cases the similarity of the flow 

(as in the case of the dynamic problem). 





$ 6 7 8 9 Ціт 


FIGURE 4. Dependence of the Nusselt number (Nu) on the 
modified Taylor number (та). 


— —— — calculated by equation (7); calculated by equation 
(9); I — experimental data of the authors; II — experimental data 
from /10/; III — experimental data from /8/; IV — experimental 
data from /7/; V — experimental data from /9/. 





The temperature of the rotating air stream decreases rapidly in the 
boundary layer on the inner and outer cylinders, but drops negligibly in 
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the central zone. The figure shows that at w between 180 and 283 rad/ sec, 
the temperature changes in the central turbulent flow zone (ccopying about 
80% of the channel width) are only 4% of the total temperature gradient 
tı— to. 
2q (re — r) 
A (fı — t2) 
the experimental modified Taylor number(Ta),. For the sake of 
comparison, the same figure also contains experimental data from /6-9/. 
As is evident from the figure, there is good agreement with the data of /7/ 
for the range of (Ta), values common for the two investigations. The 
continuous and the dashed lines were plotted on the basis of the empirical 
equations recommended in /7,9/. 

We now compute the temperature profile in an annular channel under 
developed turbulent flow conditions. Let us analyze the flow region on the 
outer wall. The expression for the tangential frictional stress 


The Nusselt number Nu = is shown in Figure 4 as a function of 





t=—pl(v+yr)r 


written in terms of universal variables (taking into account the condition 
for the conservation of the momentum of the friction, TÊ cur) has the 
form 








1- (14) a —w TA 9 ) (10) 


т M — 1 


By transforming the expression for the heat flux density q4/pC,— 
dT 





=—(a+ar) (bearing in mind the condition for its conservation, qr-q,,- 


= const.) in terms of new generalized variables 


T—T. 
9 = T. * and m, 





4 


), we obtain 
pC, Use 


(where Т.» = 





d$; 


"m (11) 





1= T[oe-Jacs 
o ory 
where о and от are the physical and the turbulent Prandtl numbers. 
By equating the right-hand sides of equations (10) and (11), we obtain 
an equation for the determination of the temperature profile for a known 
velocity profile 


У 








T 
[NN UL P 
du, Hise =) а—ъ атъ \1—m (12) 
c ‚От ov 


In a similar way we can easily derive equations for the determination of 
the temperature profile on the rotating wall of the channel. 
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By substituting equations (which describe the velocity profiles) in the 
derived equations for the outer (12) and the inner channel zones (3) to (6), 
and integrating within the respective limits, we obtain the following 
expressions for the temperature profiles in annular channel cross sections: 

9$; = от, 0 € m «5, 
9, = от, O<m<5, 


с (13) 


9, = 5o, ln [ее ы +50. 5« n « 80, 

Or 5 

$m Sorin- (аве, 5 <me « 50, 
o,\ 5 (14) 

mtn 

"i + 50 


+ 5с for 0<n<%,, 


Өз = огт In +60,In[1 +92] + 
T 


= n, — 50 15 
82 = 057 In — — —- + 5o, In 1+9—— ku nu 
7 — me от 


+ 9o for 50 <m « m. 


In the derivation of equations (13) to (15) we made the simplification that 


M a 
in the laminar sublayer —- and — 





«1 while in the central turbulent flow 
region x and =» l. In Figure 1, the continuous line (II) plotted on the 
basis of equations (13) to (15) is in satisfactory agreement with the 
experimental data, the deviations not exceeding 10%. The sharper decrease 
in the calculated temperature in the central flow region is apparently 
caused by the fact that the calculations did not take into account the heat 
transfer by secondary eddy currents /5/, whose effect increases with 
decreasing rotation velocity of the inner cylinder. 

We now determine the Nusselt numbers Nu,, Nu,, and Nu, calculated on 
the basis of the heat transfer coefficients from the inner (а) and the outer 
(a2) channel walls, and also on the basis of the overall coefficient (a) referred 
to the total temperature gradient between the walls. 

On the outer wall, the Stanton number (St) is written in the following 
form 








Nus ag 
St, = = ———, 16 
* Pe Сураи (16) 
where 
Nu, = 203—728. pe, = 2i fh). ie the Peclet number, 
м а, 
By substituting the value of a, = 2 in (16) and using the equation 
Cc 42, 
Use = з u, (where t, is the temperature at the center of the channel and 


fe is the resistance coefficient), we ultimately obtain 


St, = Vfj/94, Nu = Vfj2 Pe, (17) 
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By analogy, for the flow region on the inner wall we have 
St, = V [2/8,,, Nu, = V fi/2 Per/tie. (18) 


The values of %, and @, are calculated using equations (15) at the points 
та and na. By transforming in the same way as above, we obtain the 
following expression for the St and Nu numbers: 


== V h/2 9,5, Nu = V h/2 Pe,/8i-2, (19) 


where 


2 (re — г) = 2(n—n) Р. 
he A. Fu(t, — h)’ 


Fu is the mean logarithmic surface area of the channel wall, while the use 
of the subscript c with the thermal conductivity coefficient means that it 
refers to the temperature criterion 


f fs Fu &[ y£ 
E, h | g E a |. 
2 zii F p І pe 7 


A comparison of experimental data with calculated data (equations (17) 
to (19)) inTable 3 shows that they are in good agreement, and that (as 
should be expected) the agreement improves as the parameter n increases. 


TABLE 3. Comparison of experimental and calculated data 





w, rad/sec 





experi- 
mental 
devia- 
tion, % 





Turbulent structure of the stream in 
an annular channel with rotating inner 
cylinder 


As we mentioned above, the turbulent structure of the strearn in an 
annular channel with a rotating inner cylinder was studied with the aid of 
the ETAM-3A thermoanemometer, under the flow conditions described in 
Table 1. 

Figure 5 shows the profiles of the mean square pulsations of the 


velocity vector components " =V v; га, 2=V vj уи, and e = v? ju) 
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and the temperature ae=V fri referred to the averaged local velocity and 


the temperature in the channel cross section. The experimental points 
obtained under different flow conditions (w = 178, 230, 262, and 283 
rad/sec) lie with little dispersion on the same curves, thus confirming 
the similar nature of the flow pulsation characteristics. 





ТЩ 


FIGURE 5. Distribution of the rates of pulsation of the 
velocity £,, €z, and e, (at w = 283, 230, and 178 rad/sec), 
the temperature, and the correlation coefficient, &, Кш 

(at w = 283 rad/sec). 


A comparison of our experimental data with results obtained in the 
measurement of the velocity pulsation rate in a straight-line flow in 
a flat channel /10/ leads to the following observations. 

Within relatively thin layers in the vicinity of the annular channel (where 
the tangential frictional stress may be regarded as approximately constant), 
the distribution of the stream pulsation characteristics (as that of 
the averaged values) has the same nature in the cases of both curved and 
straight-line flows. In both cases a maximum in the distribution of the 
pulsation rate (& and & in the case of curved flow, and є, £y, and е, in 
the case of straight-line flow) is observed near the wall, at а distance 
smaller than 0.1 d (where d is the half-width of the channel). As the point 
of the maximum pulsation rate is passed (in the direction of the wall) these 
components rapidly drop to zero. 

The specific characteristics of convoluted flow are exhibited in the 
central zone of the channel, where the effect of the walls is negligible and 
the effect of the centrifugal force field is fully exhibited. In contrast to 
straight-line flows no isotropic turbulence is observed here: (ғ, % ғ, # e), 
i.e., the radial component of the mean square pulsation of the velocity 
vector e is noticeably larger (by a factor of nearly 2) than e, and e, and 
reaches a maximum value. 

The latter circumstance could apparently explain the high rates of the 
transfer processes in the central flow zone, leading to the leveling of the 
velocity profile, the angular momentum, and the temperature. 
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The correlation of v,v, determining the tangential frictional stress 
(© =—pv,v') is shown in Figure 2. The correlation coefficient 
Ka = ИИ v has a value of nearly zero over the entire channel 


cross section, while Ke =з IV v V о" is virtually constant, and has 
a value of about 0.4. 

The results of our experimental measurements of the temperature 
pulsations, and the velocity-temperature correlation shown in Figure 5 
indicate that the e+ profile is similar to those of e, and ғ. The temperature 
pulsation rate е; has a maximum in the vicinity of the channel walls, and 
remains nearly constant in the central zone of the channel. 


The correlation coefficient Ky, = WV wW" x yr (where W’ is the 
effective velocity pulsation acting on the packing threads) remains 
virtually constant within the central zone of the channel in the case of 
developed turbulent-flow conditions. 
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aid of pneumatic Piton tubes made of stainless steel. The stream temperature 
was measured using chromel-alumel thermocouples. The thermocouple 


heads were screened by protective ceramic jackets. The construction of 
the sensitive elements was such that the walls of the channel could be 


approached to a distance of 0.00075m. The walls of the experimental 
section were cooled with water. 





FIGURE 1. Schematic view of the experimental section. 


1— compressor; 2 — receiver; З — electric heater; 

4 — VK-1F combustion chamber; 5 — heating apparatus; 
6 — ejector; 7 — transient sections; 8 — experimental 
section. 


The experiments involved 6 sets of conditions. Each set of conditions 
was characterized by certain given temperatures and gas velocities at the 
inlet of the experimental section. 

The stagnation temperature of the potential gas flow ranged from 913 to 
1303°K. The potential flow velocity at the inlet of the experimental section 
was maintained between 136 and 200m/sec. The wall temperature ranged 
from 313 to 328%K, depending on the initial temperature of the mainstream. 

The experiments extended over the Reynolds number range of (50 — 150)X 


X10? and the temperature factor range T,= Те 04—025. In the course of 
0: 


the experiments ме measured the temperature апа velocity profiles іп the 
cross section of the flow and the static pressure in each section. Ina0.75m 
section, the measurements were made at five cross-section planes. In 
addition, we measured the consumption of the cooling water, the water 
temperature at the inlet and outlet of each of the five experimental sections, 
and the channel wall temperature. The composition of the combustion 
products passing through the experimental section was determined by 
analysis of the gas (the experimental section has been described in detail 
in /6/). 

The experimental data obtained on the velocity and temperature profiles 
enabled us to determine the integral characteristics of the thermal and 
hydrodynamic boundary layers, i.e., the momentum thickness 





the dynamic displacement thickness 


the energy loss thickness 


f pu Tu — T, ) 
Фф = кеч dy; 
$ а, T,—T, 


and the thermal displacement thickness 


AS = jt ( Та Т Т, ) dy. 
$ pı Т, = T, 


The frictional coefficients were determined by means of the integral 
pulse equation and Klauzer's method, described in detail in /7/. The heat 
flux on the wall was determined by a 
heat balance method based on the 
heating of the cooling water in each 
section of the experimental section. 

The generalization of the experi- 
mental data obtained in terms of the 
integral characteristics of the turbulent 
boundary layer, the friction coefficients, 
and the heat flux on the walls enabled us 
to establish the empirical relationship 
between those terms and to analyze the 
effect of the temperature factor on 
friction and heat transfer under the 
conditions discussed here. 

The experimentally measured heat 
id 20 950 su тт flux comprises radiant and convective 
heats. The radiant heat flux consists 
of the heat radiated by carbon dioxide, 
and the convective qc heat fluxes, under one water vapor, and the flame. The 
of the sets of experimental conditions (at fraction of carbon dioxide in the combus- 
Re = 131:10 and Т„= 0.284). tion products did not exceed 0.062 by 

volume, and that of water vapor did not 
exceed 0.064 by volume. 

It has been shown experimentally /9/ that when this fraction of CO, is 
below 0.071, the amount of heat radiated from the CO, is negligible. The 
same statement is valid also in the case of water vapor at low concentra- 
tions in the combustion gases. Hence, the entire amount of radiant heat 
(from the gas to the wall) came from the flame. The amount of radiant 
heat was large with respect to the heat transferred by convection, although the 
convective heat transfer in the case of the stream velocities used in our 
experiments cannot be neglected. 





iS 
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20000 > —— 


p 





FIGURE 2. Changes (over the experimental 
section length) in the total q,, the radiant 9. 
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The radiant heat flux between the gas and the channel walls was 
determined by the equation proposed in / 11/ and /12/: 


q, = a Tae TI] „уа, " 


r 





Aas 2 


It has been proposed /12/ that the following values should be used under 
the conditions discussed here: Aas 0.85; aVego,, = 0.96. 

It is evident that the heat flux measured on the basis of the cooling water 
balance includes the value of q, — q, + qc. 

The value of g, was determined from the known (equation (1)) value 
of the radiant heat flux q, and the known value of the total heat flux qw- 

The ratio of the convective to the radiant component of the heat flux 
(Figure 2) did not remain constant, but changed over the length of the 
experimental section. The rate of convective heat flux decreased more 
rapidly than that of the total heat flux, since the radiant heat flux remained 
constant over the channel length. 

On the basis of the experimenial data, we calculated the values of the 
Stanton number for convection, Stc, andfor radiation, St;(Figure 3): 





Slo Фи шс Se eL 
Фі аср, (To, Т.) 
qr 
st. 2 —<—<qwm—., 
: P1U1Cp, (To, = To) 
The observed experimental relationship Эн =/(Re), where Re= mid , 
с "n 


shows that the ratio of the radiant to convective components under the 
above conditions depends to a great extent on the Reynolds number. At 
Re = 5-104, the radiant heat transfer accounts for about 50% of the total 
heat flux on the wall. At Re = 15-104, the radiant heat transfer accounts 
for only about 20% of the total heat flux. 





FIGURE 3. St;/St. asa function FIGURE 4. The function St-f(Re, ). 
of Re. 


It is evident that as the Reynolds number increases there must be a 
decrease in the relative contribution of the radiant heat transfer because 
of the increased relative contribution of the convective heat transfer to the 
total heat flux on the wall. 

Thus, we reach the conclusion that in the presence of developed 
turbulent flow with combustion, the nature of the heat transfer mainly 
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depends оп the gas velocity. At gas velocities lower than 100 m/sec (i. e. , 
in our case at Re = 5: 105), the radiant heat transfer between the gas 
stream and the cooled wall is considerable. At gas velocities higher than 
100m/sec, the relative contribution of the radiant heat flux decreases, and 
at even higher velocities (above 200 m/sec) its contribution is much smaller 
than that of the convective component of the heat flux. 

The collected experimental data make it possible to analyze the effect 
of radiant heat transfer on the changes in the Stanton number over the 
length of the experimental section. The plot of St as a function of Re, in 

Vw __ A : 
эше (То To’ Ке, = "E and д, is the total heat 
flux in the wall, w/m?) shows an increase in the Stanton number with 
increasing Re,. 

By comparing the relationship obtained by us with the analogous functions 
from /6,14/, we find both qualitative and quantitative differences. These 
differences may apparently be attributed to the effect of radiant heat 
transfer on the derived experimental function. The radiant heat transfer 
causes an increase in the absolute value of the Stanton number (Figures 2 
and 3). 





Figure 4 (where St= 


Comparison of experimental values of Stc with values calculated by means of equations from /9/, for 
a tube (T, = 0.274, Ty = 315.5, To, = 1157° К) 










Experimental 
value of 
1/4 
V 















Stccalculated 
in accordance 
with /9/ 


Experimental 
channel 
section 


Experimental St, 
in the dif- 
fuser channel 





C, 
cg 











1 0.001720 0.00177 115,000 0.01340 
2 0.001640 0.00150 97,000 0.01250 
3 0.001100 0.00146 96,000 0.00840 
4 0.000950 0.00106 93,000 0.00725 
5 0.000319 0.00046 90,000 0.00242 





Our data for St. are in good agreement with the experimental data of /9/ 
(see the table), which confirms the validity of the conclusions of /2,6/, 
according to which the Stanton number has little effect on the positive 
longitudinal pressure gradient in convective heat transfer. 

Thus, the heat transfer in a moving gas stream during combustion 
should be calculated using the function 


St,/Ste= f (Re). 


T he collected experimental data on the frictional coefficient make it 
possible to propose an equation for the calculation of friction as a function 
of the temperature factor T, (Figure 5). The temperature range is from 
0.8 to 0.25. 

In addition to the experimental data on friction, obtained with gas flow 
under the conditions discussed here (i.e., at high temperatures and during 
combustion), Figure 5 contains also the experimental data of /6, 14/ for 
T, = 0.7. 

The experimental function ф=}(Г) shows that the experimental data for 
the coefficient of friction obtained at different values of the temperature 
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factor (between 0.8 and 0.25), may be approximated by the following 
expression: 





t = 0.0128 eec ЗЕРЕ 
EN (т) (гуе (2) 


In (2), the effect of the temperature factor on the friction is accounted 
for by the introduction of a correction for nonisothermal conditions 


(уд 





FIGURE 5. The function €=/(F)*, 


2 1 
1— 0.0128 (=) E 


Equation (2) is similar to equation (3-2) in /6/, which was derived 
by generalization of the experimental data on the friction during turbulent 
flow of hot air in diffusers with cooled walls, for a temperature factor 
Tm>0.6. 

The experimental function F(T)=f(T) presented in /6/ (equation (4 — 4)) 
remains unchanged. Hence, the method proposed in /6/ (for the calculation 
of the dynamic boundary layer) may be extended to the calculation of 
friction in subsonic gas streams during their flow in diffuser channels with 
cooled walls, at temperature factor values between 0.8 and 0.25. 

T he following sequence is suggested for the calculation of heat transfer 
under the above conditions. 

1) The radiant heat flux in the wall is determined by the method of / 11, 
12/, from known expressions for the temperature changes in the potential 
flow, the wall temperature, and degree of blackness of the wall. 

2) The value of St, is determined from the known expression for the 
changes in the potential flow velocity and the radiant heat flux in the wall. 
3) The St,/St, ratio (and from there the value of Ste) is determined 

from the calculated Re, with the aid of the curve in Figure 3. 

4) The value of д, is determined from the expression for St,. 

5) Finally, the value of q = q, +4 is determined for the existing 
conditions. 


* The dispersion of experimental points (25 — 30%) on Figures 3, 4, and 5 is within the limits of experi- 
mental accuracy. 
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Symbols 


о — static density in the boundary layer; и — velocity in the direction of 
the x axis in the boundary layer; р, — static density of the potential flow; 
u, — velocity of the potential flow in the direction of the x axis; T, — 
equilibrium temperature of the potential flow; T, — stagnation temperature 
in the boundary layer; o, — radiation constant of an ideal black body; Hp— 
surface area absorbing the radiant heat, m?; a — similarity coefficient 
of the temperature layer; Ta — temperature of the hot medium; T, — wall 
temperature; A,,— coefficient characterizing the properties of the surface 
absorbing the radiant heat; ¢,,.,,— the corrected degree of blackness; q,— 
convective component of the heat flux, kcal/m?; qw — measured heat flux 
on the wall, kcal/m?; d — inner diameter of the corresponding sections of 
the experimental section, m; v, — kinematic viscosity of the potential 
flow; ф — energy loss thickness, calculated on the basis of the thermal 


c 
balance of the cooling water, m; ¢= sed Вер — shape parameter for friction; 


c; — coefficient of friction; T= (2. a.) Rej“ — shape parameter for the 
uy X | 


longitudinal pressure gradient. 


Bibliography 
1. Kalikhman, L.E. Turbulentnyi pogranichnyi sloi na krivolineinoi 
poverkhnosti, obtekaemoi gazom (The Turbulent Boundary Layer 
on а Curved Surface in Contact with a Gas Stream). — Moskva, 
Oborongiz. 1956. 


2. Kutateladze, S.S. and A.I. Leont'ev.—IFZh, No.6. 1961. 

3. Zysina, L.M.—IFZh, No. 6. 1962. 

4. Van Draist.— Mekhanika, No.1. 1951. 

5. Ievlev, V.M.— Doklady AN SSSR, Vol.86, No. 6. 1952. 

6. Leont'ev, A.I., A.N. Oblivin, andP.N. Romanenko.— 
PMTF, No.5. 1961. 

7. Oblivin, A.N.— IFZh, No.3. 1962. 

8. Vinkler, E.— Prikladnaya Mekhanika, Vol.28. 1961. 

9. Lel'chuk, V.L. and F. S. Voronin.— Teploenergetika, No. 4. 1963. 

10. Kutateladze, 5.5. апа A.I. Leont'ev. Turbulentnyi pogranichnyi 


5101 szhimaemogo gaza (Тһе Turbulent Boundary Layer in a 
Compressible Gas). — Moskva, Izd. SO AN SSSR. 1962. 

11. Konakov, P.K.— Izv. AN SSSR, OTN, No.6. 1950. 

12. Konakov, P.K., S.S. Filimonov, and B. A. Khrustalev. — 
ZhTF, Vol.27, No.5. 1957. 

13. Filimonov, S S., B. A. Khrustalev, and V.N. Adrianov.— 
ZhTF, Vol.30, No.6. 1960. 

14. Filimonov, S.S., B. A. Khrustalev, and V.N. Adrianov. 
Konvektivnyi i luchistyi teploobmen (Convective and Radiant Heat 
Transfer).— Izd. AN SSSR. 1960. 

15. Schlichting, Н. Boundary Layer Theory.— New York, McGraw-Hill. 

1955. 
16. Oblivin, A.N. Candidate's thesis. — MEI. 1962. 


146 


17. Petukhov, B.S. Opytnoe izuchenie protsessov teploperedachi 
(Experimental Study of Heat Transfer Processes). — 
Gosenergoizdat. 1952. 

18. Petukhov, B.S. and V. V. Kirillov.-— Teploenergetika, No. 5. 
1960. 


Moscow 


UI. INVESTIGATION OF THE HEAT TRANSFER 
AND [HYDRODYNAMIC] RESISTANCE IN THE ENTRY 
SECTIONS OF TUBES AND CHANNELS 


B.S. Petukhov and Chang Chéng-Yung 


HEAT TRANSFER IN THE HYDRODYNAMIC 
ENTRY SECTION OF A ROUND TUBE DURING 
LAMINAR LIQUID FLOW 


In many heat transfer systems, the entry to the heated (or cooled) 
section of the tubes coincides with the entry of the liquid into the tube. In 
such a case, the velocity and temperature profiles change simultaneously 
over the length, or in other words, the heat transfer takes place within the 
hydrodynamic entry section. 

However, most published theoretical papers deal with the heat transfer 
during stabilized laminar flow, while very few are concerned with the heat 
transfer within the hydrodynamic entry section. Forexample, the latter prob- 
lem has been discussed (for the case of constant wall temperature) bySparrow 
/1/ for tubes witha flat cross section, andbyStephan/2/ for round and flat tubes. 
An approximate solution of the problem of heat transfer in a flattube witha 
constant heat flux density on the wall (9, = const.) has been obtained by 
Siegel and Sparrow /3/. A numerical calculation of the heat traasfer in а 
round tube at q, = const. was made by Kays /4/ for a single value of the 
Prandtl number (Pr = 0.7). This calculation gave too high values for the 
heat transfer. Thus, there is as yet no complete solution of the problem 
of heat transfer within the hydrodynamic entry section of a round tube at 
9, = const. We shall present below a solution of this problem, derived by 
using the approximate methods of the boundary layer theory. 

The problem of heat transfer within the hydrodynamic entry section of a 
round tube at g = const. is solved by making the following assumptions: 

1) the flow and the heat transfer are steady; 2) the liquid is incompressible 
and its physical properties are constant; 3) the changes in the heat flux 
caused by thermal conductivity along the [tube] axis and the heat of friction 
are negligible; 4) the temperature and velocity of the liquid in the inlet 
cross section are uniformly distributed, and the velocity vector ccincides 
with the tube axis; 5) the heat flux density on the inner surface of the tube 
wall is maintained constant. 

Taking into account conditions 1), 2), and 3), the energy equation is 


а, æ | Of д 
ЫРКЫ gn ГУ? ( x) G) 


The boundary conditions for the temperature are 


atx=0 and O&r&n, t-t& (2) 
д q 

t x 20 and г=лу, —-—, 

a 7U and r ° дг A (3) 
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We now apply equation (1) to the thermal boundary layer region. The 
equation is transformed using the continuity equation, multiplied by rdr, 
and integrated over the thickness of the thermal boundary layer. The 
following integral relations are obtained as a result: 





if A<4, 
1 
у, өкав=4 =; (4) 
Ре 4 
1-4 
if А>, 
1 1—5 | 
W, 0 RdR-4- | W ,ORIR=4 —— . (4а) 
Pe d 
Ж ч 1-А 
А z U 
PERLE ind R= L; Wi = 25; We; 
To To To Wo Wo 
e C L4). pe — 22. 
Wo a 


In order to be able to use equations (4) and (4a), it is necessary to know 
the distributions of W,(R) and 6(R) within the thickness of the boundary layer. 
In accordance with Schiller /5/, we present the velocity profile over 
the hydrodynamic boundary layer cross section in the form of a quadratic 


parabola: 
зеге 
ш} è 8 
ог 
ш, I—-R (1—R)} Е 


while the velocity changes іп the flow core over the tube length аге 
represented by the equation 


LL yn CNN 
w 6—45 4 %' (6) 


where y-(r,—r) is the distance from the wall to the discussed point in the 
boundary layer. The value of V, is evidently equal to the product of 
equations (5) and (6). 

The dimensionless thickness $ of the hydrodynamic boundary layer may 
be calculated on the basis of one of the known theories for the hydrodynamic 
entry section. In this connection, we made use of the work of Landhaar /6/, 


which contains tabulated numerical values of 2 =f (a i) Using the above 
Wo e 


equation and equation (6), we can readily calculate for various values of 


ci ae (see the table). 


Re d 
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Ж: 
Dependence of § оп — — 
P m d 





] a3 
en 8.35.1075 | 3.95.10—4 | 9.75.10—3 | 2.00.10-3 | 3.53.10-? 
e 


3 0.1 0.2 0.3 0.4 0.5 
— = | 5.8.10 | 9.18.10- | 1.46.10? | 2.51.10? | 6.43.10-* 
Re d 


0.6 07 1 0.8 09 0.99 


The velocity profile in the hydrodynamic entry section is fully determined 
by equations (5) and (6) and the relations are shown in the table. When 
LE is increased, 8>1, W,— 2. апа Bes (1 — RY, i.e., the velocity 
Re d Wo 
profile for the entry sections assumes a parabolic shape, characteristic 


of steady flow. 
Firstly, the function for O(R) should satisfy the conditions on the outer 
boundary of the thermal boundary layer, and on the wall 


ðO 
Ok=i-z = 0, PANE 0, 
Е (7) 
Lo Guo 
В а-л ^ ØR? J p= 


(the last condition arises from the energy equation). Secondly, at А= 1, 
it should be transformed into the well- known expression for the temoerature 
field in steady heat transfer 


И 2 4 
t— t = uo (= aF] (8) 
А To 4 To 
At А<1 H=h. 


The last condition is satisfied if А<$. If A> 8, it is not satisfied in 
the strictest sense of the term, since in such a case, the velocity profile 
differs from a parabolic curve. Assuming that the difference is small, we 
shall accept that equation (8) is approximately valid also at Ар $. 

In order to select an adequate function, we first apply equation (8) in 
general terms to the thermal boundary layer region in the entry section of 
the tube. To this end, A(x) should be substituted for r, in (8). In that case, 
I.21— f£. should be replaced by 1-2 = = pi, 
го го А А 
obtain the expression 


x 1 RV 1 1 RM 
@=A ]—— ———|1—— = , 
K A i х) 4 | A t i) | 
which satisfies all the above conditions. 
However, calculations made using the above equation show that it does 


not satisfactorily describe the temperature distribution in the cross section 
of the boundary layer. Much better results may be obtained by introducing 


As a result, we 


а term containing а logarithm* into the equation. Thus, the function Ө (А) 
finally takes the following form: 


e-i|e- вы А тә, (9) 


R 
A Я 
It comprises an as yet unknown term, і. е., the thickness А of the thermal 
boundary layer. 

In order to determine the value of A, we substitute in the integral 
equation (4) the values of W,(R) (from (5) and (6)) and of 9(R) (from (9)). 
After integration, we obtain 


where = I1-+-+ Equation (9) also satisfies all the above conditions. 


eA [3 
(6 — 45+ 82)8 | 20 


6X [2 [5А А 2 A A 
ИИН = —[2———-5l——— = 
+ scarp li &) El : ) : ( 3h 


13 - A 53 А? 
——— (1 +25) -—— — 
aa TUE |+ 


, г 25 
x(- 3) mel Tt] (10) 
The algebraic equation (10) is valid if Á<. By using the integral equation 
(4a), we can readily obtain a similar equation for the case of Ар ё. 
Since the dependence of $ on zi is known, equation (10) may be used 
to determine the thickness A of the thermal boundary layer as a function 
of Se and Pr. 


Pe d 


By definition, the local heat transfer coefficient a = = 
м 





If A<1 (when 4=4), the value of &,—t may be represented as 
tu—t = (fu to) — (f — to). (11) 
From equation (9), we have (for R= 1) 
; За - 
Р Ы = rae 


From the heat balance, we have 


dede 4M L 


x 
WoP lp fo X Pe d` 


Thus, in the case of A<1, the expression for the local Nu number is 


a 


1 
Pig оозу,” (12) 
3Эҗ_4! se 
8 Pe 4 


а 


>| 


Nu 


* The necessity for a logarithmic term in the expression for @(R)can be demonstrated by analysis of the 
energy equation using the method of successive approximations. 
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The above expression is valid for both Ã< and А>$, Beginning with the 
value of the equivalent length (at which A becomes equal to unity), we should 
distinguish between two cases: 


А<ђапа л > ё. 


In the first case, the stabilization of the velocity profile is completed 
either before or simultaneously with the stabilization of the temperature 
profile. Hence, when A becomes equal to unity, the heat transfer is 
stabilized and the Nusselt number assumes a constant (limiting) value, 
denoted here by Nu,. According to (12), 


Nus = 


The equivalent length of the thermal entry section is determined from (10) 
by assuming that 8— 1 апа A—1. Then 


21 hue. 0.0365. 


Pe d 


Hence, Nu, = 4.36, which is in agreement with known data. 

In the second case, the velocity profile changes over the length continue 
after A becomes equal'to unity. For this reason, the heat transfer is 
stabilized in that section of the tube in which the velocity profile has been 
stabilize:. Equation (11) should not be used for the section for whose length 
А=1 and $«1, since in that case, 554. The value of ty—t for that section 
may be determined by using the equation 


го—8 го 
ty—-t = 2 | f (tw-f)wirdr + V (t— paar] 
Wolo 





0 го—8 


At A=1, equation (9) is transformed into (8). By using (8), (5), and (6), 
we calculate (6—1) and then the Nusselt number. As a result, we obtain 


E 2 
м 08. (13) 
pe, lp, З ley log 
p 39 9) a ^ Tig 


Nu — Nu, = 4.36. 


In this case, the length of the thermal entry section corresponds to the 
length of the hydrodynamic entry section and may be determined from the 
table as the value of that argument for which $ = 0.99: 


d. hen оов or c. fe 0-064 


Re d Pe d Pr 
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The Nusselt numbers were calculated in the range 10-7< ai < 10-7! for 
e 


Prandtl numbers equal to 0. 7, 1, 10, 100, 1000, and e. The results are 
shown in Figures 1 and 2. 





Pe d 


FIGURE 1. Changes in the Nusselt number in the entry 
section of a round tube during changes in the velocity 
profile over the length (according to our calculations). 


The curve in Figure 1 for Pr = œ is the limiting curve and corresponds 
to a parabolic velocity profile over the whole tube length. This is a direct 
result of the fact that the ratio of the lengths of the thermal and hydro- 
dynamic entry sections is proportional to the Prandtl number. For a certain 


given value of ds the heat transfer in the hydrodynamic entry section 
e 


becomes more intensive as the Pr number is decreased (as should be 
expected). 





FIGURE 2. Comparison of values of the Nusselt number obtained 
as a result of our calculations and the calculation of other authors. 


1— calculated by Kays for the hydrodynamic entry section at 

Pr = 0.7; 2— ourcalculations, for the same conditions; 3— 
calculated by Kays for a parabolic velocity profile; 4 — our 
calculations for the same conditions; 5 — solution of Siegel, 
Sparrow, and Hollman for a parabolic velocity profile. 
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In Figure 2, the results of our calculations for Pr = 0.7 and Pr = оо 
(parabolic velocity profile) are compared with other calculated data. In 
the case of a parabolic velocity profile, the results of our calculations agree 
with the accurate solution of Siegel, Sparrow, and Hollman /7/, except for 


a narrow range of values of T (from 2- 10-? to 7- 1077), where the 
e 


discrepancy is 5%. The results of Kays! numerical calculations (for a 
parabolic velocity profile) / 4/ are about 20% higher. The same discrepancy 
is observed between our calculations and those of Kays, when the velocity 
and temperature profiles develop simultaneously over the length at Рг = 
= 0.7. The above data show fairly conclusively that the Nusselt numbers 
obtained by the numerical calculations of Kays are higher than the actual 
values. 

An asymptotic expression for the Nusselt number is readily derived when 

1 x 


Ped is small and the velocity profile is parabolic. In this case (А «1 and 


$—1), equation (10) assumes the form 


x3 З 4 _ 2). 1 x 
2h 4+2(/2—+) Asa4— 2, 
20 ^ io a) Pe d 


, двора. 
Ре 4 


By determining A from the above equation, substituting its value іп (12), 
and eliminating the term 4-2 (which is negligibly small as compared 
e 


with = 4), we obtain 


Nu = 1.31 (s ae 
Pe d 


(14) 


which is in excellent agreement with the equation derived in /8/. 
1 4 
For low values of rae (i.e. , near the inlet of the tube, where the 
e 
thickness of the boundary layers is small), it is possible to derive another 
asymptotic expression for the Nusselt number. In the case of $« 1 and 
A«1, equation (10) assumes the form 


4 : 
AT | 0.2355 — 0.02965ь5-| en oem 
3 à Pe d 


The calculation results show that the i ratio depends mainly on the Prandtl 


number, апа in the case of 0.7 «Pr « 1000 and PRISE (ог 10 < Pr & 1000 
e 
and ET <2-10-3), the above ratio is expressed by the equation 
e z 


28 == 0.54рг-' . 
8 
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By substituting the above value in the preceding equation, we obtain 


0.54 Á"Pr- % (0.2355 — 0.0143 Pr») = 4 * 
Pe d 


Since the second term in the parentheses is small with respect to the 
first term, it is evaluated by approximation, assuming Pr= 1. We thus 
obtain 


z ж 
&—5в(с-=) рг. 
Ре 4 
By substituting the above expression in (12) and neglecting the term 4 xi 
e 


(because of its small value), we obtain 


l хү-я 

Nu = 0.46 | — — Pr^. 15 
(е | 29) 

Equation (15) coincides exactly with the equation for local heat transfer 

in the case of longitudinal flow around a plate at q,= const. [9]. Thus, the 
heat transfer near the tube inlet is approximately governed by the same 


laws as in the case of a plate. 
The use of the following interpolation equation (16) is suggested for the 


1 А 2 Я 
whole range of TEES values corresponding to hydraulic entry section (except 
e 


for very small values): 


Nu ] хү“ ] x \042 
= 0.35 | — — 142.85 | —— ; 
Nus iu) | +285 (2-1) | (16) 





(where Nu, is the Nusselt number for steady flow at q,7 const.); equation 
(16) describes the calculated results in the range 10-* « uy < 0.064 and 

1 е 
0.7 < Pr < 1000 with an accuracy of about 6%. At Red values higher than 


0.064, the velocity profile becomes parabolic and Nu = Nus. 
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FIGURE 3. Relationship between m and ËL for oil VM-4 (1,2) 
шу bw 
and water (3, 4): 


1— in the developed flow region; 2 — in the hydrodynamic entry 
section. 
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The value of Nu, may be calculated by the equation presented in /7/ or 
with the aid of an interpolation equation: 


|] x\7% | x 
Nu, = L31|[ — — 14+2——~). 17 
"s Eo т) (1+ 8.) (20) 


Equation (17) describes the results of our calculations for a parabolic 
velocity profile with an accuracy of +4% and is valid in the range of 
LŽ < 0.038. 
Pe d 

In order to account for the effect of the variable viscosity on the heat 
transfer during the flow of dropping liquids at high temperature gradients, 
we used experimental data/10-11/ for water andVM-4 oil, which were obtained 
in the hydrodynamic entry section and in the region of developed flow 
(Figure 3). These data are satisfactorily described by the equation 


where Nu and Nu are the Nusselt numbers determined in the experiment 
and calculated from equation (16) (assuming that the physical properties 
are constant); р, and s; are the values of the viscosity coefficient at the 
wall temperature and at the mean calorimetric temperature of the liquid in 
the given section. The physical properties of the liquid and the exoressions 
for the Nu, Pe, and Re numbers were taken to correspond to a temperature 


1 = 
t= y (ty 0). 


Equation (17) is valid for the case of heating of a liquid at 0.04< ** «1. 
Bx. 


Symbols 


Г — tube radius; /, — liquid temperature at the inlet; qą— heat flux 
density on the wall; А— thermal conductivity coefficient of the liquid; A 
and ò — thicknesses of the thermal and hydrodynamic boundary layers; 

ш — liquid velocity at the inlet; w, — velocity in the stream core or on the 
outer boundary of the boundary layer; A — temperature at the tube axis. 
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A.A. Zhukauskas and I. I. Zhyugzhda 


EXPERIMENTAL STUDY OF THE HEAT TRANSFER 
AND HYDRAULIC RESISTANCE IN THE ENTRY 
SECTION OF A FLAT CHANNEL DURING LAMINAR 
FLOW OF A VISCOUS LIQUID 


The fact that laminar flow obeys certain strict laws makes possible the 
use of the exact and approximate boundary layer methods /1-6/ (based on 
the Navier-Stokes, continuity, impulse, heat flux, and Bernoulli equations) 
for the determination of the various hydrodynamic and heat transfer 
characteristics of the entry section. However, all analytical studies have 
been based on a number of simplifying assumptions, while only a few 
experimental studies did not use these assumptions. Most of these studies 
were carried out in air streams /5, 7/. Very little experimental data have 
been collected on the local heat transfer, although such data may be used for 
the more exact determination of the nature of the physical phenomena. 
Hence, the main purpose of this work was to study the local heat transfer 
and resistance in various streams of a dropping liquid, within a wide range 
of variation of its physical properties. 

Our experiments were carried out in two hydrodynamic loops, in air, 
water, and transformer oil streams. The experimental section ( a rec- 
tangular channel with a cross section of 0.2X0.1 m) contained parallel plates 
assembled in a block, which simulated the investigated channel (Figure 1). 
The whole channel cross section was uniformly packed with the plates. 
However, only three plates at the channel center were heated directly by 
d.c. from a homopolar generator orfrom rectifiers. The measurements 
were made only on the middle plate, while the two outer plates served only 
for modeling. The required distances between the plates (or the heights 
of the flat channels) were adjusted with the aid of lateral ''getinaks''* strips. 
The heated surface of the plates was made of manganin alloy strips 
0.00018 m thick (the thickness was uniform over the whole cross section). 
Thus, we were able to obtain a constant heat flux density on the surface 
(д„== const.). The manganin alloy strips were glued onto the "getinaks" 
frame. Copper-constantan thermocouples used to measure the surface 
temperature were fitted underneath the alloy strips. Only the 0.04 m wide 
middle region of the plate was used in the measurements. The thermocouple 
emf and the potential drop on the measuring section of the plate and in the 
Shunts were measured by compensation. The flow velocity was determined 
from the amount of liquid, measured with a normal or duplex diaphragm. 

The studies were carried out at four different heights (s = 0.004; 0.01; 
0.02; and 0.05 m) of the 0.002 m thick plates forming the channel. The 
velocity was varied between 1.5 and 10.5 m/sec for the air stream, and 


* [Paper laminated with resin. ] 
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between 0.1 and 0.4m/sec for water and transformer oil streams. The 
local temperature gradient was varied between 274 and 313°K, the stream 
temperature between 286 апа 333°K, and the values of Рг; from 0.7 to 580. 
The hydrodynamic resistance was determined from the static pressure 
drop AP=P,—P, (Figure 1). 





FIGURE 1. Schematic view of the experimental sec- 
tion and the development of the hydrodynamic process. 


Over the length of the entry section (Figure 1), a region not affected by 

the viscosity forces (i.e., a potential flow region) was created in the 
channel center. In view of the growth of the boundary layers and the 
constant flow rate of the liquid in each channel section, there should be an 
increase in the potential flow velocity. This creates a pressure gradient. 
The pressure gradient and the increase in velocity are the main factors 
causing various phenonema in the entry section of the channel and accounting for 
the difference between the phenomena on a plate and in an infinite stream. 
The pressure gradient distorts the velocity and temperature profiles within 
the boundary layer, reduces the boundary layer thickness, and thus 
increases the heat transfer rate (as compared with a plate). The potential 
flow velocity increases in the same direction. An analysis of our experi- 
mental data obtained at different s in various liquid streams confirms this 
assumption, since our data lie above the straight line describing the heat 
transfer on a plate /8/. The data in Figure 2 show that the heat transfer 
rate in the entry section depends on the geometric characteristics of the 
channel, and that the increase in the rate (as compared with the heat 
transfer on a plate) may be accounted for by the introduction of an additional 





parameter In that case, the heat transfer in the eritry section of a 


5Кеу, " 
flat channel could be expressed by the following dimensionless equation 
(taking into account the effect of the temperature factor): 


Nu, = c Вер Pry [ id 
s Ке, 





[Purr (1) 


The values of the exponents of Rej, and Pr, in equation (1) remain the 
same as in the case of a plate: m= 0.5 and n= 0.33. Subsequently, by 


x 


plotting the function Nu,,Re;,°5 x Pry? [Pr Prt = f it is possible to 





determine the value of the exponent r = 0.1 (Figure 3)" The same figure 
contains data on the local heat transfer on a plate /8/. As is evident from 
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Figure 3, the experimental data for the heat transfer in the entry section 
approach asymptotically the data for heat transfer on a plate. Thus, on 
the basis of the data in the figure, we can derive a general equation for 
the local heat transfer in the entry section of a flat channel: 





0.1 
№, = [оаза ) | Pr? "[Pry/Pr,, 25 


S кер; 





0? 0 0° Regs 
FIGURE 2. The relationship К, =Nupy p;y 9:33 (Prg/Pr,,] = 
=f (Rep). 
1,4-- with transformer oil at s = 0.05 and 0.004 m respectively; 
2,3 — with air, water and transformer oil at 1 — 0.02 m and 
0.01 m respectively; 5— experimental data for a plate /8/. 


The experimental data are shown in Figure 3; the same data were 
used to derive equation (2). The data were obtained with the aid of the 
same plate-type calorimeter in the cases of both the plate and the channel. 
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FIGURE 3. The function Kı =Nup, Rej? prp 99 [Pry/Pryl 0:25 = F( 


же) 
(the symbols used are the same as in Figure 2). 


5,6 — experimental data from /5/ and /8/. 


Using the data in Figure З, let us determine the constant с; 


it is 
expressed by the equation 





0.55 0.15 
x | 5 n ( 3) 


In order to make equation (2) more general, it is necessary to introduce 
a coefficient x for the nonisothermal conditions on the channel surface /8/. 


In our investigation (as in the case of /8/) the temperature gradient changed 
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in accordance with the equation At,=t,,—t;=Ax’, where 0=0.4. Thus, the 
local heat transfer in the entry section of a flat channel is expressed by the 
equation 





0.25 
Nu, = [osse ( ) } реў; Pr? [PryPr, Jo, (4) 


5ке; 


The mean heat transfer may be determined by integration of the local 
heat transfer coefficient (calculated from equation (4)) over the given 
channel length. 

The hydraulic resistance is a parameter of great practical importance. 

In our investigation, its value was determined by measuring the static 
pressure drop in front of and behind the channel, with subsequent processing 
of the collected data by using the equation 





1 к 
Eu =c, | ———], 9 
1 2s Res, ) (5) 
where 
Eu =A, Re, = 225 
pu. ҮР 
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FIGURE 4. Hydrodynamic resistance in the entry section of a flat channel. 


1 — with air, transformer oil, and water at s = 0.01 m; 2— with air and trans- 
former oil at s = 0.004m; 3-— with transformer oil at s = 0.02m; 4,7— 

experimental data from /5/ and /7/ respectively; 5,6 — results obtained by 

theoretical [analytical] calculations in /4/ and /1/ respectively. 


The nature of the hydrodynamic process in the entry section of the 
channel shows that in it the energy is expended for overcoming the friction 
forces and for accelerating the potential flow. A very small fraction of 
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the energy is lost as a result of velocity redistribution at the channel inlet 
and outlet. 

By generalizing the experimental datain logarithmic coordinates with the 
aid of equation (5), we determined the values of the constant c, and the 
exponent x. We found that the hydrodynamic resistance in the entry section 

x 


2s Res, 





at - values between 2- 107? and 9: 1074 is expressed by the equation 


1 0.56 
Еи = 11.0 ( ) ; (6) 
2s Re 





As is evident from Figure 4, at high values of the above parameter 
x 


[ 2sRe,, 
steady-flow resistance law, while at low values of the above parameter, 
it approaches the law describing the resistance on a plate. 

The data of other investigators, which are shown in Figures 3 and 4, 
are in good agreement with our experimental data. 





], the resistance in the entry section approaches asymptotically the 
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E.E. Solodkin апа A.S. Ginevskii 


TURBULENT NONISOTHERMAL FLOW OF A VISCOUS 
COMPRESSIBLE GAS IN THE ENTRY SECTIONS OF 
AXISYMMETRICAL AND FLAT WIDENING CHANNELS 
WITH ZERO PRESSURE GRADIENT 


The flow of viscous incompressible fluids in the entry sections of flat 
and axisymmetrical channels with fully turbulent boundary layers has been 
studied in /1,2/. In particular, these studies were concerned with the flow 
in the entry section of an axisymmetrical slightly expanding channel with 
zero pressure gradient and in the entry sections of flat, round, and annular 
tubes. 

As indicated in / 1/, in addition to their theoretical value, the results of 
such studies may be used also for the investigation of flow in the entry 
sections of corresponding cylindrical tubes. 

It is of interest to investigate such flows in the case of a viscous 
compressible gas, both with and without heat transfer in the entry sections 
of axisymmetrical and flat channels at subsonic stream velocities. 

It could be assumed that the compressibility of the gas, and in particular 
the heat transfer, would have a marked influence on the aerodynamic 
characteristics of the channel — the Pitot loss coefficient, the length of 
the entry sections, etc. 

In this paper we report the study of the nonisothermal flow of a viscous 
compressible gas in the entry sections of axisymmetrical and flat channels 
with zero pressure gradient at subsonic flow velocities, and within a wide 
range of values of the temperature factor. 

We now analyze the nonisothermal flow of a viscous compressible gas 
within the entry sections of expanding round and flat channels with a zero 
pressure gradient. The following schematic presentation of the flow would 
Serve as a basis of the above analysis. 

In the entry section of the channel, the velocity, temperature, Mach 
number, and other flow parameters are uniformly distributed across the 
channel. As the distance from the entry section of the channel increases, 
the effect of viscosity forces on the channel walls causes an increase in 
the boundary layer thickness while an isoentropic flow core is created 
within the remaining part of the channel cross section, nearer the axis. 

If heat transfer takes place, the last assumption implies also that it affects 
the velocity and temperature distributions only within the boundary layer. 
The static pressure across the boundary layer remains constant. The last 
two assumptions lead to the conclusion that the velocity, temperature, Mach 
number, and other flow parameters remain constant across the channel 
within the flow core. It is assumed that the flow in the boundary layer is 
turbulent. In order to confirm this assumption, we shall analyze the 
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nonisothermal flow of a viscous compressible gas in an expanding round 
channel with a zero pressure gradient at a constant wall temperature. 

The problem will be solved by taking into account the effect of the 
lateral surface curvature on the characteristics of the axisymmetrical 
turbulent boundary layer. A general solution to the problem of the effect 
of lateral surface curvature on the characteristics of an axisymmetrical 
turbulent layer of compressible gas has been presented in /3/. 

The above method is applied below to the particular case analyzed by 
us, using the following approach. 

The velocity profile in an axisymmetrical turbulent boundary layer is 
determined with the aid of the Prandtl equation 


т = pl? (du/dy), (1) 


relating the frictional stress tothe averaged velocity gradient (! is the mixing 
path length). 

On the basis of the motion equations and the boundary conditions on the 
walls for the longitudinal and lateral velocity components, we can represent 
with an accuracy down to the third decimal point) the frictional stress near 
the surface by an equation of the type 


rt=const = ry Ty. (2) 


Here and below we shall assume that for any section of the channel, the 
tangent to its generatrix forms a very small angle © with the channel axis; 
this assumption is supported by the calculation results. Hence, it may 
be assumed with great accuracy that 


cosO=1 and r,—ycosO=r,—y. (3) 


In the vicinity of the surface (where condition (2) is obeyed), it may be 
assumed that the mixing path length is proportional to the distance from 
the wall 


l= ky, 
where k is an empirical constant (k = 0.392). 
In order to establish a relationship between the temperature and the 
velocity, the energy equation (with the respective boundary conditions) is 


written in terms of Crocco variables and is integrated for condition (2). 
As a result we obtain 


T= T, + (T, —T a)i г, olus (4) 


where 





Tepes. e 
n и 
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, is the temperature recovery coefficient (г„=0.88); the subscript w refers 
to the conditions on the wall, 6 to the conditions on the outer boundary of 
the boundary layer, 0 to the stagnation in the outer flow, and r to the 
conditions on the thermally insulated surface. 

By using the phase equation and the condition of constant pressure in the 
boundary layer, we obtain an equation for the relationship between the 
density and velocity in the boundary layer: 


Ж 





Рша з 2 
P= TF 2Ви — Aa’ (5) 
where 
og. eet SO Sl д Гь гь 
T. 1— a ў T, 1—8 - 


By substituting (2), (3), апа (5) іп (1) and integrating across the boundary 
layer, we obtain the final equation for the velocity profile 





i= = созд + VEBE Sing, (б) 
where 
ido. Vis- (Vis) З 
z (Vi-iy eU (Vi1—i- 1) 
Bas; go, 


In order to derive the law of resistance, we introduce into our analysis 
the laminar sublayer. It is assumed that the thickness of the laminar 
sublayer depends on the frictional stress on the wall, on the values of the 
density and viscosity over the laminar layer thickness and on the radius 
of the channel cross section, i.e., 


8, = 8, (ту, fay Pay г). 
Then, оп the basis of {һе П theorem of the theory of dimensionality, we 
obtain 


MV рау 
= т ray DD 
puros (т) 


where 


ly Vig Hay __ 
Вау : (7) 
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The value of the term y,,/p,, in equation (7) is determined as follows: 
5 


Уш e УК] {те (8) 


Рау 5 


By using the Newton equation for the frictional stress t=p 59 under 


condition (2), we obtain the following equation (valid within the laminar 
sublayer): 


dy= P du. 


fo Tw 


By substituting the expression for dy in (7) and (8), and by assuming that 
the viscosity coefficient р ~ T^, we obtain equations for т, and u, 


e, Es (+284, — Au" (1+ 2B 49. (9) 
б ta (14 Ba — и) 


Е -k 
рее ah rd {вс |a w in(1— 2) 
А AB z " 


w 


SAs [4 A (i Е a (10) 


where Ке,=цулру/; п = 0.76, and the subscript 1 refers to the values in the 
entry section of the channel. 

The values of u, and п, may be determined by simultaneous solution of 
equations (9) and (10). Because of the small thickness of the laminar sub- 
layer with respect to the channel cross-section radius, we have 











TK and hence equation (10) may be greatly simplified yielding 
w 


n |885 (4 ŽE) easi (a £5) |. (11) 
A? z z 


Equation (11) coincides with the equation for u, in the case of a flat 


plate, and hence we shall assume below that a is constant and has a value 
of 12.5. 


By equating expressions (10) and (6) for y—5,, we derive the law of 
resistance, which may be presented in the following form: 


ES 4Ce* 


mI on 12 
Tw (14+ Ce*p Oe) 


where 





x 


—к= k 
Cuil 1—о/ (— z) Ы Ф = ~ arsin 
A? — В? 


1+} 1— Mw Ny A 
х ( VIF A. 1-- $) 
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In the case of М, =0 but Te #1 (4 =0.28 = = 1), the preceding equations 
a 


assume the forms: 


EX 1 rS 2 B I 2 
—14 — VIX2B In —- — — In |9 |; 6 
gets AS TIEG E » (49) (ба) 
2-8 (142), RS 
2 2 z 
Ва (1-2Bu,)-^(12-2By*^ (9а) 
Tw = Ree ee 
2 ш (1+ Bu) 
LIRE c MSS 
To (14C) ' 


where 


— 1— a/y а i — 
quus E mme (1 £j рен тв, 
1+ V 14- ат, No 


In the case of M, =0 and ТТ, =1 (4? =0, B=0), the above equations become 
even simpler: 





- ] 2 
= — | —g): 
u 1+ in (Za) (6b) 
te = Ë Res (9b) 
2 
nee: (10b) 
2 
8 4Ce: 
fe (Се) 


where 


1—/ 1— 2/2, (12b) 
I+y 1— ahw ` 


The impulse equation for a round expanding channel with zero pressure 
gradient has the form 
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The physical meaning of 0** is the momentum area, The value of 
may be calculated by using the flow rate equation. In the case of a round 
expanding channel with zero pressure gradient, the flow rate equation is 
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or, in a dimensionless form 
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In the expression above, v*is the displacement area. 

Thus, the three unknowns 2, г, and 0**/? can be determined for given 
values of the parameters M,, T/T, and Re, by using the differential equation 
(13) and equations (14), (15), and (16). ` 

In equation (13), we may leave the value of z as the unkown. A function 
z — z (х/т) may be derived by substituting in equation (13) the values Ty (2) 


апа t (z) for given values of the parameters M, T,/T; and Re,, and by 
1 
integrating (taking into account the fact that at x 20 we havez=z). However, 
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since the functions r, (2) and St are complicated and hence may be 
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am 
expressed only by graphs, and the determination of the derivative a (s ) 
1 


involves graphical differentiation, it is more convenient to use the value 
of рм as the independent variable. 
By integrating (13) over $**/? (bearing in mind the condition that at 
x=0 ve =0), we obtain 
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From the values of a (=) derived in this way, we may obtain the 
1 ! 

distribution of the remaining parameters along the channel axis, namely: 
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It is possible to determine also the values of -z = = es wie 21 с) 
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the local coefficient of friction 
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5% 
and the local heat transfer coefficient 
9, = © 
"T PCS (Т, Т) 2s (19) 
where s is the Reynolds analogy coefficient equal to /3/: 
s =0,858—0,058 u, . (20) 


The determination of the Pitot loss coefficient is of great importance in 
the investigation of flows in channels. We shall derive below equations for 
the calculation of the Pitot loss coefficients for the flow of a viscous 
compressible gas in the entry sections of flat and axisymmetrical channels 
both with and without heat transfer, provided that the Prandtl number for 
turbulent mixing is other than unity. 

Since the total head is substantially nonuniform across the channel, 
some averaging law must be used for the determination of the Pitot loss 
coefficient. As in the case of an incompressible fluid /1/, we shall 
average the total head on the basis of the mass flow rate. 

In accordance with the above, we shall define the Pitot loss coefficient 
as the ratio of the total head differences between the entry and the given 
channel section (averaged on the basis of the mass flow rate) to the velocity 
head in the entry section 
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By substituting (22) and (23) in (21) and using the flow rate equation 
we obtain the following expression for t: 
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On the basis of the above assumptions concerning the constancy of the 
static pressure across the boundary layer, and in the presence of an 
isoentropic flow core, the pə/Po ratio may be presented as follows: 
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Using the above equation for рур, we obtain the final equation for the 
calculation of E: 
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In some cases, equation (26) may be somewhat simplified. For instance, 
at subsonic velocities in the presence of heat transfer, it assumes the form 
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Equation (27) may be simplified even further in the case of М =0. In 
this case: 
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Equation (26) is greatly simplified also in the absence of heat transfer, 
assuming that Рг = Рг, = 1 (when Т,= Ты). For subsonic velocities it 
assumes the form 

5 а) 120772, ' (29) 
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FIGURE 1. Changes іп r,/r: along the axis. 


a — axisymmetrical expanding channel with a zero pressure 
gradient at Re, = 10° and Machnumbers 0; 0.5; and 1.0: 
О: 0, cet 1.0; b— flat channel 
atRe, — 10? and the same Mach numbers. 





In the case of an incompressible fluid, equation (29) assumes an even 
simpler form /1/ 


(30) 





The above equations were used to calculate the characteristics of an 
axisymmetrical expanding channel with zero pressure gradient, for the 
following values of the flow parameters: М, = 0; 0.5; 1.0; 7.7 = 0.2; 
1.0; 5.0; and Re, = 105, Theresults are tabulated in Tables 1-5. In 
all cases d,=2r). 

In analyzing the calculation results, we notice that for the above values 
of Re, and the temperature factor T,/T,, all characteristics except the Pitot 
loss coefficient Е are virtually independent of the value of M (within the 
range of Mach numbers studied), but are strongly affected by the tempera- 
ture factor T,/T;. Within the above range of Mach numbers, the value of E 
changes as a function of M according to the р (4 law. Thus, the value of 
Ур (їч) is also virtually independent of the Mach number (see Figure 5). 

Check calculations made by us show that the effect of the Mach number 
and the temperature factor also remain the same at other values of Не. 

The above result enables us to suggest a method for the determination 
of the various characteristics of a round expanding channel, within the 
above range of Mach numbers and at different values of the temperature 
factor. 

For given values of Re, and the relative distance from the channel inlet 
x/r, we determine the respective characteristics for an incompressible 
fluid using the graphs from /1/. From there we take the values of буг 
(the lines showing the values of 6,, are plotted on all the graphs). 

Since for the above values of Re, and the temperature factor T,/T; the 
curves showing ó/r, as a function of x/r, are virtually independent of the 
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Mach number (in other words, the maximum length of the entry section 
(x/r\)max_ is independent of M at the given Re, and 7,/Т), the effect of the 
temperature factor on the respective characteristics could be determined 
with great accuracy by linear interpolation between the values of the said 
characteristics for various values of TT: along the line 6/7, = const. 





FIGURE 2. Calculation of the entry FIGURE 3. Changes in the local friction re- 
section length for: sistance coefficient along the axis. 

а — an axisymmetrical channel at 7,/Ts a — axisymmetrical channel at Re, = 10 
Re; = 10? and a temperature factor of and temperature factor 7,,/75 values of 0.2, 
5.0, 1.0, 0.2; b— flat channel at 1.0, and 5.0; b — flat channel at Reg = 105 
Reg — 10° and the same values of and the same values of Т/Т: 

Ty/T8 


The velocity and temperature profiles, as well as other boundary layer 
characteristics of a nonisothermal flow of a viscous compressible gas in 
the entry section of a flat expanding channel with zero pressure gradient 
may be calculated using the equation derived by finite transition of the 
respective equations for the axisymmetrical case at г„—>о. 

The equations thus derived for a flat expanding channel were also used 
for the calculation of the characteristics of such a channel. 

It is of interest to mention that also in the case of a flat channel, all 
characteristics except § are practically independent of the Mach number 
(within the Mach range studied) but are strongly affected by the temperature 
factor. Also, within the Mach range studied, the value of E changes with 
M according to the p (М) law, i.e., t/p()is virtually independent of the 
Mach number (see Figure 5). 

On the basis of the above statements, we can suggest a method for the 
determination of the characteristics of a flat expanding channel for 
different values of the temperature factor; the method is analogous to the 
one outlined for the case of an axisymmetrical expanding channel. 

The above results for axisymmetrical and flat expanding channels with 
Zero pressure gradient make it possible to determine also the 
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characteristics of annular expanding channels with zero pressure gradient 
(except for the entry section length, which is determined on the basis of 
the condition that the combined thickness of the boundary layers on the 
convex and concave surfaces must equal its doubled hydraulic radius 
h-r,—r:) . 





FIGURE 4. Changes in the local heat transfer FIGURE 5. Changes in Ё/р (Ау) along the 
coefficient along the axis. axis. 

a — axisymmetrical channel at Re, = 105 and а — axisymmetrical channel at Re, = 10° 
temperature factor Т„/Т = 0.2, 1.0, 5.0; and temperature factor Ty /T& = 0.2, 1.0, 
b — flat channel at Кер = 10? and the same 5.0; Ь— flat channel at the same values 
values of T, /Ts. of T,/Ts. 


If the doubled hydraulic radius is taken as the characteristic linear 
dimension of the annular channel, this would be equal to the radius r, in the 
case of a round channel, and to the channel height h in the case of a flat 


channel. Curves for the function 45) at Re, = 10? are shown in Figure 


6 for axisymmetrical and flat channels. 





0 70 2 I 40 40 0 zh 


FIGURE 6. Plots of ET against (+) for axi- 


symmetrical and flat channels at Rey = 10°. 
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As is evident from the figure, the curves for the round and flat channels 
lie close to each other. A similar agreement is also observed for the 
other channel characteristics. 

However, it should be noted that the problem of a slightly expanding 
annular channel with zero pressure gradient is not unambiguous, since the 
cross section may be expanded either by increasing the radius of the outer 
concave surface, by reducing the radius of the inner convex surface, or 
by the combined effect of both the above factors. 
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P.N. Romanenko and N. V. Krylova 


EFFECT OF THE ENTRY CONDITIONS ON THE 
HEAT TRANSFER IN THE ENTRY SECTION OF 
A TUBE WITH TURBULENT AIR FLOW 


The knowledge of averaged (over the surface) values of the heat transfer 
coefficient alone is insufficient for the effective use of heat transfer 
Surfaces for the determination of the maximum temperature points, and 
for solving the problem of the reliability of heat transfer equipment with 
relatively short tubes; all these require the availability of data on the 
distribution of local heat transfer coefficients over the surface. 

In the case of а laminar boundary layer in the entry section of a tube, 
the heat transfer problem may be solved by known analytical methods. 

The extremely complex nature of the mechanism of turbulent flow makes 
it impossible to obtain reliable heat transfer data on the basis of a 
theoretical analysis in the case of a turbulent boundary layer. 

Local values of the heat transfer coefficient in the entry section of a 
tube are determined by the development of the thermal and dynamic 
boundary layers. For given values of the flow parameters at the inlet of 
the tube, the development of the boundary layers in the entry section 
depends on the boundary conditions on the tube wall and on the outer 
boundary of the boundary layer. The conditions on the wall are determined 
by the law of wall temperature changes and by the heat load distribution. 
The conditions on the outer boundary of the boundary layer depend mainly 
on the pattern of change of the potential flow velocity over the longitudinal 
coordinate, which is determined by the boundary conditions on the wall and 
by the intensity of the heat load. 

In many cases, the flow at the tube inlet is either disturbed by the inlet 
edge of the tube, or else it has a definite velocity profile, this depending 
on the conditions at the tube inlet. These peculiarities in the development 
of the heat transfer process at the entry section of a tube give rise to the 
difficulties encountered in attempting to derive general rules for local heat 
transfer coefficients. The dimensionless equations derived through 
generalization of experimental data by the conventional methods of the 
theory of similarity have limited application, since for flow similarity 
in the entry section, it is necessary to have both similar boundary conditions 
at the tube inlet and similar values of an additional dimensionless number 
characterizing the heat flux intensity. The need to account for the 
simultaneous effect of several dimensionless numbers on the heat transfer 
causes technical difficulties in the dimensionless processing of experimental 
data for the entry section. In Some cases, adequate selection of exponents 
for the dimensionless similarity numbers makes it possible to group the 
experimental data around a single curve. However, itis never certain 
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whether the effect of each separate number has been accounted for, and 
whether mutual compensation of the effects of several dimensionless 
numbers has been eliminated. 

Experimental studies of the effect of entry conditions on the heat 
transfer in the entry section of a tube, with generalization of the experi- 
mental data in the form of dimensionless equations, have been carried out 
іп /1-3/. The authors of the above papers have discussed the heat transfer 
and friction in the flow of a heated fluid in a straight tube with a smooth, 
tapered-edge inlet, as well as with a smooth deflection at an angle of 90° 
/1/; experimental data are provided on the heat transfer in the entry 
section of a tube with smooth inlet, sharp edge, and a hydrodynamic 
stabilization section, in the case of turbulent water flow /2/; the investiga- 
tion of the heat transfer in the entry section of a tube with air flow and under 
two inlet conditions (contraction, and a preliminary hydraulic stabilization 
section) is described /3/. The measured data for the contraction inlet 
were insufficient for the establishment of any general laws. 

All the above papers are characterized by a common flaw, namely, the 
narrow range of values of the Reynolds number (Re»<6 · 10%) encompassed by 
the experiments. Developed turbulent flow in the entry section could 
hardly be expected at low Rey. The authors of /2/ note that in the entry 
section of a tube with smooth inlet, а laminar boundary layer was observed 
at Rep values up to 5-104, Transitional flow conditions were observed 
simultaneously with the laminar flow. Because of the difficulties in the 
dimensionless processing of experimental data by the conventional methods 
of the theory of similarity, the authors of the above papers were unable to 
derive general laws taking into account the effect of the entry condition on 
the heat transfer in the entry section. Some data on the above problem may 
be found in /4-7/. Our investigation was based on the fact that virtually no 
studies have been made on the effect of entry conditions on the heat transfer 
in the entry section, while the available dimensionless equations generaliz- 
ing the experimental data for separate entry conditions are very scarce. 
The investigation procedure was based on the theory of local modeling, the 
basic principles of which have been established by Ievlev /9, 10/, and 
developed by Leont'ev /11,12/. According to the above theory, the heat 
transfer and friction coefficients may be determined from the integral 
equations for motion and energy, provided that the generalization of the 
experimental data has established the general laws for the friction and heat 
transfer in the turbulent boundary layer. The general laws for heat 
transfer and friction in the boundary layer are described by empirical 
equations showing the relationship between the local values of the friction 
coefficient and the Reynolds number for the momentum thickness Rep 
on the one hand, and the heat transfer coefficient and Reynolds number for 
the energy loss thickness Re, on the other hand. At supersonic flow 
velocities, in the case of fluid flow under injection or evacuation of the mass, 
and in the presence of other disturbing factors, the friction and heat 
transfer equations comprise additional terms accounting for the effect of 
these factors on the friction and heat transfer. 

The integral energy equation for the boundary layer may be written as 





d Re, + Ке, d(T, zm: Т) = StRe,; (1) 
dx Т,— Т ах 
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Equation (1) yields the following equation for the determination of the 
Reynolds number for the range of subsonic gas-flow velocities: 


x 
( 9, dx 
E RR (4) 
Re Ра Ср, (Te— To) 


Within the entry section of the tube, the temperature in the potential- 
flow core remains constant and is equal to the temperature of the fluid at 
the tube inlet. Hence, the measured heat fluxes on the walls q, may be 
used to calculate the values of Re. at any control cross section of the entry 
Section, and from there to determine the distribution of Re, over the entry 
section length. In addition to the heat flux, it is necessary to determine the 
wall temperature. The gas parameters within the flow core (which must 
be known in order to calculate the local St numbers) may be determined by 
using gas-dynamics functions, and the data obtained in measuring the flow 
braking parameters and the static pressure distribution over the tube length. 

The experimental setup used to study the effect of entry conditions on the 
heat transfer in the entry section of the tube consisted of an aerodynamic 
tube (for intermittent action) with detachable nozzles and experimental 
sections. The setup comprised, in addition, an air compressor (2R-4/220) 
with an output of 0.5 nm?/sec, a receiver with 120 oxygen cylinders of the 
A-40 type, a 300 kw electric heater, an ejector, an oil separator, filters 
for the removal of oil and dust from the air, and measuring instruments. 
An 1100 kg reserve of air could be accumulated using the receiver, and 
thus, at a flow rate of 0.5 kg/ sec the experimental time was about 35 min. 

The experimental section was made of a copper tube 15m long and 
0.047/0.05m in diameter. The experimental section was surrounded by a 
jacket, and cooling water from a pressure vessel was passed through the 
Space between the tube wall and this jacket. The jacket was divided into 
15 compartments over the section length with independent coolant supply to each 
compartment. The flow rate of water through the section was constant. 

The heating of the water in the compartments was measured with 
differential thermocouples. 

The following parameters were measured during the experiment: the 
distribution of the static pressure and the wall temperature over the tube 
length, the flow rate of the cooling water and the temperature gradient 
between the water in each compartment, the airstream braking parameters 
at the entry of the working section, the temperature and dynamic head 
distribution in the potential flow core, and in the boundary layer, the 
pressure drop in the measuring diaphragm. The dynamic head was 
measured using pneumometric microtubes connected to differential 
manometers filled with ethanol or mercury. The static pressure was 
measured with extraction tubes, which were introduced into the experi- 
mental tube through the wall. In those compartments in which we measured 
the dynamic head distribution, the extraction tubes were placed on the 
planes of the Pitot tube tips. The other ends of the static- pressure 
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measuring tubes were connected to differential manometers, which had 
their second tubes open to the atmosphere. The barometric pressure was 
measured with aneroid barometers. 

The stream temperature in the control cross sections of the experimental 
section was measured with movable chromel-alumel thermocouples which 
(like the Pitot tubes) were positioned within the stream by means of a 
coordinating device. The construction of the experimental setup and the 
working section have been described in more detail in /13,14/. 

On the basis of the measured static pressure, wall temperature, and 
temperature increase of the cooling water in the compartments, we plotted 
graphs for the changes in the static pressure p, the wall temperature Tw, 
and the temperature of the coolant in the compartments over the tube 
length. The graphs were then used to calculate the local values of the heat 
flux gy, the St number, and the Re, number. The thermodynamic air 
temperature was calculated using aerodynamic functions, with the aid of 
the equation 


Tx Tmeas (5) 
a J553 t , 
1+ 0.040551? r 


c, (1 — 0.16672?) 


where r is the temperature recovery coefficient (its value was assumed to 
be 0.88), and А is the velocity coefficient. 

The heat flux on the wall q, was determined from the heat balance for 
the cooling water in each compartment 


c,G At 
Vw =~ + (6) 





where G is the flow rate of the cooling water, kg/hr; At is the increase in 
the water temperature, deg; Fis the heat-transfer area, m?; and c,is 
the isobaric heat capacity of the water at its mean temperature in the 
section, j/kg deg. 

We carried out 80 experiments and processed the data obtained in 
56 of them. The experiments were carried out with entry elements 
of the following types: nozzle section with tapers of 30, 45, and 
60°; sudden contraction (sharp edge) at Dinier/ D = 4.3 (where Dine and D 
are the inner diameters of the tube before the section and in the working 
section); smooth entry; preliminary hydrodynamic stabilization section 
with a length of 40 diameters; sudden expansion with Dinet/ D = 0.5. The 
experiments extended over а Re, range of from 5-104 to 8.7- 105 with air 
temperatures from 470 to 650°K. The flow velocity of the air at the entry 
to the working section ranged from 30 to 300 m/ sec, and the wall tempera- 
ture in the different experiments ranged from 300 to 335°K. A constant 
wall temperature was maintained throughout each experiment corresponding 
to a given set of conditions. 

The experimental section was heated before the start of the experiment. 
It was assumed that steady-state conditions had been established when the 
fluctuations in the flow stagnation temperature did not exceed + 0.5*. 

The experimental data for the different entry condition to the tube were 
processed in terms of the St number as a function of Re,. The values of 
these numbers were determined by means of equations (3) and (4), after 
the determination of the heat flux q, from equation (6). 
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The results obtained in the processing of the experimental data are shown 
in Figure 1, on which there are straight lines approximating the positions 
of the experimental points. The points lie round the respective lines with 
a dispersion of +10%. 
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FIGURE 1. Dependence of the local Stanton number (St) on the local Reynolds number 
(Re, ). 

1— smooth entry; 2 — preliminary hydrodynamic stabilization section; 3,4,5 — 
nozzle entry sections with tapers of 30, 45, and 60°, respectively; 6 — 

sharp edge. 


Figure 1 shows that the smooth entry affects the heat transfer least. 

T he heat transfer pattern in the entry section of the tube with preliminary 
hydrodynamic stabilization section is almost identical with the heat transfer 
pattern in the case of a smooth entry, i.e., in the case of simultaneous 
growth of the thermal and dynamic boundary layers. Evidently, this could 
be attributed to the high degree of filling of the velocity and temperature 
profiles in the last case. 

The contraction angle of contracted entry sections also affects the heat 
transfer in the entry section of the tube. The heat transfer increases with 
increasing taper, and reaches a maximum in the case of a sharp 
edge. As the taper is reduced, the heat transfer rate approaches 
that in the case of а smooth entry. Approximate equations describing the 
heat transfer in the cases shown in Figure 1 are presented below. 

In the case of a smooth entry St = 0.009 Re;?*; in the presence of a 
hydrodynamic stabilization section St= 0.01 Re;,??!, 

In the case of a nozzle entry with a taper «= 30°, St = 0.0153 Re, ?*9:; 
a= 45°, St = 0,0198 Re,?'5; a= 60°, St = 0.0252 Re;**5, In the case of 
a sudden contraction (sharp edge) «= 180°, St = 0.116 Re,?'^., 

The data in Figure 1 show also that at Reynolds numbers of the order 
of Бе, 104, the curves showing St as a function of Re, for any entry 
condition coincide with the respective curve for a smooth entry. In view 
of the above experimental observation, the effect of the taper 
(in the nozzle entry) on the heat transfer in the entry section of the 
tube could be described by the equation 


St =St’ € (7) 
е 


where St’ and Re,, are the Stanton and Reynolds numbers for which the 
curves St —f(Re,) for the different entry conditions intersect with the 
respective curve for a smooth entry. 
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The dependence of m on the taper a is shown in Figure 2. It 
is evident that the experimental points lie on a straight line described by 
the equation 


m = 0,22 + 0,001442. (8) 


In experiments with a sudden expansion of the flow at the entry to the 
tube, there was a certain decrease in the heat flux near the entry cross 
section, but an increase in the heat transfer rate was observed afterward. 
This may be attributed to the fact that an eddying zone with a small, low- 
velocity reverse flow of air is created in the immediate vicinity of the 
entry to the tube in the case of a sudden expansion of the flow. The problem 
of heat transfer calculations for the region where macroscopic eddies 
prevail should be the subject of а separate study. 

Using equations (7) and (8), it is possible to determine the length of the 
thermal stabilization section, i.e., the distance between the entry cross 
Section and the cross section at which the thermal boundary layer reaches 
the axis of the tube. The values of Re, at the end of the entry section, 
calculated from the flow conditions for thermal stabilization and from the 
steady-state flow, must coincide. 
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FIGURE 2, Dependence of the exponent of the Reynolds number 
for the energy loss thickness (in the case of heat transfer in the 
entry section of a tube) on the taper of the nozzle entry. 


The empirical equations describing the relationship between St and Re, 
for different entry conditions (of the flow into the tube) and the integral 
energy equation for the boundary layer may be used to derive a calculation 
method for the heat transfer in the entry section. In view of the fact that 
the changes in the potential flow velocity over the longitudinal coordinate 
are unknown (for the internal problem), it is necessary to use an additional 
equation for the total flow rate of the gas in the tube cross sections. This 
means that the calculations of the thermal boundary layer should be made 
in conjunction with calculations of the dynamic boundary layer. 

We write the continuity equation in the following form: 


R 
б={( 2n rpudr (9) 
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5+ 
piu = ри (1-2 4) (10) 
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where и, апа р, аге the velocity and density of the flow at the tube entry; 


b 
$® = ( ке (12) dy is the dynamic displacement thickness. 
Pry 


It has been shown /11/ that at subsonic flow velocities, the continuity 
equation may be presented in the following form: 


Re, = Rey, + 5.2 Tw Rey, (11) 
where 


uD, 


Rey, = М T, = Tu 
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T, 








Equation (11) describes the relationship between the thermal and 
geometric effects in the entry section of the tube. 

The calculation of the heat transfer in the entry section of the tube is 
thus reduced to the solution of the system of three equations (1), (7), and 
(11). Taking into account equations (7) and (11), equation (1) takes another 
form: 


dRe, d(T,—T,) 5 ‚ Кел 
Ф Раи ла 2 КА 5.2Т UI, 
d: + Reg if, ДҮҮ; (Rep, + w Re) S Re? (12) 


When the temperature factor T, remains constant over the tube length, we 
obtain 


Кеке ge (13) 
St’ Кер, (Rep, --5.2T., Re,) 


Integration of equation (13) yields 


Reg " 
eye МЕР f . .ReedRe _, (14) 
St’ Reg, ; Rep, + 5.27, Re, 


An expression for the integral in equation (14) for the case of a smooth 
entry of the gas into the tube has been given in the literature /11/. 

Using equation (14), it is possible to calculate the changes in the local 
values of Rey over the length of the entry section of the tube. From these 
values of Rey, it is possible to calculate the respective values of the 
Stanton number, by using equation (7). 

The general solution of the energy equation (1) may be presented as a 
series. 

Taking into account equations (7) and (11), we can write equation (1) in 
the following form: 


d 
A = ARez;" + В Кер", (15) 
X 





where 


A = St'Rej, Кер; B = 5.27, St Res, - 
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FIGURE 3. Dependence of St T° on Re, for the entry section of the tube. 


1 and 2 — data of the authors for a nozzle entry with а = 60° and for a 
sharp edge; 3 — data of Lel'chuk and Dedyakin /5/; 1— heat transfer law for 
a turbulent boundary layer /12/. 


From equation (15) we obtain 


С Кері Кер 
Я) A+ BRey ` (16) 


The integral in equation (16) is expressed by the series 
Reg E Reo 
дела Rep = e (4 E ei 
f. "TT ad) | 1) dRe, = 
1=00 


0 
блк In ue 
A] itm+1 


(17) 


Ms: 


E» 
A 
= 


l 
© 


The series (17) converges rapidly at Re, < £ : 


Our experimental data on the heat transfer in the entry section of a tube 
(for various entry conditions) are compared in Figure 3 with the experi- 
mental data of /5/ and the theoretical curve of /12/; a satisfactory 
agreement is observed. 


Conclusions 


1) New experimental data have been collected on the effect of the entry 
conditions on the heat transfer in the entry section of a cooled tube during 
turbulent flow of hot air. 

2) Generalization of the experimental data on the basis of the local 
modeling theory makes it possible to suggest a method for the calculation 
of the local heat transfer coefficients in the entry section, taking into 
account the entry conditions. 

3) The data required for heat transfer calculations by the above method 
have been collected. 


4) Our experimental data are in good agreement with the data of other 
investigators. 
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IV. STUDIES OF THE INTENSIFICATION OF 
CONVECTIVE HEAT TRANSFER PROCESSES 


A.V. Ivanova 


INTENSIFICATION OF THE HEAT TRANSFER 
IN AN AIR-COOLED ROUND TUBE 


The simplest and most effective method of increasing the heat transfer 
rate is by increasing the velocity of the stream in contact with the convective 
heating surface. In small-diameter tubes, such an increase in velocity may 
be achieved by imparting a spiral movement to the stream. 

In the investigation reported here, the stream was swirled by means of 
blade swirlers, which were mounted directly at the inlet to the tube. Since 
an increase in the heat transfer rate requires power not only for the pumping 
of the heat transfer medium through the tube but also for overcoming the 
resistance of the swirlers, we determined the most advantageous profile 
and number of blades for each given swirling angle. * 

In this paper, we present the results of experiments using four swirlers, 
with angles Ф = 20, 35, 65, and 75°. 

The experimental setup used in the investigations is shown in Figure 1. 

The main part in the setup was a steel (1Kh18N9T) tube with a constant 
heat supply over its length (this was accomplished by changing the external 
diameter while the internal diameter remained constant). The tube was 
heated by passing an alternating current from a low-voltage power trans- 
former (OSU-80/05). 

Heat outflow at the ends and heat losses to {Пе surrounding medium were 
eliminated by using inlet and outlet sleeves of a special design, and a 
compensating thermal jacket surrounding the tube. Hence, all the heat 
evolved from the tube was transferred to the air flowing within the tube. 

In nearly all experiments, losses not accounted for did not exceed 1%. 

The tube wall temperature was measured with chromel-alumel thermo- 
couples (d = 0.5mm) with the aid of a PP-type potentiometer. The inlet 
and outlet air temperatures were taken as the average of five measurements 
made with thermocouples fitted in the inlet and outlet sleeves respectively. 
The emf was measured with a PPTV-1 potentiometer. 

The static pressure was measured with a standard manometer, while 
the pressure drop over the tube length was measured with a differential 
manometer filled with tetrabromoethane or mercury. 

All experiments were carried out under the same conditions: air 
temperature at the inlet /j,2: 283-293°K and temperature of the inner tube 
surface lex 973°K, 


* The swirlers were computed and designed by У. Е. Naryshkin and A. D. Goflin, assistants at the TsKTI 
Laboratory of Turbine Compressors. 
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FIGURE 1. Schematic circuit of the experimenta) setup. 


1 — inlet sleeve; 2 — outlet sleeve; 3 — shut-off valve; 4 — thermostats; 5 — thermocouple 
switches; 6 — differential manometers; 7 — resistance box; 8 — measuring diaphragm; 9 ~ 
power transformer OSU-80/5; 10 — current transformer UTT-6; 11 — autotransformer 
AOMK-100/05; 12— reduction valves for air; 13 — blade-type swirler, 
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FIGURE 2. Distribution of the wall and stream temperatures over 
the tube length. 


I — without swirling of the flow. 
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The experimental data on the local heat transfer and resistance 
coefficients were processed in the form of the functions 


Nur = f (Rejn), 
= f (Reip) 


and are plotted as graphs. In addition, empirical equations are given for 
calculating the local heat transfer coefficients over the tube length. 
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FIGURE 3. The function Nu,r = f(Re;,) for FIGURE 4. Attenuation of the heat transfer over the 
different inlet swirlers at /, max 700°C and [tube] length with different swirlers. 
tin © 20°C, 


а — Кер = 100,000; b— 300,000; the continuous 
line represents data calculated with the aid of 
equations. 


In view of the fact that it is almost impossible to determine the actual 
speed of the swirled stream washing the heat transfer surface, the Reynolds 
number was calculated from the flow rate (weight units) and the air 
temperature at the tube inlet, using the equation 


wd 46А 
Ren = = А, 
fin 7 "V7 3600 тарь. 
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The values of the physical constants іп the Por and Nur numbers меге 
determined from the stream temperature. 

The changes in the temperature of the inner wall surface and in the 
Stream temperature over the tube length are shown in l'igure 2. As is 
evident from the figure, the increase in the velocity of the air in contact 
with the wall (caused by the helical motion of the stream) reduces the wall 
temperature and increases the stream temperature; these effects become 
more pronounced as the stream swirling angle is increased, and this causes 
a proportional increase in the heat transfer coefficient at a constant air 
flow rate. 


The function Nu, =/(Re;,)for several values of = is shown in Figure 3, 


using translated ordinates. For the purpose of comparison, the figure also 
shows curves corresponding to the heat transfer in a smooth tube with sharp 
entry. Since the experimental Pr, number remained nearly constant, the 
numerical value of Pr°* is comprised in the term for the proportionality 
coefficient. 

As regards the intensification of the heat transfer, the effectiveness of 
the swirlers may be judged from Figure 4, which is a graphical presentation 
of the function 


Мик = (=) 
Nu d 


for different swirling angles and two values of Rejn. 

As is evident from the curves in Figures 3 and 4, the increase in the heat 
transfer rate caused by the helical motion is maintained and even increases with 
increasing Rejn, i.e., during developed turbulent flow. The same results 
were reported by other authors /1-2/, who found that the increase in the 
heat transfer rate becomes more pronounced as the Reynolds number is 
increased. 

By processing a large amount of graphical material, we derived 
equations for the determination of the local heat transfer in the case of a 
swirling flow created by blade-type swirlers: 


Мик — (Ira V. (X141 — 0) 
— = | + Are 
Ми 


Неге А = 0.043 (Ве. 1075)*.5 00:6 characterizes the maximum value of 


for the given swirling angle y and flow rate Rein, while 
st 


x/d 
Es 
d max 


x 
where x is the distance from the entry to the tube and (2) is the relative 
max 


distance from the entry for which the local heat transfer (at given y and 
Rein) has a maximum 


x= 


(+) = 42.7 (Reis: 1075)0-17 79:21, 
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The absolute value of the term a in the exponent of e depends on Rein, №, 


and A and may be determined by using the equation 
a = — 0.21 — 0.09 - 10— Rejn —0.075x +0.01 1 p. 


The data on the local heat transfer calculated by means of the above 
equations are in good agreement with the experimental data. 

For the maximum in heat transfer, the discrepancy between experimental 
and calculated values did not exceed 2%. The discrepancy between Nu, ex 


and calculated Nu for any other A was within +5%, which corresponds to 


the accuracy of the experiments. 
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FIGURE 5. Local resistance coefficients. 


a — resistance coefficients of the swirling flow (1 — Ẹ = 

= 0.156 Reg" 4; 2 — E = 0.153 Reg9-146; 3 — E = 0.189 Вес"; 
4— Е = 0.347 Reg ^45 5 — € = 0,0032 + 0.221 Re; 22"; 

6 — Ё = 0.316 Ве;°°75у; b — resistance of a sharp entry and 
swirlers (1, II, HII, IV — tp = 20,35, 65, 75°, respectively); c — 
changes in the local resistance coefficients over the tube length 
(&- f (x/d); Rejg = 100,000). 
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The creation of a swirling flow is associated with a noticeable increase 
in the hydraulic resistance. Figure 5 shows the curves for the hydraulic 
resistance coefficient (of the tube) during adiabatic discharge at different swirl- 
ing angles of the stream, as well as the resistance coefficients ofthe swirlers. 

The resistance coefficients for the flow in the presence of heat transfer 
are in good agreement with the above equations, after introduction of a 

ү 


T.. \—0.55 
temperature factor in the form 5] . 
S 


The local resistance coefficients plotted in Figure 5 show that both the 
resistance coefficients and the heat transfer coefficients decrease as the 
x 
d 
(within 10%) with the values of ¢ and a for a smooth tube. 

Inordertoestablish the optimum swirling angle, we comparedthe effective- 
ness of swirlers at different angles. As a measure of the effectiveness, 
we used the energy coefficient of Kirpichev as modified by Antuf'ev: 


swirling is ceased, and at a distance of — = 100, their values coincide 


a 


= ANo ' 





where ANo is the energy needed to overcome the resistance (per hour) in 
terms of thermal units. The power needed was determined by taking into 
account the resistance of the blade swirlers. 

The average values of the heat transfer coefficient a obtained at a given 
power consumption for the pumping of the heat transfer fluid (at a relative 


tube length =~ 100) are as follows: at p= 0, 20, 35, 65, and 75°, a= 325, 


334, 353, 379, апа 394 w/ m?. deg, respectively. 

The above data show that for a given power consumption, an increase in 
the swirling angle (within the range given above) improves the economic 
performance of the setup. 

Thus, it may be seen from the above that a swirling flow causes a 
noticeable increase in the heat transfer rate due to the increased velocity 
of the stream in contact with the heat transfer surface, and that swirlers 
of the above type can be used successfully in the case of small-diameter 
tubes or a close packing of the tubes in a system. Their chief advantage 
is that they fit within the tube diameter. 
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Е.К. Karasev 


INVESTIGATION OF THE HYDRODYNAMICS 
AND HEAT TRANSFER IN A CHANNEL 
WITH TURBULIZERS ON THE HEAT 
TRANSFER SURFACE 


Recent studies in the USSR and abroad have shown that turbulizers (in 
the form of protuberances or pits) may be used to increase the heat transfer 
rate. 

However, the published papers deal mainly with the mean values of the 
heat transfer and hydraulic resistance. This is attributed to the fact that 
small-size models (which do not allow for an accurate investigation of the 
local structures of the stream and the temperature field) were used in the 
experiments. 

In addition, our investigations have shown that the local conditions in 
the heat transfer on the surface between the fins is a function of the 
coordinates. Hence, as a result of heat 21ом along the wall, the heat 
transfer coefficient depends on the wall material, wallthickness, and the 
nature of the heating (for instance, Grass /1/ has found that the heat 
transfer from copper and aluminum surfaces is higher by 30% than from a 
steel surface). At the same time, a knowledge of the local heat transfer 
conditions is required for equipment operating at high heat loads. 

Most authors did not take into account the effect of the fin width on the 
hydrodynamics and heat transfer, and the main studies were carried out 
with fin width-to-height ratios in the range 0«5/h «1. 

Wieghardt's data /2/ for a single fin indicate that the hydraulic 
resistance remains constant for 0<6/h<1, while it decreases by a factor of 
1.5-2 when b/h changes in the range between 1 and 4. The effect of the 
above factor on the heat transfer has not been the subject of special study. 

We studied in our investigation the effect of rectangular turbulizers 
with different b/h and s/h ratios on the hydraulic resistance, the flow pattern, 
and the local heat transfer. 

The experiments were carried out on a tube with square cross section 
(0.12 X 0.12 m?) and a total length of 6m (Figure 1). Air at normal pressure 
was pumped through a honeycomb (with square cells, 0.01 X 0.01 m?) and a 
filter screen into а double Vitoshinskii nozzle. The end of the nozzle 
was fitted with a flow-rate measuring section (0.120 X 0.120 m?) where the 
required air flow rate was determined by measuring the drop on a calibrated 
Pitot- Prandtl tube. The first 5 m of the tube served as a stabilizer section. 

All basic measurements were made on a working section 1m long made 
of Plexiglas and fitted with removable lids. 

One of the walls over the whole tube length was fitted with an electric 
heater made of stainless steel foil (6 = 0.0001 m) ribbon pasted onto 
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paronit (6 = 0.004 т). Asbestos sheet (with a total thickness of 0.020 m) was 
fitted beneath the working heater, and below this was placed a compensating 
heater (made of Mn — Ni — Co alloy wire) which was also covered with an 
asbestos heat insulator. The heat load on the compensating heater was 
controlled by means of three thermocouples placed between the working 
and the compensating heater. 





FIGURE 1. Schematic view of the setup. 

1 — flow stabilizer section (5000); 2 — working section (1000); 3 — removable lid; 4 — leveling device; 

5 —shunt; 6 — rubber pad; 7— fin; 8 — heater; 9 — working heaters; 10 — compensating heaters; 

11 — thermocouple (30 pieces) connection circuit; 12 — thermocouples; 13 — copper foil; 14 — 1Kh18N9T 
steel foil, 8 = 0.1; 15 — paronit [insulating material] ё = 4; 16 — 1Kh18N9T steel sheet, à = 2. 


Thirty chromel-kopel thermocouples (0.00015 m thick) were welded 0.01 m 
apart on the reverse side of the working heater in the center portion of the 
working section. The thermocouples were welded without beads, the contact 
being made through the metal of the wall. The emf of the thermocouples 
was recorded with a PP-type potentiometer, with a common cold junction. 

The experimental tube fins were of two types: Plexiglas fins of A= 
= 0.014 m and b = 0.012 m and wooden fins of A= 0.010 m and b= 0.010, 
0.020, and 0.040 m, with a brass foil (6 = 0.0001 m) electric shunt. In 
order to measure the temperature field on the fin surface, one fin of 
b — 0.040 m was fitted with a separate electric heater and 5 thermocouples 
were welded to its inner surface. The power of the working heater was 
checked by taking ammeter and voltmeter readings. The velocity field and 
the degree of turbulence of the flow were recorded with an ETAM-3A 
electric thermoanemometer, fitted with the ESU stabilized electronic 
amplifier and using a milliammeter with the T-13 thermal converter. 
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The pressure field оп a smooth wall, and the hydraulic resistance 
coefficient were measured through holes bored in the wall facing the wall 
fitted with the turbulizers. The temperature field in the stream was studied 
by means of chromel-kopel thermocouples (diameter 0.00015 m) connected 
to the PPTN-1 potentiometer. The measuring techniques were worked out 
and the apparatus was adjusted using a similar tube without turbulizers. 

The experimental data show that the hydraulic resistance coefficient has 
0.3164 

Reo-25 ' 
while the value of the Nusselt number Nu was close to the value calculated 
using equation Nu = 0.018 Re^, 

The flow pattern was studied in a channel fitted with fins of л = 0.014m 
and b = 0.012 m, the distance between the fins being s = 0.077, 0.155, and 
0.255 m at Re = 4.4: 10*, All the fins were placed on the same side. 

The experiments showed that the flow between the fins may be divided 
arbitrarily into three main zones. The eddying zone, the length of which, 
depending on the distance between the fins, was either 3л (for a distance of 
0.155 m or s/h = 11.1) ог2.5 — 3.5 А (ог a distance of 0.255 m or s/h = 18.2), 
was immediately behind the fins. The eddying zone contained two connected 
eddies. Their height was greater (by about 1/3-1/4h) than the height of the 
upper edge of the fin. A diffuser zone (which at s/h = 11.1-18.2 extended to 
x/h= 8.5-10.0) lay behind the eddying zone. The flow zone, lying behind 
the diffuser zone, was parallel to the side wall, while the contraction zone 
Started at a distance of 3^ from the beginning of the next fin. 

The flow of the turbulent core was also noticeably deformed in comparison 
with the flow in a smooth channel. Thus, a turbulent wake with its pole 
on the front edge of the fin was created behind the fin and extended toward 
both the periphery and the center of the flow. The zero velocity gradient 
line shifted toward the smooth wall. However, the flow pattern of the flow 
core depended to a large extent on the s/h ratio. For instance, while at 
5/һ = 5.5 (s = 0.077 m) the flow in the turbulent core remained practically 
constant, and the du/dy line was at a distance of 0.65a from the wall fitted 
with the turbulizers, at s/h = 18.2 the velocity profile showed marked 
changes over the whole cross section, but the zero gradient line was not 
parallel to the wall and was at a distance of 0.55-0.65a from the wall fitted 
with the turbulizers. 

The pressure field on a smooth wall was investigated on a channel with 
turbulizers having the following dimensions: h= 0.01m; b/h = 1, 2, 3, and 
4 for s/h ratios between 7 and 40. 

The experimental results confirmed the results of previous studies of 
flow kinematics. The investigations showed that at large s/h ratios (higher 
than 15), all three flow zones may be observed immediately behind the fin: 
the stream after passing above the eddying zone was slightly accelerated and 
the resulting static pressure losses were negligible; however, because of 
the braking of the whole stream in the diffuser zone, there occurred a 
certain increase in the static pressure which afterward remained virtually 
constant until the contraction zone; the whole stream was accelerated, and 
the main losses of static pressure as well as dissipation occurred in the 
contraction zone. 

The experiments showed that at relatively small distances between the 
fins (s/h = 7-11), no increase in pressure was observed in the diffuser zone, 
while the static pressure decreased gradually over the stream path. The 
main decrease in pressure occurred again in the contraction zone (Figure 2). 


a value close to the value calculated using the Blasius equation = 
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The investigation of the turbulence field є = + showed that the turbulent 
и 





structure of the stream underwent marked changes as compared with the 
flow in a smooth channel. 





FIGURE 2. Relative pressure drop on the smooth wall of a channel with turbu- 
lizers at Ве = 1.6°10°, b= 0.04 m, and A= 0.01 m (the total cross-section plane 
passing through the back edge of the fin was taken as the reference plane). 


a,b, and c refer to s = 0.07, 0.18, and 0.26 m, respectively. 


Thus, during the flow in a channel with turbulizers of h= 14mm 
(h/a = 0.117) and b/h= 0.86, the stream passing through the cross section 
plane on the back edge of the fin had a much higher degree of turbulence 
than the stream adjacent to the smooth wall(Figure 3). At the same time, 
the streams at s/h= 11.1 and s/h= 18.2 showed only slight difference in the 
degree of turbulence; on the other hand, at s/h= 5.5, the degree of 
turbulence of the core was high. 

The stream passing between the smooth wall and the zero gradient line 
had the same turbulent structure as in the case of a smooth channel, while 
the values of e were in agreement with the corresponding values reported 
by Minskii /3/ and Laufer /4/. 

As the distance from the fin increased, there was an increase in the 
width of the turbulent wake, and near the wall the degree of turbulence 
reached a value of 0.4. However, starting at х= 10-12, the stream 
became less turbulent because of turbulent diffusion and dissipation, while at 
the same time, the production of turbulent energy decreased because of 


the drop in the absolute value of a along the stream path (leveling of the 
9 
stream). The greatest dissipation of turbulent energy occurred in the 
contraction zone, where the fact that “> 0 caused a decrease in the 
У 


turbulent energy and, hence, ап increase in the energy dissipation (see 
Figure 3). 

In addition, the experiments showed that in the contraction zone, the 
dissipation of turbulent energy occurs mainly in the turbulent wake adjacent 
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to the main flow core, and not in the region adjacent to the wall. This 
phenomenon may serve as a partial explanation or the rapid increase in the 
hydraulic resistance as a function of increasing relative fin height. 





246 8 ре ц Б 18 20 22 429x5 DN 
FIGURE з. Degree of turbulization at л = 0.014 m, b= 0.012m, Re = 4.4 - 10*, 


а — x/h—1.13 (I— s/h=11.2; ID — s/h— 5); b—s/h— 1&2; v= 14; c— 
sfh=11.2; 1—x/h-86; 2— xlIh-1.2; 5 — smooth channel, calculated from the 
data of Laufer. 
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FIGURE 4. Dependence of the hydraulic resistance coefficient in a channel on the 
Reynolds number. 


a—dA=f (Re); b/h=4; 1,2,3,4,5 — refer to s/h = И, 7, 18, 26, 40, respectively; b — 
à= f (s/h); LILIIL— refer to b/h = 1, 4, 2, respectively. 


The results of our study of the hydraulic resistance (Figure 4) follow the 
same pattern with respect to Re at Re > 5-10*, The hydraulic resistance 
of channels with turbulizers with b/h= 1 was about 10% higher than in the 
case of b/h = 2-4. When plotted as a function of s/h, the hydraulic 
resistance had a maximum at s/h — 11 and decreased gradually with 
increasing s/h. 

The local and average heat transfers were studied with turbulizers of- 
h= 0.010 m (л/а = 0.0835) and b/h = 1.2 and 4, in the s/h range of 7-30. 

The experiments with turbulizers of b/h = 1 and 2 were carried out at 
q = 1.4 kw/ m? in the Re range of 4-104 — 8-104. However, the experimental 
accuracy was not high enough. By using a different fan we were able to in- 
crease the heat load to 3.3 kw/ m? and the velocity to Re= 8- 101 —1.6. 105, 
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FIGURE 5. Dependence of №, у, гес on the Reynolds number (1 — calculated 
from equation Nu = 0.018 Re?-5). 


The experiments with turbulizers of b/n= 4 were carried out under the same 
conditions. : 

Heatlossesinto the surrounding medium were taken into account 
in calculating the heat loads and temperatures. 

The values of Nu,,were calculated only for the spaces between the fins. 
In order to account for heat transfer on the fins, we intend carrying out a 
special experiment. The values of Ми. were calculated from the measured 
temperature fields on the walls. 

Our processing of the experimental data showed that the value of Nuay.tec 
for b/h = 1 and s/h = 5-7 is higher (by a factor of 1.8-1.9) than in the case 
of a smooth channel, while at s/h = 23, it is higher by a factor of 1.5-1.6 
(Figure 5). 

Enlargement of the fin to b/h= 2 causes а 10% increase in Nuay.rec 
(Figure 5). 

In the case of turbulizers of b/h = 4, we observed a well-defined relation- 
ship described by the equation Nuay. rec = C Ве, where С = 0.04 for 7< 
«slhh« 15; at higher s/h there was a decrease іп Nu,, ‚с, and its value for 
15 «s/h « 26 could be calculated from C = 0.085 (s/h)-9-?*, 

The study of the local heat transfer showed that the value of 
Nu is independent of Re at Re > 4. 104. 
Nay. rec 
NU toc 


is shown in 
N ау. гес 


A typical distribution pattern of the values of 


Figure 6. In this case, the minimum value of Nuo for bhh = 1 was 
Nu Uav, rec 


0.75-0.8, and it decreased to 0.65 as b/h increased to 4. However, it 
Should be noted that the above minimum occupies a small area of about 
(1-1.5) A and lies immediately behind the fin; this is followed by a sharp 
increase in the heat transfer to a maximum (with а small area, of about 
(3-4)h), which is followed by a gradual decrease in Nu, (for sh» 11). 


-Nui ш 12-0025 (x/h — 5), 


For instance, in the case of b/h = 2, s/hh= 24 
Nuav.rec 
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where x is the distance from the back edge of the turbulizer measured їп 


the direction of the flow. A slight increase in the heat transfer occurs in 
front of the next fin. 


Nujoc/Nüav.rec 
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FIGURE 6. NUjoc/NUay. rec ratio as a function of x/h. 


a,b, c Ке = 8-105, һ = 10mm, s/h = 7,11, 26, respectively (1— b/h = 1; 
2—2; 3—4); d— temperature distribution on the heat transfer surface: 
һ = 0.01; s/h— 18; Re = 1.6.108; q = 3.3 kw/m?; t aj; = 300. К 


Heat transfer on the fin was studied only for the case of b/h = 4, s/h= 18. 
The experimental results are shown in Figure 6. As is evident from the 
results, heat transfer on the fin is on the average somewhat higher than 
heat transfer between the fins. At the same time, starting with the second 
half of the fin, there is a sharp decrease in heat transfer which is explained 
by the deterioration of the heat transfer conditions due to the braking and 
heating of the stream adjacent to the wall (as shown by the temperature 
field studies). The same phenomenon accounts for the poor heat transfer 
in the eddying zone immediately behind the fin. 

The relatively slight decrease in the heat transfer rate in the diffuser 
zone is attributed to the good turbulent mixing of the flow in the wake, and 
the slow growth of the laminar sublayer, the thickness of which could 
probably be calculated from the experimental data obtained. 
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Symbols 


h — fin height, m; b — fin width, m; s — distance between the fins, m; 
a — channel size (square cross section), m; Nuavy. гес — average Nusselt 
number for the recess between the fins— Nujg,— local Nusselt number; 


Yu* 


£- — degree of turbulence; À — hydraulic resistance coefficient. 
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A.S. Nevskii, А.У. Arseev, L.A. Chukanova, 
А.Т. Malysheva, and T. V. Sharova 


CONVECTIVE HEAT TRANSFER IN CYLINDRICAL 
CHAMBERS WITH RECIRCULATION 


Whenagas is discharged into a cylindrical chamber through a nozzle or 
small-diameter hole placed at the chamber end, the stream formed entrains 
the surrounding medium, and thus creates a vacuum near the walls at the 
entry to the chamber. When the stream fills the chamber, a fraction of 
its kinetic energy is transformed into potential energy, and the pressure in 
the chamber cross section and on the walls increases. In this way, a 
pressure gradient is created along the chamber walls near the entry, 
together with a flow of gas in a direction opposed to the main stream (і. e., 
gas circulation in the dead corners near the entry to the chamber). 

The phenomenon of gas recirculation creates peculiar conditions for the 
convective heat transfer between the gas and the chamber walls. Hence, 
the conventional equations for the determination of the magnitude of 
convective heat transfer cannot be applied to the above case. 

Our experiments were carried out with chambers 0.300 and 0.180 m in 
diameter. Each chamber was surrounded with а water jacket divided into 
calorimeter sections. The basic data concerning the chamber dimensions 
are tabulated in Table 1. Each calorimetric section had a separate water 
supply. The heat transferred to each calorimeter was calculated on the 
basis of the water flow rate through the calorimeter and the increase in its 
temperature. The air was heated to 973*K in electric heaters before 
introducing it into the chamber. The air was discharged into the chamber 
through a central nozzle and an annular external nozzle, the dimensions of 
which are given in Table 2. 


TABLE 1. Experimental chambers 











Chamber diameter, m 





Chamber parameters 


Length, m 
total 2.431 
used in the data processing 1.910 
Number of calorimeters 
total 16 


used in the data processing 
Heating area of the calorimeters, as used in the data processing, m? 


Note. In the chamber with a diameter of 0.180 m, the first calorimeter (0.185 m long) was 
disconnected in all experiments except in experiments 28 and 29, where it was used as a working 
calorimeter in addition to the 14 calorimeters listed in the table. 
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TABLE 2. Main nozzle parameters 





Inner diameter 
of the external 
nozzle,m 













0.04983 
0.04983 
0.02940 








Diameter of the central 





nozzle, m 


0.03276 
0.03608 
0.02168 


0.03503 
0.03834 
0.02302 


Cross-section area of the nozzle 
at the outlet [discharge area), m? 








external 


0.000986 
0.000796 
0.000263 


0.000843 
0.001023 
0.000369 





In the experiments we varied the total amount of air supplied to the 
chamber, the velocity ratio of the air supplied through the central and 


external nozzles, and the nozzle dimensions. 


We carried out some experi- 


ments in which air was supplied only through one of the nozzles and other 
experiments in which hot air was supplied through one nozzle and cold air 


through the other. 


In addition, a swirled air stream was introduced in one 


experiment, while in two experiments, the air flow was constant over the 
chamber cross section. 


TABLE 3. Main experimental parameters 


Diameter,m 


Experiment No. 
nozzle D, 


— 
5 
с 
a 
о 
> 
x 
© 


«0 0) -1 су сл PWN + 





0.0500 
0.1800 


0.0506 
0.1800 


There were 29 experiments in all (Table 3). 





Air flow rate 








(10 nm?* /sec) 
through 
1.040 [1.19 
2.210 2.36 
2.260 2.36 
2.020 2.09 
1.265 1.44 
2.030 2.15 
0 1.31 
0 1.88 
0 2.34 
2.030 2.02 
2.250 2.24 
1.270 1.27 

2.170 0 
0 2.25 
2.200 2.24 
2.250 2.20 
1.645 1.64 
2.580 1.00 
1.970 1.55 
1.465 1.99 
1.140 1.00 
1.710 0.97 
1.385 1.43 
0 1.47 
1.400 1.41 
1.410 0 
3.77 
4.70 
5.62 














Stream |5 $ 
> 2 „| tempera- |& 7 * E 
=з Е шеек [22 5 
£23 B 2] в 5 
БЕ 22/86] z Е 
НЕРГЕН Boii 
веба Ет БЕ) аз E | oe 
Exess 8158 |5289) 22] 8 |$» 
1.02 17.0 | 7.6 11.6 2.7 
1.12 ^ * 26.8 | 6.6 9.8 2.6 
1.12 Е ы 29.4 | 7.3 11.0 2. 
0.75 М H 25.6 | 7.0 10.5 2.7 
0.68 " v 19.8 | 7.5 11.4 2.5 
0.74 E z 25.3 | 6.8 10.1 2.4 
== — | 987 9.55] 6.6 9.4 2.5 
= — |980 14.9 | 7.4 11.3 2.2 
== — | 974 15.8 | 6.7 10.7 2.6 
0.79 |975 | 965 45.7 | 5.0 7.3 2.2 
0.79 | 975 | 968 48.2 | 4.8 6.8 2.7 
0.78 |976 | 970 33.3 | 5.3 7.5 2.5 
= 968 | — 35.2 | 6.4 9.8 2.8 
— — |969 33.1 | 6.1 9.1 2:2 
0.23 | 295 | 969 44.2 | 4.8 6.5 2:2 
2.60 |972 | 297 42.2 | 4.5 6.8 2.8 
0.78 | 965 | 967 39.3 | 5.0 7.0 2.5 
2.00 | 970 | 974 37.9 | 4.5 6.1 2.1 
0.99 |972 | 971 34.4 | 4.1 9.8 1.6 
0.57 | 972 | 968 35.0 | 4.3 6.4 1.5 
0.82 | 979 | 965 38.4 | 7.0 9.7 2.6 
1.25 | 966 |973 44.3 | 6.7 9.6 2.7 
0.25 |348 |972 25.6 | 3.9 5.8 2.1 
- — | 466 19.8 | 4.8 7.3 2.3 
1.79 |979 |410 45.4 | 6.9 10.2 2.9 
= 971 | — 31.6 | 8.2 11.6 2.9 
- 967 49.2 | 9.7 10.1 5.9 
= 965 17,0 - - — 
= 969 18.4 — = = 





* [nm denotes a cubic meter of gas at 15°C and 760 nmHg. ] 
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The air temperature in the chamber sections between the calorimeters 
was determined from the heat balance between the starting and the 
investigated sections. The heat transfer coefficient for each calorimeter 
was determined by the equation 





i. Qi. 
жеу, (1) 


In the chamber with a diameter of 0.180m, the wall temperature was 
measured at six points by means of thermocouples. The measurements 
showed that the thermal resistance in the case of heat transfer from the 
wall to the water is small. It is easily shown by calculation that the 
resistance to heat transfer through the wall is negligible. Thus, it may be 
assumed that the heat transfer coefficient sought is equal to the coefficient 
of heat transfer from the air to the chamber walls. The small error (not 
exceeding 4%) resulting from this assumption is partially compensated by 
the fact that in determining the neat transfer coefficient we also took into 
account the heat transferred by radiation from the water vapor entering 
with atmospheric air. 

We determined the experimental values of the Nusselt number Nuexp 
from the measured values of u; and from the values of the Reynolds number 
(calculated on the basis of the average air velocity in the chamber) we 
calculated the values of the Nusselt number for the heat transfer in the case 
of a uniform gas flow in the tube by using the equation Nu = 0.018 Re?-*, 

In the above calculations. the values of the thermalconductivity and viscosity 
coefficients were taken on the basis of the average air temperature for the 
given calorimeter. 

In all experiments, we calculated for each calorimeter the ratio 


. Nuexp 
Nu ' (2) 


which shows to what extent the actual heat transfer in any cross section is 
greater than the heat transfer in the tube calculated for an established 
turbulent flow. 

The values of g over the chamber length obtained in the experiments are 
shown in Figures 1-4. The figures show that noticeable changes in » are 
observed over the chamber length, and that the value of р depends on the 
method by which air is supplied to the chamber. However, the general 
nature of the changes in ф over the length of the chamber is approximately 
the same. At the entry to the chamber (i. e., first calorimeter) ф = 1.9- 
4.3. The value of ф increased with increasing distance from the entry and 
reached a maximum at a distance / = (1.5-2.9)D; after the maximum, » 
decreased, rapidly at first and then more slowly. The maximum values of 
e ranged from 5.8 to 11.6. At very great distances from the entry to the 
chamber, the value of ф approaches unity. 

We calculated the average values of q and the average heat transfer 
coefficients (Table 3) for each experiment in the section from the entry of 
the chamber to a distance /=5.5D , We determined the Nusselt and 
Reynolds numbers for these sections. In this case, the average heat 
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transfer coefficients were calculated using the equation 





TU 
Ray — УР, $3) 
The Reynolds number was calculated using the equation 
Rem c. (4) 
900xDpg 





FIGURE 1. Variation of 9 over the length of a 
chamber with D= 0.180 m and m = 3.6, for 
different air supply and recirculation (j) rates; 
here and below the numbers adjacent to the 
curves indicate the number of the experiment 
in Table 3. 


а — air flow rate 0,045; b — 0.0406; c — 
0.0329; d — 0.0254 nm?/sec. 


The values of the thermal conductivity coefficient and the viscosity of 
air were taken on the basis of the mean arithmetic temperature for the 
beginning and the end of the section under consideration. 

Logarithms of the Nusselt number are shown in Figure 5 as functions of 
logarithms of the Reynolds number. Only those experiments in which the 
air was supplied through the two nozzles at equal stream temperatures, and 
those experiments in which the air was supplied through the central nozzle 
are included. We did not include experiments 18,19,and 20, which were 
performed in order to study the effect of the air-velocity ratio (from the 
two nozzles) on the heat transfer. 

Figure 5 shows clearly the relationship between the two similarity 
numbers, which is described by the equation 

Nu = С Ке®©. 
(5) 
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FIGURE 2. Variation of ф over the length of the chamber, and the recircula- 
tion jat т = 6.0. 


а — for a chamber with р = 0.300 т; I— at ап air flow rate of 0.0412-0.0418 
nm?/sec; 1 — 0.0271 пт2/ѕес; b—for a chamber with D = 0.180 т; Ш— 
at a velocity ratio “een! ext = 0.82 (experimeni 21); IV — 1.25 (experiment 22). 
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FIGURE 3. Variation of (continuous lines) and 
the recirculation (curves 15 and 16 on the bottom) 
over the length of a chamber with D= 0.180 m, for 
different methods of supplying air to the chamber. 


а — I — experiment 18, velocity ratio Ween w ext7 
= 2.00; П — experiment 20, woen/Wext = 0.99; 
Ш — experiment 20, шоусу; = 0.57; b— with 
air supplied only through the central nozzle (experi- 
ment 13) or only through the external nozzle (ex- 
periment 14); c — with hot air supplied only through 
the external nczzle (experiment 15) or only through 
the cenual nozzle (experiment 16). 


The series of experiments (10,11,12, and 17) in which the chamber 
diameter to stream diameter ratio at the gas entry to the chamber was 
m — 3.6, was carried out in order to elucidate the effect of the air flow 
rate on the heat transfer. In all experiments, the ratio of the air velocities 
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from the central and the external nozzles was {һе same (0.78). In Figure 
5, the relationship between the dimensionless numbers for these experi- 
ments is represented by the lower straight line, for which the value of the 
coefficient C in equation (5) is 0.29. The curves for q іп the above experi- 
ments are shown in Figure 1, which shows that changes in the air flow rate 
have little effect on the nature of the curves for e. The curves for ọ plotted 
at different air flow rates are compared also in Figure 2,a, where a 
slightly better defined maximum in heat transfer was obtained at lower flow 
rates. This is, apparently, a general observation which can be attributed 
to the fact that Nuex, is proportional to the velocity to the power 0.67, while 
the calculated Nu is proportional to the velocity to the power 0.80, 
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FIGURE 4. Variation of ф over the "FIGURE 5. Relationship between Nu and Re for a chamber 
length of a chamber with D = 0.180m. of length ¿= 5.5 D. 


a — with air supplied through 55 holes 
uniformly distributed over the bottom 
of the chamber; b — in the case of a 
swirling air stream blown into the chamber. 


For experiments 1-6, which were carried out using а chamber of 
D = 0.300m, and for experiments 21 апа 22, using a chamber of D = 0.180 m, 
the value of m was 6. On Figure 5, the respective points lie above the 
line for m = 3.6. It is significant that the points obtained in experiments 
on different chambers lie on the same lines. In these experiments, the 
velocity ratio for air supplied through the central and the [external] annular 
nozzles was not maintained strictly constant, but (as we shall see below) 
this inaccuracy in the velocity distribution has little effect on the average 
heat transfer rate. 

A comparison of the curves in Figure 2,a,b shows that the nature of the 
changes in ф over the length of the chambers is the same for both chambers. 
In experiments 13 and 26, the air was supplied only through the central 
nozzle, at m — 5.0 and 8.3. The points corresponding to these experiments 
lie on the lines corresponding to their respective values of m (see Figure 5). 
Straight lines parallel to the line for m — 3.6 were drawn through the group 
of points with m — 6.0 and the experimental points from experiments 13 and 

26. We obtained the following values for the coefficient C in equation (5): 

= 3.6, 5.0, 6.0, 8.3; C = 0.290, 0.345, 0.378, 0.418. 

Thus, it is evident that a decrease in the ratio of the stream diameter 
at the entry of the chamber to the chamber diameter causes an increase in 
the heat transfer from the air to the walls of the chamber. Аз is seen 
from Table 3, there is a simultaneous increase in gmx, i.e., іп the degree 
of nonuniformity of the heat transfer over the length of the chamber. 
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The effect of the initial velocity field on heat transfer is shown in Figure 
3,a. The air is supplied from both nozzles, but at different ratios. 

When the air throughput from the central nozzle is increased, the 
maximum in heat transfer shifts toward the end of the chamber. The 
smallest value of the maximum in heat transfer is obtained in the case of 
equal velocities of air outflow from the two nozzles, and it becomes greater 
as this equality is disturbed. 

The results of experiments in which the air was supplied only through 
the central nozzle or only through the annular nozzle (Figure 3,b) may be 
regarded as the limiting cases for the series of experiments shown in 
Figure 3,a. 

All statements concerning the changes in the nature of distribution of 
the heat transfer over the length of tne chamber are confirmed by the 
results of the above experiments, although the maximum ф in the experiment 
in which air was supplied only through the external nozzle was shifted to 
the right-hand side somewhat more than might be expected on the basis of 
the above conclusions. 

The results of two experiments at different ratios of air outflow 
velocities are shown in Figure 2,b. 

The points (on the figure) corresponding to experiment 22 (i.e., ata 
high air throughput through the central nozzle) lie at a slightly greater 
distance from the entry to the chamber than do the points corresponding to 
experiment 21; this is in agreement with the above conclusion. It shouid 
be noted, however, that changes in the ratio of the throughputs from the 
two nozzles up to 2:1 have little effect on the velocity distribution and the 
average heat transfer coefficients. 

The effect of the method of introduction of hot air on the shape of the 
curves for g is shown in Figure 3,c. In experiment 16 we heated only the 
air from the central nozzle and the air from the external nozzle was supplied 
cold, while in experiment 15, we heated only the air from the external 
nozzle. It can be seen that in the first case the maximum heat transfer is 
shifted (as compared with the second case) toward the end of the chamber. 
This is caused by the fact that when hot air is supplied through the central 
nozzle alone, the cold air stream from the external nozzle serves as a 
Shield between the hot central stream and the chamber walls, thus reducing 
the heat transfer rate near the entry to the chamber. 

In experiments 23 and 24, the hot air was supplied through an annular 
aperture 0.00319 m wide. In these experiments, the heat transfer was lower 
than in other experiments with the same diameter of the external nozzle, 
as is evident from the low values of gmx and ,,. This may be caused by 
the small aperture of the nozzle used for the air supply, which leads to 
disturbance of the structure of the discharged stream. 

In experiments 28 and 29, the air was supplied through 55 round holes 
0.012 m in diameter, uniformly spaced on the bottom of the chamber. The 
curves for ọ in the above case are shown in Figure 4,a. The high values of 
Ф at the entry to the chamber drop rapidly, and at = > 1.5, the measured 
values of the heat transfer coefficient are in satisfactory agreement with 
the known data for heat transfer in the entry sections of tubes. 

The high values of the heat transfer coefficient at the entry to the 
chamber are attributed to the effect of the method of air supply into the 
chamber through holes of small diameter. 
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Because the air is discharged in numerous narrow streams uniformly 
distributed over the chamber cross section, the chamber is filled with the 
discharged streams over a short length, and the gas recirculation zone 
(and hence, the increase in heat transfer) is much smaller up to /=1.5D. 

Experiment 27 was carried out with a swirling air stream. Eight blades 
0.05m long, with screw-shaped ends, were placed in a nozzle 0.05m in 
diameter. As seen from Figure 4,b, the heat transfer coefficient in this 
experiment had a high value at the immediate entry to the chamber; the 


maximum @ was at LI = 1.8, and the curve for $ had a smooth downward 


Slope toward the end of the chamber. 
In addition to the curves for ф, Figures 1-3 contain also the values of 


i ; G 
the air recirculation j = m Я 





а 
The recirculation was noticeable in the experiments at high т, for 


which the heat transfer was also high. The maximum heat transfer was 
observed at the end of the recirculation zone. The value of ọ decreased 
rapidly in subsequent cross sections where there was no recirculation, 
although its value for a large section over the length of the tube remained 
much higher than in the case of stabilized flow in a tube. 

We did not investigate the physical nature of the process, but itis 
possible to explain the high experimental values of the heat transfer 
coefficients. In cross sections near the end of the recirculation zone, high 
values of » are obtained as a result of the impact on the chamber walls of 
that part of the stream which branches out to create the recirculation, and 
the consequent decrease in the thickness of the boundary layer. The high 
values of e in the recirculation zone and at the end of the chamber may be 
attributed to the formation of annular eddies near the entry to the chamber 
as a result of the interaction between two opposite air streams — forward 
and reverse. As they move along the chambers, the eddies gradually 
attenuate although they persist for a considerable distance behind the 
recirculation zone. 

The higher values of the heat transfer coefficient in the experiments 
with a low nozzle-to-chamber diameter ratio are obtained as a result of 
the formation of stronger recirculation streams and the creation of a more 
turbulent air flow in the chamber. 


Symbols 


Q; — amount of heat supplied to each calorimeter, F; — heating area of 
the calorimeters, m?; t4,,— mean air temperature (arithmetic mean of 
the temperatures at the cross sections in front of and behind the 
calorimeter, °K; t; — average temperature of water in calorimeter, °K; 
ба — flow rate of the air, kg/sec; g — gravity acceleration, m/ sec?; u — 
viscosity of air, kg» sec/m?; G,,, — amount of air moving in a direction 
contrary to the main stream. 
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K. Rybáček 


CERTAIN CHARACTERISTICS OF HEAT TRANSFER 
AND FRICTION IN THE CASE OF LONGITUDINAL 
FLOW AROUND [FUEL] ELEMENTS 


Many experimental studies have dealt with the problem of the heat 
transfer during longitudinal flow parallel to [fuel] elements and its 
intensification, in particular with respect to the design of efficient fuel 
elements for nuclear reactors. The greatest attention has been given to 
bundles of smooth tubes /6/ or smooth annular channels /1,14,25/ while 
comparatively few papers deal with fuel elements fitted with longitudinal 
or transverse fins /7,9,10/. 

As yet, there is no general agreement on the effect of additional 
geometric factors on the heat transfer in channels of more complicated 
cross sections, and the results of various experimental studies may some- 
times differ by several! percent. In most cases, such differences can be 
attributed to the use of different measurement and evaluation methods, 
different working media, and the use of the test elements under different 
conditions. Some of the papers do not present data on the frictional 
coefficient under experimental conditions. This leads to considerable 
difficulty in evaluating the various heat-transfer surface elements for 
practical use. 

The design of a test setup is based on the need to reduce the effect of 
the Prandtl number on the experimental results, and to enable the determina- 
tion of the overall heat transfer coefficients during turbulent flow round 
channels of different geometric shapes without measuring the wall 
temperature. 

The working medium used was air at 1-5 atm, which transferred heat to 
water-cooled tubes with а nearly constant wall temperature maintained over 
the length of the element. The test setup comprised an open air-circulation 
loop and a closed cooling-water loop; the latter could be divided (by means 
of branching pipes) into two separate loops (Figure 1). The compressed 
air from the compressor plant was treated to remove moisture, heated by 
electric heaters to 353-433°K, and passed first through the test channel, 
which was placed between two coaxial settling chambers, and then through 
a diaphragm and a throttle valve. Mixing cells were built in front of all 
thermocouple (Ni-CrNi, diameter 0.5.10-3 m) groups mounted on the 
chambers. 

A constant mean temperature (~ 298*K) was maintained in the water loop, 
which was equipped with a bypass, an open tank (with overflow), and a 
diaphragm. 

The water temperature at the two ends of the measuring section was 
measured with calorimetric thermometers (1/100°C graduation) placed in 
countercurrent sockets. 


206 





FIGURE 1, Schematic view of the experimental setup with an annular сһаппс1 
fitted with a cooled inner tube. 


"he whole setup, beginning at the electric heater, was insulated 
thoroughly. 

Extruded copper or brass tubes (variants 10—15) were used as the test 
elements (Table 1). In the case of variants 5-9 and 16, longitudinal copper 
fins were inserted in grooves and soldered with tin onto the tube. In the 
case of the elements with transverse fins (variants 10-15), the fins were 
machined from a thick-walled tube. The tube bundles were arranged in the 
form of equilateral triangles. In the case of variant 16, six cooled tubes 
fitted with fins formed a model bundle for the central measuring element. 

Uniform entry conditions were provided for the cylindrical channels in 
variants 1-14, their entrances being fitted with a quarter-circle suction opening 
The static air pressure in the channels was measured through apertures 
0.0008 m in diameter. 

In order to eliminate parasitic effects, the parts of test elements (in 
variants 1-14) that passed through the settlers were insulated. The tubular 
channels were fixed in coaxial position by means of spacers. 

Since we established only the overallair temperature using the equation 


Aw? 
Tre = Tis + эры kl. (1) 


the static temperatures determining the flow conditions and the temperature 
conditions in the test elements were determined using the equation 


A RG, сат (2) 
Tie — | ——— ——|T7T?. — Tis, = 0 
и 9с, | 3600f, prs ) Eum 


for higher flow velocities; the effective air temperatures were calculated 
using the equation 


2 





Tu= Tue — (1—0) ров 
Le = Le — ( — aser КЬ = 84. (3) 
The heat transfer coefficient was 
k=-&_ w/m?- deg, (4) 
OF. 
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where 
Ө, T" (а =i lhe —ty) : 
In ( Lei — v2) | 
tre — л) 
1 
Fy FL 
aL Fr red Fo, 


k= w/m?. deg. 


+R, 





For finned tubes, Fira = Ё, + т, Ё; for smooth elements Fira = Ру was 
determined from the amount of heat Q, removed by the water. 

In the case of two separate water loops (variants 15 and 16), the 
establishment of identical water-heating conditions in the two branches made 
it possible to use common values of the temperature differences, taking into 
account the flow rates. 

The heat transfer coefficient for the air was determined by the well-known 
Wilson method (which was used also in /9/), based on the extrapolation of 
the function 

1 1 1 


Ge ae ae (5) 


(measured at constant air parameters and variable water flow rate) toa 
value of w,— e. The obtained value of a, may be used to determine (by a 
reversed procedure) the function a,=/(w,). In processing the obtained heat 
transfer functions in dimensionless terms, we used the main air flow 
temperature to determine the properties of the substance. In all variants, 
the equivalent hydraulic diameter was taken as the decisive criterion. The 
heat transfer coefficient was assumed to have a constant value over the 
whole expanded surface. In order to reduce the errors caused by the above 
assumption, the fins were designed in such a way that their efficiency 
т > 0.85 (variant 12). 

The frictional coefficient £, which was determined from the static 
pressure gradient over the channel length L, was calculated by the equation 


Gr 





Ap, — we — Ш 
PL 3600]; g ( L2 Li) : 
Rec me (6) 
d, 3g 5 


w, w 
ц ац) taking into account the impulse gradient between the 





(where w, = 


inlet and outlet. 

In processing the experimental results, we neglected the effect of 
radiation (from the noncooled surface) on the heat transfer, which in the 
least favorable cases (variants 2-4) could be from 0.4 to 2.4%, assuming 
that the emissivity coefficient e has a value of about 0.6. The accuracy of 
the obtained values of Nu (including parasitic effects) ranged from 3.5 to 5%, 
while in the case of — it was from 2.7 to 4.4%. In most measurements, the 
discrepancy between the thermal balances for air and water did not exceed 
2-4%. 
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The results of the tests, together with some of the experimental 
conditions, are listed in Table 2 and Figure 2. In Table 2, the values of 
Nu are shown as Nu/Pr®-4 (assuming that Рг, = 0.7 = const. ). 


TABLE 2. Results of the measurements and test conditions 
Nu/Pr0.4 10-3 Re | 9s [°c] t 10-3 Re 


0.0235 Rcs (7) 102—600 | 40.9—48.1 0.03537 Ве—0.00 (7^) | 102—600 
0.0242 Re*s (8) 38—216 | 47.5—112 0.335 Re-924 (8^) 19.2 —100 
0.12 Re~®.15 100—333 


0.0214 Re®-8 (9) 28—189 40.4 —103 -326 Re-9*t (9) 8.4—100 
.1156 Re7?.15 100—282 


0.0201 Re? (10) 25—124 29.3 -62.1 .317 Кет"%24 (10°) * 7.1—100 
.124 Rew o's 100—139 


0.0167 Re? (11) 40—213 38—4.1.9 ‚291 Re-*?! (117) 10.7—234 
0.01968 Re? 8 (12) 34—163 31.8—39.2 .298 Re?! (12') 34—189 
0.18 Re®* (13) 34--119 35—66.6 .327 Re—®-24 (13°) 6.8—100 
.0664 Re™o- 108 100—196 


0.02023 Ree (14) f 36. 2 .27 Re-*?3 (147) 6.2—-171 
0.0187 Re" (15) 7—15 a E .22 Rec?! (157) 11.5— 100 
.0871 Re^ 100—179 


0.026 Re?-*? (16) 22 : t in Figure 2 
0.01034 Re ® (17) 

0.00678 Re? 8 (18) 

0.01034 Ке"85 (19) 

0.0277 Re*$ (20) 

0.006455 Re9.* (21). 





0.02195 Кеов (22) 4—15 р 3. .1766 Ве—0-18 (22') 10—160 


Control measurements in a channel 38 · 10-3 m in diameter (variant 1) 
yielded results that were in good agreement with the conventional relation- 
ships as far as Nu is concerned, but the values of £ corresponded to tubes 
with a relative roughness of 2- 10* (according to Colebrook). 





‚уч к" 
ESET ГЫН 
CEC 
4 


Fe? 
FIGURE 2. Test results under certain test conditions. The numbers 
next to the curves correspond to the numbers of the variants in Table 1. 
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In the case of smooth annular channels with = ratios within the range 


1 
studied (from 1.188 to 2.376), the function Nu = f(Re,D,/D,) could be 
described by a general formula 


Nu = 0.0191 Res pro-s ( 22 Y 7. 
D, (7) 
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which yields the same dispersion of points (&5%) for variants 8-10 in 
Table 2, 

The data obtained using equation (7) are in good agreement with the 
results of /2/ and / 11/, and differ from the results of /1/ by no more than 
14%. The greatest discrepancy is observed with respect to Quirrenbach's 
results /14/. In the Re range from 2-104 to 105, the discrepancy between 
calculations by the Roizen / 13/ equation and equation (23) reaches 10%. 

According to /8/-/10/, the frictional coefficients in smooth annular 
channels satisfy the equations 


D, 
1 


р. 
= 0.111 Re-9.5 | 22 
t e (5 


&= 0.312 Reo ( r for Ке < 10, 


(7!) 
B for Re > 10, 


1 


which yield values of + that are slightly higher (по more than 7.5%) than 
the values reported in /15/. 

For the given number and height of the fins, the simplest equation for 
the heat transfer on elements with longitudinal fins is 


—0.261 
Nu = 0.0226 Re^? pr? ( = ) H 


1 


In more general terms, however, the D,/D, ratio is not the decisive 
parameter. The effect of the distortion of the velocity profile (caused by 
the channel outside the fins), and the effect of the imperfect radial-flow 
mixing, are most satisfactorily described by the parameter proposed in/10/: 


— dm 
йа + dys ' 
where d,, or d,, are the hydraulic diameters of the channels formed between 
the inner tube and the fins, or between the fin edges and the outer channel 
diameter (the limits of the two cross sections 
create a circle with a diameter of D, + 2h, ). 
The relative values of Nu/Nup for the inves- 
tigated variants 5-9 (Table 3), where Nugis the 
actual value for a smooth channel (according 
to /10/), are shown in Figure 3 as a function 
7 of ®. For the sake of comparison, the same 
ant figure contains also the value of Nu/Nug fora 
number of fins, given by Fortescue and Hall 
FIGURE 3. Dependence of Nuz/Nug in /7/. The higher relative values of Nu/N u 
obtained in /10/ may be attributed to the shape 


Nu 
Up 






а 
оп he according to/10/ and /7/. 





dn, + d, and the rounding of the fins at their roots and 
d tips, which caused greater deterioration 
1— according to /10/; 2 — accord- A ‚ 
ing to /7/. of the channel flow conditions than occurred in 


our experiments. On the other hand, the 

values from /7/, which were based on a 
larger number of variants, but without more detailed specifications, were 
somewhat lower. 
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Good correlation, with maximum deviations of + 3% , is obtained for the 
coefficient E in the case of variants 5-9, The equation 


Е = 0.244 Re—0.2175 (8') 


yields values lower by 16-22% than those given in /7/ for the same cases. 





20 
30 40 60 wsl] W 40 0 мт) 


FIGURE 4. Anomalies іп the functions Nu = /(Ке) апа = (Ке) at: 


1— Ве =7.9-104; 2— Ве = 105, 


Measurements made on narrower annular channels with longitudinal 
fins оп the inner tube showed anomalies in the functions Nu = / (Re) and 
+= (Re) at flow velocities of about 60 m/sec when a certain decrease in Nu 
and t occurred for Re = const. (Figure 4), while no change occurred in the 
nature of the а/Е ratio. No such anomaly was observed in variant 10 (Table 
3), and the flow peculiarities, which could be attributed to the dynamic 
effect of the mainstream on the shedding of eddies from the space between 
the fins, depend also on the proximity of the outer channel wall. A more 
detailed explanation would require direct optical observation of the flow. 
The results for tubes with transverse fins shown in Table 3 and Figure 2 
are valid at velocities lower than 60 m/ sec. 

Despite the fact that the values of the exponents of the Reynolds number 
have а marked dispersion, the experimental points can be described with 
a maximum dispersion of 15% by using averaging equation 


Nu = 0.00628 Re®-8? рго.« (9) 


in the range Re = 2-104-105, Equation (9) differs only slightly from 
equation (5) for a bundle of elements with transverse fins. The fact that 
equation (9) may be applied to various cases of longitudinal flow around 
[fuel] elements with such transverse fins (circular and helical) is a 
justification of the selection of d,=4f/O, as the decisive criterion, assuming 
that the envelope of the fin edges ((DD;) is the basic dimension of finned tubes. 
For variants 11 and 13, which differ in their channel lengths, the Nusseit 
number is described by the same equation, while the shapes of the curves 
describing the changes in § differ to a certain extent (Figure 2). 

Compared with other published data, our results agree relatively well 
(deviations of 13-21%) with the relationships reported by Petrovskii et al. 
/13/, while extrapolation of the well-known Knudsen and Katz equation 
/9/ yield much (about 140%) higher values of Nu. 

The separate equations describing the frictional coefficient § in the case 
of variants 10-15 (Table 1) cannot be combined into a single equation. The 
reported values are, however, in qualitative agreement with the graphical 
data of Braun and Knudsen /3/. 
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It was found that the heat transfer in a bundle of tubes with longitudinal 
fins is slightly lower than in the case of flow in channels, while the 
measured resistances are 10-30% higher than the respective values for a 
smooth channel. 


Symbols 


А — the mechanical equivalent of heat; ср — specific heat at constant 
pressure, j/kg. deg; D,— diameter of the tested element, m; D, — inner 
diameter of the channel, m; d, — hydraulic diameter, m; F — surface 
area, m?; f — flow cross section, m?; G — flow rate, kg/sec; g — 
acceleration by gravity, m?/sec; h, —finheight, m; k— heat transfer 
coefficient, w/m?.deg; L — channel length, m; a, — number of fins; Ор — 
channel parameter in contact with the flow, m; Ap — static pressure 
gradient, n/m?; R — thermal resistance, m?.deg/w; s, — distance between 
the fins, m; T — absolute temperature, °K; t — temperature, °С; w — 
flow velocity, m/sec; a — heat transfer coefficient (overall), w/ m?.deg; 

Y — specific gravity, kg/m?; с, — fin thickness, m; +, — thermal efficiency 
of the fin; #,— mean logarithmic temperature gradient, deg; § — frictional 
coefficient; с — recovery coefficient. 

Subscripts: c — total or overall; e — effective; L — air; red — reduced; 
s — mean or average; St — static; t —tube; v — water; z — fin; 1,2 — 
inlet, outlet, (internal or external). 
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V.F. Yudin and L.S. Tokhtarova 


INVESTIGATION ON THE HEAT TRANSFER AND 
RESISTANCE OF FINNED, STAGGERED BANKS 
WITH FINS OF DIFFERENT SHAPES 


Finned tubes of many different fin shapes are extensively used in gas- 
liquid heat exchangers. In addition to tubes with wire fins, tubes with stud 
and disk fins have also been used recently. 

In designing new heat exchangers, difficulties arise in connection with 
the selection of the most effective type of fins and with the adequate 
arrangement of the tubes in the bank, 

Comparative studies on the heat transfer and resistance of finned, 
staggered banks were carried out at the Central Boiler and Turbine Institute 
im. 1.1. Polzunov in order to determine which type of fin was most 
efficient; the banks studied were made of tubes with cylindrical studs, flat 
fins, disk fins, wire fins, and disk fins with zigzag surface roughness 
imparted by tooth-shaped protuberances. 

A detailed study of the effect of the geometric parameters of staggered 
and in-line finned banks on heat transfer and resistance is reported in /1/. 
The banks consisted of tubes (Table 1). The range of variation of the 
relative pitch was 


Syd = 1.7 —3 and Syd = 1.2 — 3. 


Of the 17 bundles studied, the best power-consumption characteristics were 
obtained in the case of staggered banks having S,/d=3 and S,/d = 1.2. Hence, 
we Studied only staggered banks with relative pitches close to the optimum 
values. 

The experimental setup and procedure are described in detail in /1/. 

The heat transfer studies were carried out in an open-type aerodynamic 
tube by the method of local thermal similarity. Electric heating was used 
in the measuring tube-calorimeter, The heat flux was in the "wall-to-gas'' 
direction. Allthe banks investigated consisted of seven rows of tubes. 

The temperature of the outer surface of the measuring tube- calorimeter 
was measuredatthe roots of thefins, using chromel-alumel thermocouples; 
this made it possible to calculate the values of the reduced heat transfer 
coefficient med. 

The temperature of the air entering and leaving the bank was measured 
with a laboratory mercury thermometer with 0.1? scale divisions. The 
wall temperature (tw) in the different experiments ranged from 358 to 383*K, 
and the air temperature (ta), from 288 to 298K. 

The heat transfer coefficients were evaluated from the heat load, which 
was determined from the electrical power consumed to heat the calorimeter. 
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The main tube diameter was taken as the determining linear dimension. 
The air velocity was determined in the cross section of the contracted 
bank. The physical characteristics of the air refer to the average air 
temperature in the bank /2/. 

The shapes and geometrical dimensions of the finned tubes studied are 
listed in Table 1*, The fins were either machined from solid, or 
attached by welding, soldering, or rolling; there was no thermal resistance 
between the fin and the tube base. 

All tubes and fins were made of plain carbon steel, except tube 10 which 
was made of brass, with soldered copper wires. 


TABLE 2. Characteristics of the investigated staggered banks 















Ratio of 
Relative pitch accord compressed 
Bank Type of surface and its No. ness co- |, Р ш 
à А oe o runni 
No. as listed in Table 1 efficient cs 18 
cross section 
5,4 Sad л,т?/т® Е , 
com/fr 















Bank with screw-thread disk 
fins, 1 

Bank with screw-thread trapezoid 
fins, with toothed surface 
roughness, 3 


3 Bank with straight trapezoid disk 
fins, 4 

4 Bank with round studs, 5 

$ Bank with wire fins, 10 


Bank with seamless screw-thread 
disk fins (VNIIMETMASH), 14 
Bank with plate-shaped fins, 6 


2 
2 
3 
3 
3 
3.13 
3 

We studied the heat transfer and drag in seven staggered banks 
assembled from tubes with various types of fins. The geometric 
characteristics of the banks are listed in Table 2. For the above seven 
banks, the calorimeter surface calculations were based on the diameter 
of the main (supporting) tube. 

In addition, we studied the heat transfer in 14 staggered banks assembled 
from finned tubes (Table 1) with relative pitches S,/d=S,/d=2, in which the 
calorimeters were of variable surface from 2 to 15. The calorimeter was 
placed in the center of the fifth row. In this case, the calculations were 
based on the total surface (the surfaces both of the fins and of the supporting 
tube not occupied by the fins). 

Apparently such an investigation could not establish the true value of the 
heat transfer from every type of surface in the case of banks of tubes with 
a certain type of fin, but it did yield data on the relative heat transfer rates 
from the different surfaces. 

True values of the heat transfer and drag in the banks could be collected 
by using banks assembled solely of tubes with the given type of fin, but the 
production of such tubesislaborious and expensive, and we adopted the above 
method for the determination of the relative magnitudes of the heat transfer 
from different surfaces. The tube bank (1) served as a turbulizer grid for 
the investigated surface (calorimeter). 


* The heat transfer and resistance experiments were carried out by E. K. Osipova. 
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The experimental data on the heat transfer and drag were processed in 
terms of dimensionless similarity numbers, as the functions: 


Nu = f (Re) and Eu= f (Re). 


The experimental results of the heat transfer in fourteen staggered banks 
of finned tubes are shown in Figure 1 (the heat transfer calculations being 
based on the total surface of the finned tube). For the sake of comparison, 
the same figure also contains experimental data on a smooth-tube 
calorimeter (15). 





FIGURE 1. Heat transfer from different surfaces. 


1-15 — the numbers of finned surfaces as listed in 
Table 1. 


The data in Figure 1 show that higher thermal efficiency was obtained 
with the smooth tube. 

Data on the heat transfer and drag in the seven staggered banks investi- 
gated (Table 2) are shown in Figures 2 and 3. 

The data in Figure 2 show that the most satisfactory heat transfer was 
obtained with banks 3 and 5. The heat transfer in bank 5 was 20-25% more 
intensive than in bank 3. This may be attributed to the effective perform- 
ance of the wire fins which (in contrast to the other fins) were made of 
copper, whose thermal conductivity coefficient is 8.5 times that of steel, 
and also to the smaller diameter of the main supporting tube (d = 0.019 m). 

It should be mentioned that the heat transfer in bank 2, where the fin 
surface was roughened by tooth-shaped protuberances, increased more 
rapidly than in the remaining banks — the curve was steeper. 

The data in Figure 3 show that the greatest drag was observed in bank 5 
(made of tubes with wire fins), where the drag was 2.2 times that in bank 3. 
The lowest drag was observed in bundles 1 and 6, made of tubes with disk 
fins (VNIIMETMASH). 

The comparative evaluation of the thermal characteristics of the different 
banks was based on the Kirpichev /3/ power coefficient for the evaluation 
of heat exchangers. In the case of convective surface investigations /4/, 


= ared 1 
2.69¢,Euop , w (1) 


1842 218 





FIGURE 3. Drag in different banks (the symbols used 
are as in Figure 2). 


The power consumption for the pumping of the heat exchange medium 
(per hour and unit heat transfer surface) was calculated in thermal units, 
using the equation 


AN, = 2.69o,Eu, p, u$ : (2) 


Since the heat transfer coefficients were calculated on the basis of a 
round tube with a diameter equal to the diameter of the main tube, the 
power consumption for the pumping of the heat transfer medium was also 
referred to the total surface of all tubes in the bank, the calculation being 
based on round tubes of the same diameter. 

Graphs for the function E=f (AM,) were plotted for the different banks on 
the basis of calculations made using equations (1) and (2). 
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FIGURE 4. Comparison of the thermal character- 
istics of different banks (the symbols used are as in 
Figure 2). 


The effectiveness coefficient of the i-th bank was 


a : 
Wo 221 = test (3) 
Е si X red. std 


Bank 1 was taken as the standard. 


For instance, at AN, = 300, the effectiveness coefficient of the fifth 


‚1 { 
bank „= iz = 2.55, and of the sixth bank, wy = 





2 
1.45 ^ 1.38. 
А graphical presentation of the volume characteristics of seven 
investigated banks is shown in Figure 5, as the function 


E AN, 
m Ф | Пар ) (4) 





7, a2 45 / 2 5 AM, 
liti 


FIGURE 5. Comparison of the volume characteristics 
of the banks (symbols as in Figure 2). 


The intersection of the straight line for Egg = idem with these curves іп. 
Figure 5 formed on the abscissa segments with length characterizing the 
Size of the banks for a given (equal) heat transfer and an equal power 
consumption for the pumping of the heat transfer medium. 


The data in the figure show that bank 5 is the smallest and bank 4, the 
largest. 
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Of the seven investigated banks, the optimum performance was obtained 
with bank No. 5, fitted with copper wire fins. Bank No. 3 (VNIITMETMASH- 
fins), was the best among the banks made of steel. It is known, however, 
that the thermal characteristics and the size of the banks are determined 
by the tube diameter, the geometric dimensions of the fins, the material 
they are made of, and the relative spacing of the tubes in the bank; hence, 
any of the finned surfaces could be adapted to yield the same performance. 

The data in Figure 1 show that the efficiency of all finned tubes (with 
various types of fins) was lower than that of the smooth tube. The layer-by- 
layer separation of experimental points was caused, firstly, by differences 
in the fin height and thickness, and secondly, by differences in the influences 
of fin performance on the total surface effectiveness due to differences in 
the fin density and, in the case of the surface with copper wire fins (No. 10), 
to differences in the thermal conductivity of the fins. 

The tube having round studs (No.7) of а; = 0.005 m and h= 0.009m 
was the most effective of the finned tubes investigated. The same surface had 
the lowest fin density, ф = 2.46. In the range of Re numbers investigated, 
the surface fins performed very efficiently and since their density 
coefficient was small, their performance had little effect on the performance 
of the surface as a whole, the experimental points lying close to those for 
a smooth tube. 

The lowest thermal efficiency was observed in the case of surface No. 13, 
with screw-thread cylindrical fins with òf — 1.2 mm, h = 0.020m, and 
y = 16.4. The thin high fins оп that surface were not very efficient, and 
Since the fin density coefficient was large (Фф = 16.4), their performance had 
a strong effect on the overall performance of the whole surface. 

We should mention the efficiency of surface No. 10, which had wire fins 
of dieg = 0.00076 m, h = 0.0165 m, and ф= 11.3. In spite of the high density 
coefficient and the considerable height of the fins, the efficiency of the 
surface was relatively high. This should be attributed mostly to the small 
diameter of the tube (d = 0,019 m). Unlike all the other fins, those on 
surface No. 10 were made of copper (having a thermal conductivity 
coefficient 4 = 330 w/m.deg), and as a result, they were very efficient in 
spite of their considerable height (4 = 0.0165 m). 

In order to determine the effect of the fin shape on heat transfer, it is 
necessary to carry out experiments with calorimeters having fins of 
different shapes. The calorimeters must have fins of the same density, ф, 
thickness, and height, and must be made of the same material on tubes of 
the same diameter. 

The production of such calorimeters is quite complicated. Hence we 
studied heat transfer in calorimeters with surfaces Nos. 1-14 (Table 1). 

In order to establish the effect of the fin shape on heat transfer, we 
introduced a correction for the efficiency of the fin. The efficiency of 
different fins E was determined as a function of the parameters f and 


2. using а nomograph for round fins оп a cylindrical base, which at first 


approximation gives satisfactory accuracy. Here 


ER 2acip 
В = V Dome (5) 


In order to eliminate the need for calculations by the method of 
successive approximations, we plotted an auxiliary graph for the function 
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a,.g=fla,) , for all finned surfaces with different values of o,. The values 
of the reduced heat transfer coefficients were calculated by the equation 


"NN овы Е + т. (6) 

Using the auxiliary graph and the experimental values ofa,,,for all 
surfaces, we found the corresponding values of a, , and using equation (5), 
we calculated the values of р. The efficiency of the fins was then determined 
with the aid of the nomograph, as described 
above, 

By correcting the experimental values 
of Nu for the fin efficiency, it was possible 
to eliminate (to first approximation) the 
effects of the different fin heights, thick- 
nesses, and metals of which they were 
made, i.e., to establish the effect of fin 
shape on the heat transfer (Nu = f (Re)). 

It was impossible to eliminate 
completely the layer-by-layer separation 
of experimental points for the different 
surfaces because of the great differences 
іп the fin density (@= 2.46-12.2) and the heights (h = 0.009-0,020 m) of the 
investigated calorimeters. The correction for fin efficiency was introduced 
into the overall value of'the reduced heat transfer coefficient, which refers 
both to the fin performances and to the performance of the bearing-tube 
areas not occupied by fins. Using the corrected values of Nu', we plotted 
a graph for the function Nu' = f (Re) (Figure 6) for two surfaces (Nos. 5 and 
6) with close finning parameters; in the case of surface No. 5, 4 = 0.020m 
and ф = 5.46, and in the case of surface No. 6, ^ = 0.020 m and ф= 6.78. 
Surface No. 5 was fitted with round stud fins, while surface No. 6 was fitted 
with plate studs. 

Despite the considerable differences in the shapes of the fins (andthus, inthe 
nature of flow around them), the heat transfer on these surfaces was 
virtually the same. This leads to the conclusion that the fin shape has no 
substantial effect on the heat transfer process. Thus, the selection of the 
type of surface for a heat exchanger should be based on the facilities for 
production of finned tubes and the reliability of the heat exchanger. 

The production of tubes with round and plate studs and with wire fins 
is rather complex and expensive. Hence, it is worthwhile to base the 
design of heat exchangers on tubes with seamless disk fins (VNIIMETMASH), 
since they are produced by rolling smooth tubes. The same conclusion was 
reached also by V. M. Antuf'ev / 4/. 





FIGURE 6. Effect of the fin shape on heat 
transfer, 


Symbols 
Qed — reduced heat transfer coefficient calculated on the basis of a 
smooth tube of diameter equal to that of the main (bearing) tube; o= A 


relative pitch in the transverse direction; S,— transverse pitch of 
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the tubes in the bank; d — diameter of the main bearing tube; Eu ==" — 
Euler number calculated for the flowing stream and referred to one row in 
the bank (in the direction of flow) m; р; — stream density; ш, — flow 
velocity; IIl; — compactness coefficient of the i-th bank; a, — convective 
heat transfer coefficient; y — constant accounting for the nonuniform 
distribution of a, over the fin surface (it is assumed that it has a value of 
0.85 for all fins); 5; — mean fin thickness; +» — thermal conductivity 
coefficient of the structural metal of the fins; He — fin surface area; Hy, — 
surface area of the bearing tube sections not occupied by fins; H = Н+ Hg, — 
total exterior surface of the tubes with the fins. 
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I. Vampola 


GENERALIZATION OF THE LAWS GOVERNING 
HEAT TRANSFER AND PRESSURE DROP DURING 
TRANSVERSE FLOW OF GASES IN FINNED TUBE 
BANKS 


The derivation of general laws for the heat transfer coefficients during 
flow in contact with devices such as finned tube banks is outside the scope 
of theoretical analyses based on physical calculations. Hence, it is 
necessary to base the derivation of such laws strictly on experimental data. 

In spite of the fact that finned tubes are widely used in technology, the 
published data are insufficient for the determination of the heat transfer 
and drag coefficients for arbitrary distribution of the transfer surface. 
This is due to the large number of variable parameters which complicate 
the solution of the problem. Thus, every design of a new type of finned 
tube requires rather extensive measurements involving large expenditure, 
especially for the determination of the optimum dimensions and 
distribution of the fins. 

A series of measurements, the interpretation of which made it possible 
to derive some fairly accurate general laws, were carried out at the State 
Research Institute of Heat Engineering (SVUTT). The results make it 
possible to determine the optimum fin dimensions for various applications. 

When a gas flows in contact with a bank of tubes, the total amount of 
heat transferred is equal to the sum of the heat transferred by radiation and 
convection. In the case of fins spaced at a small pitch, the complex 
radiation pattern may be replaced by the radiation from the exterior surface 
of the heat exchanger to the surrounding channel walls. Since the ratio of 
exterior surface to total transfer surface is negligibly small, it is possible 
to ignore the contribution of radiation to the heat flux; at gas temperatures 
up to 100°C, the error caused by this simplification does not usually exceed 
1%. In the case of thin-walled tubes, the main equation for the amount of 
transferred heat is as follows: 


1 
а F,'a, Ar 
where a, is the apparent coefficient of heat transfer related to the total outer | 
transfer surface of the heat exchanger and comprises also the effect of the 
fin material. In order to determine its value, it would be advantageous to 
carry out a more detailed analysis of the heat transfer conditions on the 
finned tube. 
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The amount of heat transferred (in the heat exchanger) by convection 
equals the sum of the amounts of heat transferred by the fins and the tube 
surfaces together: 


Q = 1, F,8, + a, Fg. (2) 


In practice, it is impossible to determine the partial heat transfer 
coefficients on the basis of thermal measurements with the heat exchanger. 
However, analyses of the experimental results indicate that the difference 
between a, and a, usually does not exceed 20%. In view of the small value 
of F,/F,, it can be assumed that а, — a, and the resulting error in the deter- 
mination of a, would not exceed 2%. 


if Ê =, we obtain from equation (2): 
1 


Q= aF; (x + z) = ‚Р, +>), (3) 


2 


where x is a constant depending solely on the transfer surface ratio. Since 
the heat transferred may be written also as 


Q= a F ðn (4) 


we obtain from (3) and (4) the following equation for the apparent heat 
transfer coefficient 


F, 
e ш: Р, (n; + 3). (5) 


The 9,9, ratio is determined from the fin efficiency, which for fins other 
than round or flat may be calculated using the approximate equations 
proposed by Schmidt /9/. 

According to Barker /1/, the efficiency of thin multilayer fins may be 
calculated using the same equations, assuming that the mean thermal 
conductivity is 


i—n 


Y» 


i=l 


у= = 


5 (6) 


where the subscript i refers to the separate layers in the fin. 

In designing heat exchangers, it is important to know not only the heat 
transfer coefficient but also the drag coefficient. Since the results of 
experimental studies show that in the case of heat exchangers comprising 
more than two rows of finned tubes, the drag coefficient is virtually 
independent of the number of rows, the total pressure drop may be 
described by the equation 


ш? ш? и? 
L L2 LY 
Ap, — En, 2g. Yr mE Yio— 2g т], (7) 
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where ш, апа ү, are determined at the mean temperature and the mean gas 
pressure in the heat exchanger. 
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Types of investigated finned tubes. 


a — smooth soldered fins; b — fiber-reinforced fins; 
c — knurled fins. 


In order to determine the thermal and drag characteristics, we studied 
about 30 different finned-tube distribution patterns in the form of experi- 
mental banks with a face cross section of 0.320 X 0.320 m. Three types of 
finned tubes were used: in the first type the main tube was fitted with 
soldered square and rectangular fins; in the second type the fins were 
formed by a helical corrugated strip; and in the third case the fins were 
knurled from a thick-walled tube. А schematic view of the distribution 
pattern of the finned tubes for which we varied the geometrical dimensions 
is presented in the figure, and details of the dimensions are reported in 
/11/. Most measurements were carried out with air pressure close to 
atmospheric, but in some cases, the finned tubes designated for synchronous 
hydrogen turbogenerators were tested in media with various hydrogen 
contents. The tests were carried out with air heated or cooled by water. 
The maximum temperature of the air was 393°K, and that of water was 
353°K. 'Thediscrepancies in the thermal balance were within +2%. 

The heat transfer coefficient inside a tube during turbulent flow was 
determined by calculation, since the heat transfer coefficient on the fins 
could be calculated by using equations (1) and (5). The drag coefficient was 
calculated using equation (7) on the basis of the measured pressure drop. 

The experimental results were processed in the form of dimensionless 
functions. 


a,d, 


Nu = x = т Ке" and E- pRe*. 
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We neglected the effect of the Prandtl number, which is approximately 
constant for gases of the same atomic weight. The boundary layer 
temperature was taken as the decisive criterion for the thermal 
conductivity and the kinematic viscosity. Its value was determined from 
the equation 


Ө, 
led do (8) 
where, for slight cooling with water, 


M LE ge 


t toe — 
ts = at vw = (9) 


The gas velocity was determined by taking into account the minimum 
flow cross section in the exchanger, the arithmetic mean temperatures, 
and the mean pressure. The equivalent diameter (according to Harrison) 


F; 
= 2n, 
Е; Ё, , 





Fid, +F; ) 
(10 


where the transfer surfaces Ё; and F, are the surfaces of the respective 
single tubes and n, is the number of fins, was taken as the decisive 
criterion. 

The experimental results, supplemented by some data from the 
literature /2,7/ (which could be processed by the above method), showed 
large deviations with respect to the Nusselt number and especially with 
respect to the drag coefficient. In order to present the results in the form 
of a single function, we analyzed the effect of the geometric dimensions of 
the finned tubes, thus deriving equations for a dense distribution with an 
ideal metallic bond between the fins and the main tube and for banks with 
more than two finned tubes. 

In the case of finned tubes in a staggered bank: 
for Stc dL 21 


$3 — d, 


—0.2 —0.2 94 

= 0.67 1 — а, Sı — d, 5 — а, E 
Nu —0.251 Re (34. ) (24 <= (11) 

for Ssd < 1 
S3—d, 7 
—0.2 —0.2 
Ми —0.251 Вео.67 (25%) [= +1) А (12) 
t 


The above equations are valid with an accuracy of +20% for all 


investigated types of finned tubes over the following ranges: Re = 1.108 — 
— 1-105; d= 0.01617 — 0.0341 m; azh = 0.48 — 1.64; 37 Ó +1 = 1,34— 


t 
25.2; 





эге = 0.45 — 2.53. 


5—@( 
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In order to check the observed effect of the geometric dimensions in the 
case of fins of markedly different shape, the above method was used to 
process the experimental results of Tulin /10/ for tubes with copper wire 
fins. The results satisfied (with an accuracy of +10%) the equation 


—0.2 
Nu -214 Re (3 а) [EL +1) (13) 


The dimensionless equations derived above, which are valid for heat 
transfer in turbulent flow regions, are virtually independent of the shape 
of flat fins, all other conditions being equal. In order to determine the 
drag coefficient, it is necessary to classify the finned tubes into groups 
according to the fin shape: smooth fins, parallel fins, and knurled helical 
fins, helical corrugated fins, and finally, wire fins. The drag coefficients 
can be calculated with an accuracy of +20% by the following equations: 

smooth fins 








т: 
corrugated fins formed by deformation of a wound wire 
E —1.075Re-?- „(9—4 а, ү у" (254 y" ( D X T 
wire fins ` 


Tubes with smooth (square or rectangular) fins were tested in banks 
arrayed in-line, a staggered array being more suitable for tubes with 
round fins. Despite the rather extensive range of ease: of the 

—d, — d, 
parameters (d, = 0.02235 — 0.1612 m, — “t= 0,72 — 1.86, x BE qos 
t t 
= 2.1 — 29.2), we were unable to establish the exact effect of the geometric 
dimensions on the heat transfer. However, satisfactory agreement between 
the experimental results could be obtained by employing the equivalent 
diameter, since the heat transfer satisfies the following equation (with an 
accuracy of £200): 





Nu —0.183 Re®-3, (17) 


The drag coefficient obeys the foliowing equation 


peas ege ud. d 








The general equations for the heat transfer and drag coefficient, which 
are valid over a wide range of values of the variable parameters (and which 
take into account the effect of those parameters) are a fairly satisfactory 
expression of the laws governing the phenomena occurring on various types 
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of fins during turbulent gas flow. The equivalent diameter calculated by 
means of equation (10) gives good correlation between values, but is not the 
main factor determining the boundary between turbulent and laminar flows. 
This is determined by the hydraulic diameter d,=4f/O for the narrowest 
cross section between the tubes. For different finned tubes, the transition 


d 
flow region fluctuates between Бе“ values (Re*= 29) of from 500 to 1500. 


It is obvious that when the equivalent diameter is used (from (10)) it is 
necessary to State the range of application of the derived equations for each 
type of finned tube. Thus, it is recommended to limit that range to 

Re*» 1000, The upper limit of Reynolds numbers could not be attained with 
the setup we used. It could, however, be assumed that by analogy with 
smooth tube banks, a similarity region (with constant drag coefficient 

and a sharper dependence of Nu on Re) would be established at Re <1. 105 — 
3-105, 

Since in the equations derived above, the effect of geometric dimensions 
on the heat transfer does not exceed +10%, the above equations may be 
used also to determine the optimum fin dimensions for the specific case 
under consideration. To this end, it is necessary to compare different heat 
exchanger designs under similar conditions. Assuming that the front cross 
section of the heat exchanger and the amount of heat transferred are 
constant, we should have equal mass flow rates (of the gas) for equal inlet 
and outlet gas temperatures, so that for an equal tube wall temperature, 
the evaluation criteria should be based on the power consumed to pump the 
gas, the heat exchanger volume and weight, and the amount of heat per 

„l Q Q 
unit AN’ 0’ б 

For the selected tube diameter, the above criteria are functions of the 
pitch of the fins, the fin thickness, and the fin diameter: 


A =i(2, 4. E) S-0(2. 4. 2); 





AN г, d, d, 0 г, d, d, 
$-e(R, 2, &). 
G r, d, dy 


At maximum Q/AN, the optimum fin dimensions may be determined by 
solving the system of equations 








re E ens 
9 — ð — a 
г, а, 8, 


for which the function may have an extremum. The optimum of the function 
Ф may be determined in a similar way. 

The above method of solution is cumbersome (due to the complexity of 
the functions) and requires a knowledge of the exact nature of the changes 
near the extremum; hence, the problem was solved graphically. Asa 
working example, we selected a finned tube with parallel round steel fins 
mounted in a staggered array on steel tubes having a constant wall thick- 
ness of 0.001 m. The calculation was carried out for air at a pressure of 
9.8 - 10* n/ m? and 50°C, assuming that the heat transfer coefficient within 
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the tube was infinitely large. The values of the variable parameters ranged 
within the following limits: d, from 0.010 to 0.030m; u/d, from 0.1 to 0.4; 
5/4 from 0.005 to 0.05; R/r, from 1-3; the air velocity before the heat 
exchanger ranged from 1 to 20m/sec. The shape of the curves describing 
the function showed that at the maximum Q/AN the value of R/r, ranged from 
1.6 to 2.2; considering the amount of material used and the small volume 
of the heat exchangers, it would be advantageous to use smaller values of 
R/r and the value of R/r,7 1.8 may be regarded as the optimum. The 
distance between the fins should be small, but not smaller than u/d,= 0.05, 
since a sharp decrease in Q/AN takes place at smaller values. From the 
Standpoint of power consumption, a somewhat higher value of is better 
at high air velocities, u/d,= 0.1 being regarded as satisfactory. 

At maximum Q/AN, the optimum fin thickness corresponds to ё,/4 = 0.02, 
while for Q/G , 6,/d,2 0.005, Since the changes in Q/v are little affected by 6,/d; 
at 5,/d;> 0.01, we may assume that the optimum value is 6,/d,= 0.01. The 
tube diameter should be as small as possible. Reducing the diameter from 
0.020 to 0.010 mcauses an~ 16% decrease in the drag, a 63% decrease in 
the volume of the heat exchanger, and a 50% decrease in the weight of the 
finned tubes. 

In order to explain the effect of the thermal conductivity of the fins on 
their optimum dimensions, we carried out analogous calculations for copper 
fins. The results show that at maximum Q/AN the optimum relative fin 
dimensions are somewhat higher than in the case of steel fins (R/r,= 2— 2.5). 
In order to simplify the production of finned tubes from different materials 
we may assume, however, that the above value of R/r,is satisfactory in the 
case of copper fins as well, since the decrease in Q/AN is compensated for 
by an increase іп Q/G and a much greater increase in Q/v. The optimum fin 
thickness corresponds to ё,/4, = 0.005, and the distance between the fins 
Should be small, but not smaller than u/d, = 0.05. 

In order to compare the effect of the arrangement of finned tubes on the 
main heat exchanger properties we carried out calculations for two heat 
exchangers made of identical finned tubes with round fins at the optimum 
г, = 1.8, the only difference being the tube arrangement (staggered or in- 
line), An analysis of the results shows that the [hydraulic] resistance of 
the heat exchangers was roughly the same, but the volume of the heat 
exchanger with the in-line tube arrangement was about 43% greater, while 
the weight of the finned tubes was 25% greater. The difference between the 
two types of heat exchangers disappears only at higher values of R/r,. 

In order to elucidate the effect of square fins on the heat exchanger size 
we compared two heat exchangers made of finned tubes with round and 
Square fins; the tubes were mounted in an in-line arrangement since a 
staggered array would lead to differences in the diagonal pitch. The use 
of square fins is more advantageous since in that case, the heat exchanger 
resistance is 25% lower, the volume is 1.5% smaller, and the weight is 
9% less. 


Symbols 


A — the mechanical equivalent of heat; d — diameter; F — heat-transfer 
surface; б — weight; & — heat-transfer coefficient; М — power consumed 
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to pump the gas through the heat exchanger; п — number of elements; Ap — 
pressure difference; Q — amount of heat transferred; R — fin radius; r — 
radius; sı, se, ss — transverse, longitudinal, and diagonal pitch of the finned 
tubes; t — temperature; u — distance between fins; o— volume; w — 
velocity; a — heat transfer coefficient (overall); y — specific gravity; 
6 — thickness; E — drag coefficient; п, — fin efficiency; Ө — temperature 
difference; А — thermal conductivity coefficient; v — kinematic viscosity. 
Subscripts: е — equivalent; L — gas, total surface in contact with 
the gas; s — mean; ¢ — tube, outer tube surface; v— water, inner tube 
surface; z — fin. 
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А.1. Mitskevich 
EFFICIENCY OF HEAT TRANSFER SURFACES 


Much attention has recently been given to the intensification of heat 
transfer processes. The extremely large amount of experimental data 
accumulated necessitates a standardized and well-based generalization, 

A method for evaluation of the efficiency in convective heat transfer, which 
can be applied to different surfaces, is proposed in this paper, 

In this method, a standard heat transfer surface to which all other 
surfaces are compared and the heat transfer surface under consideration, 
both occupying the same construction volumes, are studied at equal power 
consumptions (for the pumping of the heat transfer medium); the ratio of 
the amounts of heat transferred at equal temperature gradients (between 
the heat transfer surface and the medium) is then determined. This ratio 
will be known below as the efficiency coefficient. 

This method is a further development of an idea proposed by Kirpichev 
/1/, from which it differs only in the introduction of a standard surface 
for comparison purposes, since the ratio of the amount of heat transferred 
to the power consumed to pump the heat transfer medium is by itself 
arbitrary, and being most favorable in the case of large heat exchangers, 
it does not favor the use of more compact heat exchange equipment despite 
the modern trend toward such compact units. 

An important feature of the method is the fact that the heat transfer 
surfaces are compared on the basis of equal construction volumes rather 
than equal surface areas, which eliminates the ambiguity in the interpreta- 
tion of the experimental results observed when other methods are used /2/. 

The efficiency may be determined by analytical calculations if we know 
the heat transfer and hydraulic resistance functions for the surfaces to be 
compared. 

Thus, if we know the following functions for the given surface: 





g= aRe™, (1) 
At F 
t Y m; Pr», 2 
St = at, AL = а, Ren: Pr (2) 


the amount of thermal energy transferred per unit construction volume 
comprising the heat transfer surface would be 


At,Gc, Sth 
= = —— Ge, Aty. 3 
Lf fF Cp w ( ) 





Е,= 
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By writing the flow rate in terms of the Reynolds number 


G=Reté, 4 
А (4) 

we obtain from (2), (3), and (4) 
Е,= B dpa, Кет+! Pret! A, ty. (5) 

ДЕ 


The power needed to overcome the hydraulic resistance in a unit construc- 
tion volume occupied by the channel of the heat transfer surface can be 
represented by the equation 


Еһ= 32. (6) 


which does not take into account the compressibility of the heat transfer 
medium. Since 








wy L wy sL sL 
AP= —— _— = —— = G2 
E-a m BE URBC (7) 
we obtain from (1), (6), and (7) 
copy 5 pt 
Ва зур os TREN. (8) 


In agreement with the above statement concerning the possibility of 
comparing different channels from the standpoint of heat transfer efficiency, 
we use one such channel as a standard. Using the subscript "0" to denote 
the constants referring to the standard, we obtain from (5) and (8) 








Soft 8 x 
—— o 
Eg oe st 280 qu етей, (10) 
"2 RF YO 


From (8) and (10), we determine the relationship between Re and Re, for 
which we would have the same power consumption in pumping the heat 
transfer medium through a unit volume occupied by the channels in the 
standard and in the sample to be compared with it: 


1 
sj дү? йш | m3 тю} 
е=[———< Ss Ss — m+3 | 11 
Re= | ay ru] Re n 


By substituting equation (11) in (5), we obtain an expression for the amount 
of thermal energy withdrawn from a unit construction volume of the sample 
in the case of equal power consumption in pumping the medium through the 
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sample and through the standard: 
аа 18 
араа, 
к 7? | ҺР pave а, 
т»+1 


Rey mers 


Е, = 


(12) 





(Mio +3) Рүтә+!1 Aty. 


The surface efficiency coefficient determines the ratio of the thermal 
energies transferred to the sample and to the standard at equal power 
consumptions in pumping the heat transfer medium: 


E, 











ег. 13 
A (13) 
Combining (9), (12), and (13), we obtain 
m+! 
ShfoFo Ма» | ИЕ pay? а, | m3 
TUSEESEBe cuc unc ТЕ о 5 09920 005 X 
SoltofF А, Gao L SoFo BYS а 
(rt 0) то) yy prs! Aty 
m3 ———— А 
Bes Promet! | МС (14) 
Equation (14) тау be written in terms of cofactors: 
5 Atw 
= Н 15 
7] = ANM Im (15) 
In the above equation, 
s. T ЕЗ [тт 
E S m43 
m= E (16) 
SF L SES 


is a coefficient accounting primarily for the effect of the geometric 
parameters of the standard and the sample; 


TIE (met me 3) 

TEES бета) 
а» (2) : Re, "3 msi (17) 
ау 


Ne = 
а» 


is a coefficient accounting for the effect of the stream turbulizing; 


mil 
A. Es Jus proi 
de LUE Pp 


пз = (18) 


is а coefficient accounting for the thermal properties of the heat transfer 
medium. 

Equation (11) established the relationship between the Re numbers at 
which we need the same power to pump the heat transfer medium through 
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equal volumes of the standard surface and the compared surface. The 
ratio of the amounts of heat transferred under these conditions is determined 
using equation (14). 

We should mention that in the case of neat transfer of a complex nature, 
i.e., when the purely convective heat transfer also involves thermal 
conductivity, the experimental data on heat transfer should be expressed 
(according to (3) and (4)) as follows: 


St = f (Reobs. Props); (19) 


where 


M yn 
Reobs = Re (=) , 


The values of the exponents л, and n, are determined from 


Prop, = | 


Pip 





]1—n 
nya 
m—n 
т— 1 
п; = , 
m—n 


where m and n correspond to the exponents in the equation for a "риге" 
heat transfer, i.e., for fins with infinitely large thermal conductivity 
(St — aRe"Pr ). 

If the previous calculations are carried out for the above most general 
case, we find that equations (11), (16), and (17) remain unchanged, while 
equation (18) assumes the form 


т,+1 pu afia ams 
A, [ру Jes pret (=) 

т = — | 

n 


dw 
poy? 


Prot! | te E (20) 


Awe 


Equations (11), (16)-(18), or (11), (16), (17), and (20) make it possible to 
compare the efficiency of different surfaces tested with different heat 
transfer media under different flow conditions (longitudinal, transverse, 
internal, external), with smooth and finned tubes. In all cases, the surface 
to be compared was characterized by a value of n, which was a function of 
the Rey number of the standard surface. The efficiency coefficient assumes 
a very simple form in cases in which the compared surfaces are in contact 
with the same heat exchange medium under the same conditions. In such 
a case, m is a measure of the inherent thermal efficiency of the surfaces. 
Another limiting case involves identical surfaces in contact with different 
heat exchange media. Insuch acase, the coefficient т reveals the effect of 
the heat exchange medium on the efficiency of heat transfer. Examples of 
the changes in * in such cases are shown in Figures 1 and 2. 
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FIGURE 1. Effect of hcat exchange media on the FIGURE 2. Comparison of heating surfaces 
efficiency of hcat transfer. having the same volumes and working with 
thc same heat transfer medium under the 


Fortheturbulent region: upper line — helium v 
t тері PES ! same physical conditions. 


middlc line — carbon dioxide, and lower line — 
nitrogen, It is assumed that » = 1 for hydrogen. 


The method is extremely simple to apply in cases in which it is 
necessary to compare the efficiency of surfaces already having the same 
construction volume (е. g., investigation of the effect of different turbulizer 
baffles in the same tube), when they are tested with the same heat transfer 
medium under equal conditions.* In such a case, from the available 


experimental data in the form of functions AP=,(G) and Q 


^ PG yh 
for the compared surfaces and plot a 





=f,(G), we 





calculate the values of м = 


graph for the Reynolds number as a function of the flow rate 
G (Figure 2). 

Afterward, by assigning some value to №, (іо which there is а 
corresponding value of G, and hence of Rej), we obtain the corresponding 


values of T —t. for the compared surfaces. The ratio of the last values 
T 


w 
gives the efficiency coefficient 


Q twe — (5, 


к: (21) 
0 w T 


q= 


The above method is very convenient in experiments to find effective 
surfaces, since a comparison may be made on the basis of four tests (two 
sets of conditions for each surface). 

As a rule, heat exchangers consist of a row of identical elementary 
channels operating in parallel. The unit volume of such a heat exchanger 
may be selected by assuming an arbitrary channel length. However, if the 
heat transfer channel lengths for unit volumes in the compared heat 
exchangers are assigned arbitrary values, the degree of heating of the 
heat transfer medium in the channels may be different even at equal 
temperature gradients between the heat transfer surface and the medium 
and equal power consumptions for the pumping of the heat transfer medium. 

It is common practice to limit the upper or lower temperatures (or both 
temperatures) of the heat transfer medium. Thus, for a complete 


* [The physical conditions with respect to the medium, i.e., pressure, temperature, etc. ] 
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evaluation of different heat transfer surfaces, let us compare the channel 
lengths required to obtain an equal degree of heating of the heat exchange 
medium. 

The channel length required to obtain a temperature gradient At, in the 
heat transfer medium can be calculated from the equation 


—nymy—nyms 
L= E Re-™ prom At x) (22) 
hà; At \ Ау 


(the above equation is derived by substituting (19) апа(2) in(5)). Ву 
writing equation (22) for the standard, we obtain the required coefficient 
in the form 








L 
6=— A = Re : 23 
sete CORAN AS (Ке) (23) 
where 

QD Ph Еа 

б, = — | ——— s 
= Fh LRF (29 
t= a (Su | пы тезен: T 

аз | а, 
BUS ^. —n,nig—nsms 

" Boy? ) m+3 pp-m, ke 

AE | m (26) 


Prot [o пц 201207130 ^ 
Aw ) 


If the heat transfer is of a simple nature and does not involve thermal 
conductivity, we should assume in equations (22) and (26) that m=n,=0. 
If the heat transfer in the standard is also simple, we have ny=n»=0. 

In practice, it is convenient to use as the standard a circular tube with 
internal flow of the heat transfer medium. 


Symbols 


Е — resistance coefficient; а. а, тү, т, тз, пі, n, — dimensionless 
coefficients; Af, — temperature gradient in the heat transfer medium; 
At, — temperature gradient between the heat transfer surface and medium; 
Е — flow cross section, m?; h — perimeter of heat evolution, m; L — length 
of the heat exchanger, m; G — flow rate of the heat transfer medium, 
kg/sec; f — structural cross section of the heat exchanger, m?; u — 
dynamic viscosity of the heat transfer medium, sec/m?; s — wetted 
perimeter, m; A, — thermal conductivity of the heat transfer medium, w/ m*K; 
A, — thermal conductivity of the wall material; d,— hydraulic diameter, m; 
Y — density of the heat transfer medium, kg/ m?;Eg, E; friction energy and 
transferred thermal energy, respectively, w/m3; А Р — pressure drop, n/ m?; 
„— efficiency coefficient; Nf, — power needed to overcome the friction, w; 
Q — amount of heat, w; 8 — length ratio coefficient, 
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V. CONVECTIVE HEAT TRANSFER UNDER 
UNSTEADY-STATE CONDITIONS 


Yu. L. Rozenshtok 


THE UNSTEADY LAMINAR THERMAL BOUNDARY 
LAYER ON A SEMI-INFINITE PLATE IN A 
VISCOUS LIQUID FLOW 


The investigation of unsteady-state effects in the dynamic, thermal, and 
diffusion laminar boundary layers under forced convection conditions is of 
ever increasing importance because of their extensive practical application. 
The usual methods for the approximate solution of the unsteady- state 
problem (based on the presentation of the velocity and temperature fields 
as series converging over short or long time periods, as well as on inertia 
methods) are very cumbersome and do not always yield the correct physical 
representation of the investigated process in the transition region. Hence, 
use of the integral method of Karman-Pohlhausen in solving the problem of 
formation of the boundary layer appears very promising. In many cases, 
the use of this method to solve dynamic and thermal boundary layer problems 
yields results with an accuracy sufficient for practical purposes. Thus, a 
solution of the steady-state problem for heat transfer on an isothermal 
plate under forced convection conditions /1,2/, with proper approximation 
of the velocity and temperature profiles, yields results that are in good 
agreement with those obtained by an exact solution /3/. 

By neglecting the viscous dissipation and the changes in the viscosity 
and in the thermal characteristics of the fluid (as a function of temperature), 
we obtain, for a plane unsteady laminar boundary layer for homogeneous 
flow of the flowing fluid, equations in the following forms: 





Ou Ou ди Ou 
— +u — +v — =v — , 
ФЕТ" дё ow ^ дё (1) 
ar ar ar oy әт 
I ышы iy FE уг { 2 
alu aS СОЙ? (2) 
ди до 
xS (3) 


where о is the Prandtl number (the remaining symbols having the convention- 
almeaning). By integration of equations (1) and (3) over the thickness of 

the dynamic boundary layer 8, and equation (2) over the thickness of the 
thermal boundary layer èr, the Prandtl equation is convertedinto the Karman 
Tw—T 


integral equations for dimensionless variables ф =u/u and 8 = T 
w—to 


è 5 
д : д дф 
2 | (1—q)d rd — g)dy =v 29 
a q) dy + us z fea )dy =v ду Р (4) 
0 0 


y=0 
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т èr 
zl й—)4& + | gl odio > n (5) 
at ox о ду |, 
0 


where u, and T, are the free flow velocity and temperature and Ty is the 
wall temperature. 

In the case of an isothermal plate in a uniform motion started by impulse 
from a state of rest, the boundary and initial conditions have the form: 


$9-—0,9—0 at t=0, ( 
g=0,8=0 at x=0, ( 
ф= 0, 8 = 0 at y=0, (8) 
ф= 1 at у= $; G=1 аі у= $;. ( 


We approximate the velocity and temperature fields in the boundary layer 
by parabolas of the fourth degree: 


Ф = 27 — 210 nt (т = yf). (10) 
9 = 21—218 +h (np = у®„). (11) 


We shall now examine consecutively the саѕеѕ оѓо = 1, ор 1 апа с < 1. 


° 


Prandtl number equal to unity 


By substituting (10) in (4), we obtain a differential equation in terms of 
partial derivatives of the first order: 


8 др. 31» ðt] 


= 0), 12 
40 t 1260» ox i ) (13) 





Equation (12) may be solved by various methods (Laplace transforms 
for one or two variables, the similarity method, but in order to maintain 
uniformity in subsequent presentation, we shall solve it by the classical 
method of characteristics /4/. The system of equations for the 
characteristics of (12) may be written as follows: 


———-—— wl. 13 
37us 3 1 (28) 


Taking into account the zero initial conditions, we obtain the following 
solution of the system (13): 


è = 5.83 }/ us (x < хн), (14) 


è — 3.6505 (x> хн). (15) 
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The value of x, determining the boundary of the dynamic wave is found 
from the first equation in (13): 


хн = 0.392uy. (16) 


Thus, as has been mentioned іп the analysis of the unsteady dynamic 
boundary layer /5,6/ equation (12) characterizes the propagation of the 
steady state in the velocity profiles. 

When x«x,, equation (14) coincides with the solution of the steady-state 
problem, while for x>x,, equation (15) yields the solution of the Rayleigh 
problem obtained as a result of omitting the convective term in (1) (at 
small t). 

The velocity of the uniform motion of the dynamic wave is 


Wr = 0.392u,. (17) 


Thus, a steady-velocity profile is established at the point with coordinate x 
after a time f equal to 


1-255. (18) 


Uo 


Since at o = 1 the equations describing the dynamic and thermal 
boundary layers are equivalent, the above conclusions are also valid for 
the formation of the thermal boundary layer at а= 1. In this particular 
case, the hydrodynamic wave boundary хн (мһісһ characterizes the rate of 
stabilization of the hydrodynamic boundary layer) coincides with the thermal 
wave boundary xr (which characterizes the rate of stabilizationof the thermal 
boundary layer), i.e., (xq xr). In general, ato#1, the rates of establish- 
ment of steady temperature and velocity аге different. Thus, ato«l, the 
heat advances with respect to the dynamic wave, while at o>I the heat wave 
falls behind the dynamic wave. Thus, in general, there are four different 
velocity and temperature distribution zones (Figure 1): zone I with steady 
velocity and temperature profiles; zone II with unsteady velocity and 
temperature profiles; zone III with a steady velocity profile but fairly 
unsteady temperature profile; and zone IV with unsteady velocity profile 
and almost steady temperature profile. It is evident that zones I, II, and III 
exist ato>1(xy>xr), while zones I, П, and IV exist at ø<1 (xy<xr). Zones 
ПІ and IV do not exist at o=l. 


“== 1 | Vv | П 


FIGURE 1. Schematic view of the formation of the 
dynamic and thermal boundary layers at o=1 (a); 
c>! (b); and о<1 (с). 
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Prandtl number greater than unity 


In the case of Prandtl numbers greater than unity, the integral co^dition 
for a local thermal balance assumes the form | 


Stra Obr , usrao д P 
20 of ' 2 дах 


2 зоо 1 ôr 
MM eee NE Scr sci. 
*{ «(55 140° * 180 “)} (: 3 | (19) 


In view of the small changes in the term in parentheses at Ox e«l, it 
may be replaced by its average values in the above range (which is equal 
to 1/8), 








3e 9%, ш дїр, ugop, дє 7 
30 д +32 ду Te gT! (by 00). (20) 





The system of characteristics for equation (20) is written in the form 





32v«dx 40а dy, 
—— -= = (21) 
Ug oE 3c ugop, дє 
^ d6 x 
The system (21) is decomposed into three equations: 
P d 
aE = 0.416и,є, (22) 
dy, д 32» 
— oc? 9 or e (x < xj). (23) 
dy, 5 Qe 40» 
"Eo К “Фк у” Une (24) 


The initial conditions for equations (22)-(24) have the form x,(0)—0; p,(0, 0= 
=0; y(x, 0)—0. Equation (22) is analogous with the corresponding equation 
(17) and determines (as we shall show below) the velocity of the heat wave 
front that causes the establishment of a steady, or almost steady, tempera- 
ture profile at x < x,, while an unsteady temperature profile persists atx > ху. 
Since for а> 1 wehave є < 1, the velocity ofthe heat wave frontis smaller 
than the velocity of the dynamic wave front, which is in agreement with the 
above assumptions. Ato= 1, equations (22) and (17) yield almost identical 
results. The ~ 6% difference in the multiplier constants is attributed to 
the approximations made in the transition from equation (19) to equation (20). 
In the case discussed here, zone I is defined by the condition 0 < x <x; 
zone П by the condition x> хр, and zone Ш by x, «x«x,. We now 
analyze the effects in each of the zones separately. 

Zone I. 

Since a steady velocity profile exists in zone I, in accordance with (14) 
we have 


1260 vx , 
gel — e, 
37 ш (25) 
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The simultaneous solution of (25) and the differential equation (23), taking 
into account the zero initial condition, satisfies the exoression 


є = 0.980о—!3, (26) 


which indicates a steady temperature profile in zone I: 


5; = 5.72 = 0713, (27) 


and which is in agreement with the known solution of the steady-state 
problem /2/. 


Zone II 
In zone II we have an unsteady velocity profile, and from (15) we obtain 


ъ= ve, (28) 


The simultaneous solution of (28) and the differential equation (24) is: 
є = 6-12 е: (29) 
Thus, а strictly unsteady temperature profile exists in zone П: 


vt 


Zone III 
Zone III is the transition zone between I and П. By introducing a new 


Ut 


variable t = 0,392 » we obtain from (14) and (24), 
x 


ве (1 — 1.063e£) = c (31) 


Equation (31) is linear with respect to the independent variable §. The 
integral of the above equation for the zero initial conditions is determined by 


E = 2c exp (— 0.708e? ] f e exp { 0.70856) de. (32) 


0 


At small є an approximate solution may be obtained by expanding the 
integral (32) into a series: 


E = ce? — 0.42667: + 0.11308 — ..., (33) 


which at sufficiently small: yields 
e= V Б (34) 
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ог 


à; = 3.65 ES (35) 


Equation (35) corresponds to the unsteady part of the problem. 
We shall now determine the heat transfer in zones I, II, and II: 


Nut? = 0.35Re!? o", (36) 
Nut" = 0.55Fo, ^, (37) 
3/2 
Ми! = 0.55 Foz 7 | — 0.052 (=) gia | (38) 
х 
Іп the above equations Nu, = - ,Re- 4o* and Fo, = 21. аге the local Nusselt, 
ч ox 


Reynolds, and Fourier numbers, z is the overall heat transfer coefficient, 
and À is the thermal conductivity coefficient of tne fluid. 

We now determine the velocity of the heat wave front. At the side of 
the steady wave end, the expression for e would be determined by equation 
(27). By substituting it in (32) we obtain 


wr = 0.407u, 5-1 (39) 
or т 
= 2.46 = gn, (40) 
Uy 


If the solution of equation (19) is not based on simplifying assumptions, 
we obtain (by analogy with the above) 


4 9 . 1 
Вг ш E SETT e) (41) 


Since an exact solution of the steady-state problem indicates that 


є=о—!/3, (42) 


we obtain 


4 9 1 
wr = РТ 6/3 ug (- 56 920 4 "er e j (43) 


It is obvious that at c = 1, equation (43) is transformed into (17). 

Equation (40) for the transition time to a steady state is in fairly good 
agreement with a similar equation derived by Cess /7/, who used a method 
based on finding an asymptotic solution for short and long periods and the ' 
combination of the obtained solutions in a Laplace transform plane. Cess 
obtained the following expression for the transition time: 


122,88 Ž о, . (44) 


ч 
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The Goodman /8/ equation for the transition time differs from equations 
(40) and (44); the numerical value of the constant is about half the value of 
that in (40). We are of the opinion that the Goodman equation is inaccurate, 
since it does not yield the true boundary transition at c — 1 in accordance 
with (17). It can be shown that this is caused by the fact that the processes 
leading to the establishment of a dynamic boundary layer are neglected (in 
/8/) in solving the problem. Indeed, if we assume at the very beginning that 
the velocity profile in (20) is steady, we find that the time needed for the 
establishment of а steady-state temperature field in accordance with the 
derived system of characteristics would be half the time in (40), i.e., the 
results would be the same as those of Goodman. 


Prandtl number smaller than unity 


By taking into account the penetration of the thermal boundary layer into 
the region of a hydrodynamically unperturbed flow, we obtain 














Bro дїў | Зи ð fy I 4 1 1 
Е podido c =1. (45 
20. a ^ 90 A r v Ug p eae | (45) 


By neglecting the terms іп (45) containing 1/e with an exponent greater than 
unity, which is valid for sufficiently small Prandtl numbers, we obtain 


3s дїр, 3uys(e—1) Op, Suc, дє 








4v 79 dw Ox ' 30€ Ox V (46) 
The system of characteristic equations for (46) 
40ve dx 40v dt dy; 
3uy o (e — 1) 7» = Suc. Oe’ (47) 
1— Soe ду 
is reduced to three ordinary differential equations: 
dx: 
ue = u, (1 — 1/e), (48) 
d'y; 23; дє 40ve 
pon ig oD Ee SS чы 49 
d аслу DEC Sate ay oe (49) 
di, | 2uyQ, де 40 
ай + ovr Эс = (>27). (50) 


The initial conditions for equations (48)-(50) are the same as for equations 
(22)-(24). Since at o«1 we have &»1, equation (48), which determines the 
velocity of the heat wave front, shows that the heat wave moves in front of 
the dynamic wave, at least if e>1.7. We shall show below that a more 
detailed analysis leads to the conclusion that the above statement is valid 
for all values of the Prandtl number smaller than unity. 

As in the case of орі, let us analyze the dynamic and thermal boundary 
layers at each of their zones. 
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Zone I (O<Sx< хн) 
From (47) and (14) we obtain for s<1 (eÐ 1) 


e? = 0.392a-1, (51) 


and from there 


ёт = 3.65 y = 102, (52) 
0 


Equation (52) refers to the steady part of the problem and coincides with 
the solution of the steady-state problem at small Prandtl numbers /9/. 


Zone II (x> xr) 


By introducing the variable $-—. we obtain from (50) and (15) the 
и 


0 
following expression for zone II (with an unsteady velocity profile), for 
zero initial conditions: 


= = 5—12; (53) 


the above expression yields for the thickness of the thermal boundary layer 
èr another expression that corresponds to equation (35) and characterizes 
the unsteady temperature profile. 

Zone IV (хн <x< xr) 

Taking into account equations (49) and (14) and condition I, we obtain 


for zone IV: 
x 
V ae: (54) 


which yields an expression identical to (52) for the value of у. When the 
higher powers of а in (54) are taken into account, there appear additional 
terms that characterize the transition processes in the transition zone IV 
from a strictly unsteady state described by equation (35) to a steady state 
defined by equation (52). 
The heat transfer at s< lis described by the following functions 
Ми? = 0.55Rey?a'? , (55) 
Nuf” = 0,55Fo; '?, (56) 
By calculating the value of к from (53) for the unsteady part of the heat 


wave, we obtain the following approximate equation (in accordance with 
(48)) for the propagation velocity of the heat wave: 


Wr = u (1 — о\?). (57) 


A more accurate analysis of the initial equation (45) yields 


1 4 1 1 
теи (-c ss ne aa (58) 
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or, by taking into account equation (53) 





of the Prandtl number c. 


1 — calculated by equations (43) and (59); 2 — according 
to /7/. 


In the case of o = 1, equation (59) is transformed into (17). Figure 2 


shows values of “% calculated by equations (43) and (59) (curve 1), and for the 
x 


sake of comparison, values of the same parameter calculated by the Cess 
equation (44). 

The conclusion reached on the basis of the above statements is that an 
a priori assumption of a steady velocity profile during the solution of the 
problem of the unsteady thermal boundary layer is justified only if орі, 
since at с<1 it produces only the steady part of the problem (zone I), the 
solution of which has been studied to a satisfactory extent. At the same 
time, as we mentioned above, the integral method yields transition times 
from an unsteady to a steady state reduced to half their actual value. Hence, 
the extrapolation of data obtained by the analysis of the unsteady- state 
problem in (7) and (8) (based on a steady velocity profile at о<1, according 
to Blasius and Pohlhausen) is not valid. We should mention that an exten- 
sion of the application of equations of the tyoe of (44) to the case of small 
о could confirm the statement that at sufficiently small Prandtl numbers, 
the propagation velocity of the heat wave may be greater than the free 
stream velocity ш. Moreover, the extension of the longitudinal velocity 
components into a Blasius series and the use of the first few terms of the 
series alone (the method used in /7/) can be applied only if o> 1. 

In the case of flow around a plate whose temperature changes with time, 
a solution may be obtained by using the Duhamel integral, and the solutions 
derived above may be used as the transition functions. 
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Е.К, Kalinin 


DETERMINATION OF THE STREAM TEMPERA- 
TURE AND FRICTION COEFFICIENT IN 
CHANNELS DURING UNSTEADY NONISOTHERMAL 
FLOW OF A HEAT-TRANSFER MEDIUM 


The energy equation referred to unit volume for one-dimensional un- 
steady flow in a channel with heat supply may be written as: 


oT oT 
Php р РИ im ER (1) 


where р is the density; cpis the specific heat; / is the time; x is a 

coordinate; Т —T(x,t) is the mean temperature in a given cross section; 

и= и (x,t) is the mean flow rate through the given cross section; and gay 

is the heat flux referred to unit volume of the flowing heat transfer medium. 
The heat generated by dissipation and gas compression work is 

neglected since it is small in comparison to q,,for all heat exchangers. In 

the case of the flow of gaseous heat transfer media at Mach numbers 

greater than 0.6-0.7, the thermodynamic temperature in (1) should be 

replaced by the impact temperature. 


By applying(1) toa channel volume element (for a tube with du = 29-а) 


ао = Fdx 
and introducing the mass flow rate G — guF , we obtain 
GT Gg TL 
0-2 > + Gey 95 = U4. (2) 


In the above equation, U is the heated channel (or tube) perimeter (і. е., 
О =nd )and q is the specific heat flux on unit surface, while q=4q(x,t)is a 


known function. i 


By substituting the variables X= F Н, = [oe 
and ° 
T 
$-— 3 
Т, (3) 
we transform equation (2) into 
и д0 108 _ 
лг ӘН, ax "15+ (4 


where d is the characteristic dimension (i.e., the diameter in the сазе 
of a tube); T, is the characteristic temperature (T, = const.); for a gas 
[0 = р(х,ї)= var]. 

The average velocity over the channel length is 


1 
u(t) = 1b (x, t) dx. 
0 


For an incompressible medium (or p —p(f)) with a constant velocity over the 
channel length, u(t) equals the true velocity in the channel at the given 
moment u(t), 


Uda (Ho, Х) Nue 
4Тс„б(Н) Қерг’' 





Sto = [ (Ho, X) = 





where Nu = d апа ке=^© -= pudequ 


Ty pU p 
Assumptions. 
1) c, = const. 
2) For gases, we assume in (4) that ши =l. When the velocity over the 
length changes by a factor of 2, the linear rule gives 3 < = «2. In the 


case of heating within the. coordinates 8, Ho, X, the above assumption leads 
to an overestimate of the temperature in the entry section of the channel, 
and a certain underestimate in the outlet section. However, the reverse 
transition to T, t, x coordinates largely compensates for this error. In the 
case of relatively slow processes, the above assumption is not of impor- 
tance since for such processes it does not affect 29 « M and hence the 
0 

transition to a steady state. 

Applying assumption 2 to gases, andnot applying it tothose cases in which 
the velocity does not depend on X, we obtain equation (4) in the form 


do , 08 
— + ~~ = 4 Sto (Ho, X). 5 
oH, * ӘХ o (Ho, X) (S) 


Its general solution, derived by the method of characteristics using a 
system of ordinary equations is 


8 (Ho, X) = 4 (St (X +a, X) dX + [s — X) (6) 
or 
8 (Ho, X) = 4 Sto (Ho, Ho — a) dH + f (Ho — X), (7) 
where а = H,— X. 
The solution of the Cauchy problem for the region X<H)<w (at 


Х=0; $9—)w(Hy being a prescribed function) is 


x 
(Ho, X)=4 j Sto(y+Ho — X, y) dy + 9 (X — Hy) (8) 


X-H, 
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ог 
Ho 
© (Ho, X) = 4 Í Sto (y, y — Ho + X)dy + q(X — Ho). (8a) 
0 


The solution of the Cauchy problem for the region H,«X«X, (at 
H,—0; 8=@(X) being a prescribed function) is 


9 (Hs, X) = 4 | St + н, X, y) dy + p(Ho—X) (9) 
0 
ог 
Hy 
9 (Ho, X)=4 | Stoly, y — Ho + X) dy + p(Ho— X). (9a) 
Ho-X 


Equations (8), (8а), (9), and (9a) give the solution of the problem. 


Example 
Let us assume: d: 
1) flow rate 0 = Се; 2) velocity u —ug-*'; 3) heat flux q—qse-?!sins — = 
e 


- gene sins; 4) stream temperature at the entrance 9,= А — Ве-“. In 
k 
the above equations Go, uo, qosin% z and A—B are, respectively, the steady 


values of the flow rate, the velocity, the heat flux, and the temperature at 
the entry to the channel, at the moment t=0(H,=0). It is evident that 
the temperature distribution over the length of the channel at the moment 
Н,=0( = 0) (for a steady flow) would be 


x x 
9 =ф(Х) = 4(stide + (A—B) =4 ees sns X ax фА В 
3 4T,c, Go k 


or 

X, 

9 = ф(х) = 4с = sro ese) ea B), (10) 
where 
Uday 
п = - 
4T,c, Go 

We have 


X 

е8 sin x - 
иа“ X, WEN i 
= ceh- sina —, 


St, — 
T i Тае, G, e-^t X, 
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but 


t 
ug e-"tdt ш 
Ay = | —— = — (1-—e- 
o | d oa | e) 
б 


апа 








I 
[salus IURE (11) 
Uo 
From here 
a—b 
sca ( 1— m)? sies (12) 
и, X, 


A solution of the Cauchy problem, yielding the stream temperature profile 
іп the region H, € X < X,, is obtained by substituting (12) and (10) in (8a): 


He a—b 4 
онь аа ( | р siin а А 
ио k 
0 
аага 1 — cos r TE a p. (13) 
m k 


Since at X =0 (in view of (11)) we have 


$ =p (Ho) = аве = A ai ey 


Uo 


by substituting (12) in (9) we obtain the following expression for the region 
Х<Н,< оо: 


a—b 
= ? sins Убу + 


шо 


X 
s н.а f fi 


0 


k 


+а-в 606. (14) 


Uo 


We shall see below that a relatively simple solution exists even in the case 
of simultaneous change in several of the parameters. 
The Navier-Stokes equation 


ee = Ё grad P + i grad р div w+ 2div p defw, 


(where F are the mass forces and def w is the deformation velocities tensor) 
may, by neglecting the mass forces, be written in the following form: 


> 


o 1. = — (1 — 8) grad P. (15) 


dt 
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From there 
è grad P = = grad pdiv D + 2div p def D. 


Thus, = (х, y, 2, t) is that part of the pressure gradient that is consumed as 
work against the viscosity force, while (1 —5) is the part (of the pressure 
gradient) determined by the unsteady and the nonisothermal state of the flow 
of heat-transfer medium. 
In the case of one-dimensional flow in a channel along the axis, equation 
(15) assumes the form 
ди ди oP 
— фир = (1—5), 15а 
ea ae О Об dos 
where $ = 8 (х, t). 
By applying (15a) to a channel volume element dv = Fdx 
G Qu ди ðP 
— —+G— = (1 Ф) —F. 15b 
u ot " Ox ( ) Ox ( ) 


Substitution of the values of 


H 


XA. Woo (02. 
0 


sdk 
d d 


where 


$ 
- 1 
u(t) = T u(x, t) dx, 
0 
transforms (15b) into 


u du ди oP F 
= Ot aX 00 M ax c 


In the case of a heat transfer medium with p —p(t), we always have 
u(x,t) 2u(t) -u(t); for gases this will be accepted as an assumption. Then 


ди du OP Е 
— += —(1- 3) =. 16 
aH, de eae a 29 


By definition, the drag coefficient is 


B(x) 22 
pce es (17) 
put/2 d 
SO Since 
08 d eR 
óx d ðX’ 
we obtain 
oP 
ox 
Ho. X) = — ——. (17a) 
(Ho. X) m 


In the above equation, 5, P. p and u are functions of H, and X. Substituting 
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the value of 5 = from (17a) in (16) we obtain 


ди Ou OP F и 
—— + = Li 18 
aH, + эх OX С 25 (18) 


The solution of (18) is analogous to that of (5). For the region Н„<Х<Х„, 
the Cauchy problem (H, = 0: u = ф, (х)| is 


Ho Ho 


дР(у,у—а) F u(y, y —a) 
u (Ho, X) = ко | vct x 
" ду G (y) 2 


X E(y, y — a)dy + pı (X — Ho). (19) 


By analogy, for the region X < Н, < o, the Cauchy problem [X = 0; u = yı (Ho)] 
is 


х х 


__( Plytay) Fdy (и(у+ау) 
ва ane в: 
X Ely +a, y)dy + (Н — X). (20) 


In (19) and (20), а= H,—X. 
From (20), by applying the generalized theorem on the mean value and 
by integrating from 0 to X= X, = 14, we obtain 





u (Ho, X) — Wa (He — X) = = T S LP (Ha, Xa) P (Ha — X, 
0 
Е At. 
а(н) EU. (21) 


where qi (Ho — X,) = u(H, — X,,0) is the entry velocity at the moment 
Hy —X,; P(Ho, X,) is the pressure at the channel end at the moment Ho; 
P(H,— X,0) is the pressure at the entry, at the moment . H,— X, (Xk 
being the time of passage of a particle through the whole channel); б(Н) = 
=G(X+ H,— X,) is the mean flow rate during a time interval |Н, — X,, Hol; 
u (Ho) = u(X-- H, —X,,X) is the mean integral velocity over the length [0, X,] 
averaged over the time interval |H; — X,, Hj], since 0« X « X. 

From equation (21), we derive an expression for the mean (over the 
length) drag coefficient E(H,) = E(X + Ho — Xp, X) averaged over the time 
interval (Hs — X,, Hj]: 


z P (Ho — X,,0) —P(Ho, Х,) 2F u(Ho — X,0) —u(H,, X,) 2 
H, SS ee ee ee es ee, ee en 21 
Ве G (Ho) u (Ho) i? u (He) uc R 
For steady flow at = = 0,we obtain from (18) 
0 
= P(O)—P(X_) 2F , u(0)—u(X,) 2 
SS ae ee ae xe (21b) 
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We shall show below that (21a) is transformed into (21b) if all the terins 
in (21a) are time independent. Equation (21a) shows that the drag 
coefficient for the unsteady flow region X < H,< œ may be calculated 
relatively easily from the experimental data. The difference between the 
experiment and the steady-state case is that the same terms must be 
recorded as a function of time, 

For the region of unsteady flow Hy, S X < X,, i.e., for the channel cross 
section X < X, not yet reached by the particles which at the moment H, = 0 
are at the cross section X = 0, we may use the mean steady value of é for 
the section [X — Hs X,], and equation(21a)for |0,X — Hj. 

It is true that by analogy with (21a), we may derive from (19) the 
following expression for H, € X < X,: 


P(Q.X—H)—P(H, X) 2F 


НЫН Нече) G (Ho) u (Ho, Ho — Ho +X) Ho 


u(X — Ho, 0) —u (Ho, X) 2 


+ —— 
u (Hy, Ho — Ho + X) Hs 


, (19a) 


where 0 < H, « Н. This is the value of the drag coefficient averaged over 
the time [0, Ho] and the length [X — HX]: it is, however, practically 
impossible to determine its value from experimental data. 

Let us mention that at high flow velocities, the conditions corresponding 
to Ho S X < X, change very quickly, and conditions corresponding to X < H, « co 
are established. Under the conditions of Н,<Х < X, the term дР/ду (and 
hence £) may change its sign, and the use of the generalized theorem of 
the mean value in deriving (19a) and (19) is not valid, 

In the case of unsteady flow of an incompressible liquid (p = const. ), 
the solution of (18) becomes much simpler as the flow velocity depends only 
on the time, and is constant over the channel length; hence ди/дх = 0. In 
this case for instance, equation (18) is valid and, without assuming u(x,t) = 
= u(t)=u(t), it takes the form 


: a „_ Se GU D He) (18а) 
Integrating the above equation over the channel length from 0 to Х=Х„= I 
we obtain 

du (Ho) F u (Ho) ч 
hen X, e — gg P fe X РОЊ ой — 7; Jeux. (18b) 


However, since the mean (over the length) coefficient of friction is 


Xp 

Y 1 

E(H) = x инь. X) dX, 
0 


we obtain from (18b) 


Eun = [P(Ho, 0) — Р(Но, Хь) 2F _ (На) 2 | (21с) 
G(H,)u(Ho) X, dH, u(ĦHo) 


If the velocity changes linearly with time, or if the change is fairly slow 
with respect to the time taken by a particle to pass through the channel, we 
have 


_ du(Ho) _ u(Ho — X) —u(Ho) 
dH, ^ X, 


in which case equation (21c) assumes the form 


РО Pf X) 2F | щн Хин) 2 g 


§ (Mo) = G(Ho)u(H,) X, u (Hi) X, 


It is easy to see that the above is the particular form of equation (21a) for 
the case of an incompressible liquid. 


t 
Let us write (21c) indes of the variables t,x. Since n Da, 
u (t 
0 





mE а(н) d du() d 7 
Х = T’ and $7 = dH. prs T we obtain 
dt 
— — '"P(.0)—P(tL) 2Fd du(t) 2dpF 
Fs узж а (21e) 


G (t)u (t) L dt и‘) 
or, since б — guF and p and F are constants, we have 


2 Р(,0)—Р@1) 2eF'd 460) 2deF 
8B G (t) 4 а Git)” (210) 


If £(/£ is known, the hydraulic pressure losses are determined from (211): 


CH L COL (21g) 


P(t, 0 — P(t, 1) = Е . 
СОР осире 


In cases where mass forces have a marked effect оп the hydraulic losses, 
these may be taken into account in the solution without much difficulty. 
In these cases, the right-hand term in equation (18) should be 


> Fd = 
complemented by the term Рх FE where Fy is the projection of the mass 


forces vector F on the X axis. The solution of (18) with consideration of 
the above term gives rise to additional terms, namely Fx, (H2 Fd. in 
© (Ни (Ho) 
equations (21a), (21с), and (21d); Du in (21b); Px(02F4 in (21е); 
u 


i Gu 


and (~Fx,,()L] in (21g). In these terms, Fx, = ах, 
0 
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L.I. Kudryashev апа A. A. Smirnov 


ACCOUNTING FOR THE EFFECT OF THERMAL 
UNSTEADY STATE ON THE COEFFICIENT OF 
CONVECTIVE HEAT TRANSFER DURING FLOW 
ROUND SPHERICAL BODIES AT SMALL REYNOLDS 
NUMBERS 


Nusselt / 1/ showed that in the case of very small Reynolds numbers, 
the heat transfer problem could be transformed into а problem of the 
steady-state thermal conductivity through a sphere of infinite radius, i.e., 
the problem is reduced to the solution of the following differential equation: 








es 2 02% 
=r + —— = 0, 1 
ore т д (1) 
where 
_ tote , a dfi 
= [ерү ла, ШЫ T 


In the above equations, ty is the maximum temperature considered in the 
problem, f, is the temperature of the surrounding medium, and r, is the 
radius of the sphere. 

Under boundary conditions 





1—1 
f = |, $,— = zm], 2 
h ve ty —te (2) 
г, = о, Ow = 0 (2а) 


the solution of equation (1) is 


Qu. (3) 


f 


The heat transfer coefficient is determined from the condition 


== (52) = Nu,, #л=!, (4) 
дг, nel 
where 
Nu,, = ae 
n 
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From equations (3) and (4), we obtain 
Nu,, = 1. (5) 


Kudryashev /2/ has derived the following solution for the case of heat 
transfer on a Sphere, at small Reynolds numbers: 


Nu = 2 + 0.388 (Re Pr)®5, (6) 


in which the diameter of the sphere is taken as the decisive criterion. 

In this paper, we shall present a general method for the solution of the 
prescribed problem, which was used to derive equations for the determina- 
tion of the coefficient of convective heat transfer, taking into account the 
effect of the thermal unsteady state. Equations (1) and (2) are particular 
cases of these general equations. 

Under the conditions of rapid unsteady heat transfer processes, solutions 
(1) and (2) are only approximate, since they do not take into account the 
effect of the thermal unsteady state on the heat transfer coefficient. 

The boundary problem of the heat transfer on a spherical body, taking 
into account the thermal unsteady state is reduced to the solution of the 
following differential equation: 


дә — O8 | 2 99 





oS o Ue (7) 
for the boundary conditions 
r =1, 8 = 8y (Fo), (8) 
r= ою, ё = 0. (8а) 


The solution of (7) fora simplified boundary condition (8), namelyr,=], 
6=6w=! ,is easily obtained by classical methods, and has the form 


na!) 





о 


s= + (1— Ж T eua). (9) 





By differentiating (9) with respect to л, and assuming that л = 1, we obtain 


(alan tv): d 


Substitution of (10) in (4) yields 





Nin суд qe (11) 


Ик Бо 


The above solution indicates that even іп the most simple case (constant 
wall temperature), the thermal unsteady state has a marked effect, and 
solution (11) approximates the classical solution of Nusselt (1) only at very 
large values of Fo. 
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It should be mentioned that it is difficult to solve the problem if boundary 
condition (8a) is retained in the general form. 

Hence, we shall suggest here a simplified approach to an approximate 
solution of sufficient accuracy. The approach is based on the use of 
integral relations (of the Karman type) for the solution of the problem. 

Indeed, by assuming ðrı=u, equation (7) would be transformed to 








ди Ou 
— = » 1 
óFo дт (12) 
By introducing the variable y,=r,—1 we transform equation (12) to 
ди ди 
X ui 13 
ð Fo oy} (13) 


By multiplying the two terms of (13) by dy and integrating from 0 to 6, 
we obtain the integral relation 


1 


д ди 
— fè ud = —a | — Я 14 
asl : \ ») Gel as 
0 
where 
è y 
E = н pane 9и 
1 5 7h 5 


The unknown temperature profile is represented by a polynomial 


In order to determine the coefficients in the polynomial, we shall use 
the following apparent conditions: 


ти = 0, u = uy (Fo), 


n=l, 4=0, Фу, 


дт (16) 


By satisfying conditions (16), we obtain from (15) 


ек эге, (17) 


4 à 8 


By substituting (17) in (14), we obtain the following differential equation 
with respect to ё: 


д би 
Fo (4) = р. (18) 
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Integrating the above equation, and taking into account the fact that at 
Fo = 0 we have ё, = 0, we obtain 


6, 
= И 12Fo—, 


= (19) 
where 
Fo 2 
| fezdFo V. 
— 0 , 
„= Ео (20) 


and from (17) we obtain 


“va Ay 
ue pep Бү. 21 
oy al (| [|| А 
Equation (21) together with (19) gives an approximate solution of the 
problem, 


By differentiating (21) with respect to y and assuming that г; =1, we obtain 


д9 2 
— = — (2+1) ә. (22) 
| Oy, pz is ) i 
By substituting (22) in (4) and taking into account (19), we find that 


1 
Nu, =1 + ы: 








—. 23 
V3Fo 9, 3) 
In the particular case of у = 1, equation (23) assumes the form 
Nu, = 14 LLL. (24) 
V3Fo 


A comparison of (24) with (11) indicates a satisfactory agreement 
between the exact and approximate solutions. 


We now analyze the more general problem of the effect of the thermal 
unsteady state when convective heat transfer takes place; 











this is defined 
approximately by the following differential equation: 
09 z 909 0° 2 09 
pur Лы MN (25) 
apa T " s, дї ^n д 
where 








In the above equation 


(26) 
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The velocity profile would be represented by 


w 3. 
че, “з do EE (27) 


Substitution of (27) in (26) gives 











V. 
—s =sin 28 
V y. (28) 
The equation 
dy |. _3BiFo 
dFo 
may be written as 
ди д?и 
Wi — = : 29 
0 Fo ii д5; ду (29) 


The solution of (29) is to be found in the form of a sum 


U = us + Ue, (30) 
where » 
u, = uy(Fo, 01); (31) 
Us = Up (51, Y1). (31a) 


In this case, equation (29) is divided into two equations: 





Ou, дщ 
ðFo ду, ' (32) 
ди. Ou 
рее Ж (33) 
е 15 д5, ду? . 


An approximate solution of equation (32) is given by (23). 
The differential equation (33) may be replaced by the following integral 


relation: 
bl. 
д Wu. QUE. Qu. 
S [s (<s an) = |, 
at T+ *)-- Pew aoe ы (34) 


The unknown temperature profile is presented in the form of a polynomial, 





ы o eA r+ B (RE ys (a Jes (2). (35) 


Uy») 
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The coefficients in the above polynomial are determined from the 
following conditions: 


Ou 








т =0,ш;=1, d = 0, (36) 
л =l, u = 0. (36a) 
By satisfying the above conditions, we obtain 
Us 1 —2n 20] — "i 
5-144 a 1—30 31 90, (37) 


Substitution of (37) апа (28) in (34) yields the following differential 
equation 





d А 8 1 1 
-L (sing) = È E 
dp гаг (38) 
Integration yields 
" 1,64 V1— 
= з LY eos. (39) 
Pes sin 


Hence, an approximate solution of equation (33) would be 


х0) 07-0807 e" 


where 8; is determined from equation (39). 
Thus, the general solution of equation (25) could be written as 


e- eio (2)4 (5). 


1 
1 


3 4 
1—3 (4) +3 (8 - (85). 
тез Е) S 
By differentiating equation (41) with respect to y, and assuming n= 1, 
we obtain 
д9 | 2 3 
I) =-({14+—)e,_=—. 
one 5 VU (42) 


By substituting (42) in (4) and taking into account (19) and (39), we obtain 


9, LIVPe,; sino 


1 
Nu, = 1 + у= — + ———. (43) 
V3Fo a, 9, V1-— cos ф 
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The average value of Nu,, over the whole surface of the sphere is 
determined from the expression 


f Nu, rid 9 { Nu, singd 
Nu, = * _____ 


FT , 


(лав епа 
ò ò 


where 


г, = lsiny. 


By substituting the value of (43) in the above expression, and making the 
necessary calculations, we obtain 





Е 6 .304 V P 
Nu, = 14 Suey, 0304y Pes (44) 
V3Fo y Oy 
By using the notation 
(Nu,,)ay= 1 + 0.304 V Pee, (45) 


we may write equation (44) as 


- 


1 ё | 
Ми,__ 1 1 Кы шла. (46) 
(Nu), Ow 140.304 y Pes ] 





For the most simple case of a constant wall temperature equation, (46) 
is transformed into 


Nw, 0.578 


(шыу Y FS E0304 7 Pez): (47) 


By taking the diameter of the sphere as the determining parameter in 
equation (45), we obtain 


(Мил), у= 2 + 0.43(Re Рг)°-5. (48) 


A comparison of equations (48) and (2) shows that the solution method 
used in this paper leads to a scatter of the results not exceeding 10%. 


Conclusions 
1) Our investigation shows that thermal unsteady state is of great 


importance in determining the coefficient of convective heat transfer under 
the conditions of the prescribed problem. 
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2) Equation (47) gives in an explicit form the effect of changes in the Fo 
number during the process on the heat transfer coefficient. The solutions 
of Nusselt and Kudryashev are particular cases of equation (47). 
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I.S. Kochenov and Yu.N. Kuznetsov 
UNSTEADY FLOW IN TUBES 


At present it is a common assumption that during unsteady flow in tubes 
and various channels, the changes in the frictional coefficient are quasi- 
steady, i.e., that the well-known Poiseuille, Blasius, and other laws are 
valid /1-3/. All practical calculations of unsteady flows are based on the 
above assumption. 

Attempts have been made to check this assumption experimentally /4-6/. 
Because of the great scatter of experimental points (apparently due toerrors 
in the experimental technique and in the analysis of the experimental data), 
and the small flow accelerations achieved (low degree of "unsteady state"), it 
was impossible to derive any definite relationships; however, it may be 
stated that differences probably do exist between the frictional coefficient 
in unsteady and quasisteady processes. 

Since 1960, we have carried out experimental and theoretical investiga- 
tions on unsteady flow in tubes in order to derive equations for the 
frictional coefficient under conditions of unsteady flow /7/. 

We now analyze the unsteady flow of a fluid in a rigid tube of constant 
cross section. The flow equation for the above case 


ди 1 (др 

2E ФЕ = —— Lut dye са 1 

ot ES ‚| ®ёх-| a d _ 
F 


is transformed into a form containing values averaged over the channel 
cross section: 


v y | зә. (2) 


In the above equation, 
— 1 Q 1 
= — F, t) = —— = — \ шр, 
p- f pF, wd = | 
Е F 
Bw = | waF, 
F 
and x is the perimeter. 


As is evident from equation (2), the pressure drop (»--|2 a ax) consists 


of three components which are known (according to their physical meaning) 
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as the inertial dropAp;, the friction drop áp» and the drop caused by the 
rearrangement of the velocity profiled ppr 


Ар=Ар„+Ар+Арр„ (3) 


The inertial pressure drop DE Ax can be calculated accurately if 


the flow rate Qi), i.e., the mean flow velocity, is known. It is important 
to note that this term contains no averaging coefficient. In the case of 
flows under acceleration, the inertia term Ap;, increases the total pressure 
drop, while in the case of decelerating flows (when Apj,« 0), the inertial 
term reduces the total drop. Cases are possible of inertial flow with a 
constant and increasing pressure Ар<0 over the length. In such cases 


= Ар 2 Ape, t App. 


It is convenient to present the pressure drop caused by friction on the 


X: 


channel walls (Apr = | | 1, d¢ydx)inthe Darcy form, as used in engineering 


nn 
practice in the case of steady flows: 


1 „ри? 
А (4) 


1 


и? f 
ap, e к, t) dx. (5) 


For tubes of circular cross section, condition (4) is simplified to 


= ta А (6) 


The coefficient of unsteady friction resistance 7, defined by (4) апа (6), 
is identical with the frictional coefficient under steady-state conditions. In 
the case of unsteady flow, it depends also on the time and on the various 
dimensionless numbers describing the flow as a function of time. 

We shall show below that the unsteady frictional coefficient may at 
certain moments assume a value of zero or even negative values over given 
time intervals. 

This leads to the conclusion that the unsteady friction resistance 
coefficient is not directly related to the dissipation (the dissipation always 
being positive). 

In steady flow at w= 0, the stress on the walls also equals zero. In 
unsteady flows changing their direction, the fact that the mean flow velocity 
w = 0 does not indicate that local velocities also equal zero. A tangential 
frictional stress may thus exist on the wall (t„# 0) at w= 0. In that case, 
according to definition (from (4) and (6)), the frictional coefficient becomes 
infinite.* A discontinuity in А occurs when w passes through zero. In this 


eer А е 64, E 
* Indeed, the friction resistance coefficient k= SB approaches infinity even in the case of steady flow when 
v 


the velocity w approaches zero. 
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particular case, the use of А as determined from (4) has some formal 
inadequacies, In general, however, the presentation of А іп the Darcy form 
is fairly convenient. 

A pressure drop caused by the rearrangement of the velocity profile 


X: 
А p ри? f ax = pw’ if, (1) — В, (0), : occurs in both unsteady and steady flows, but 


only at the entrance of the channel. In the section with steady flow over the 
length, we have =o and Ар assumes a value of zero, although a re- 
Xx 
arrangement of the profile occurs with time. 
Thus, in the case of unsteady flow of an incompressible liquid in a 
stabilized section (the entry section has different lengths for steady and 
unsteady flows), we obtain 


ape (@ +455 )e F (1) 


dt 


The unsteady friction resistance coefficient 4 in the case of laminar flow 
may be determined from the analytical solution for the velocity profile: 


8 
и? дг (Eloy ( ) 





For the experimental determination of А in unsteady turbulent flows over 
the stabilized section (and for the experimental checking of the theoretical 
values of А in laminar flow), it is sufficient to know (i. e., to measure 
experimentally) the flow rate Q (f) and the pressure drop Ap(t) as functions 
of timè. Then, from (7), 


м0 = vias ril (9) 


The determination of the pressure drop in the entry section in the cases 
of both steady and unsteady flows requires a knowledge of the coefficients 
A апа В. For their experimental determination, it is not enough to measure 
the pressure drop alone, but in addition, either the velocity profile or the 
frictional stress on the wall tw (x. f) must be measured, which involves 
considerable technical difficulty. 

Moreover, in engineering practice, it is inconvenient to use two variable 
coefficients. Thus, we suggest, rather than distinguishing between Apr, 
and App» making use of their sum by introducing a local overall coefficient 
for the friction resistance and the rearrangement of the velocity profile Лу: 


рш ( 
бр py = 55 | зб, t)dx. (10) 
An analysis of the flow equation (2) and equations (7) and (10) shows that 


Ar (x, = х, 0*2-- 22. (11) 
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The hydraulic resistance in the entry section is expressed by the above 
equations, by analogy with (7). 

It is evident that for the experimental determination of As, it is not 
necessary to measure the velocity field and the frictional stress on the wall. 


др (x,t) at a known (measured) 
х 





It is enough to measure the pressure gradient 


flow rate. It is evident that the local overall coefficient depends on the 
entry conditions. B 
For each given entry, we may find tne mean overall coefficient А: 


x 
Se pee (12) 
x 
0 


The equation for the calculation of the pressure drop Ap is in this case 
in its simplest form, analogous with equation (7). 

The laws governing the changes in the friction resistance coefficient 7 
for steady flow must, naturally, comprise as a particular case the laws of 
steady flow. Thus, we shall describe the unsteady friction resistance 
coefficient 4 as a product: 


A= AM, (13) 


where łą is the resistance coefficient under quasisteady conditions for the 
same value of the Reynolds number that characterizes the unsteady flow at 
a given moment (for a laminar stabilized stream in a circular tube, we have 
„= 64/ Re), and А is the equivalent unsteady friction resistance coefficient, 
which is to be investigated. 

It is essential to note that the thus- defined equivalent coefficient A is 
independent of the Reynolds number. 

This shall be proved by using laminar flow within the stabilized section 
of a circular tube as an example. In that case the exact Navier-Stokes 
equation is 

ди 1 др Фи ] ди 
ЗЕ су: (14) 


\ 


д 
and in а case in which the law of changes E is prescribed while the flow rate 


Q(t) is to be determined, this equation is conveniently written in terms of 
dimensionless numbers 


ди U 1ду 
— +K U =8 +1 (15 
à Fo us + ope ROR 


where 


2 
vat): а= 0. (S) ; 
Ww (t) 8p дх 
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Fo =— t is the dimensioness time; (16) 
ro 


др 

_ 28) 

* dp дЕо 
дх 


is a criterion of the unsteady (17) 
state (dimensionless variable). 


By introducing u instead of U in equation (8), we derive an expression 
for the equivalent unsteady friction resistance coefficient: 


д0 
Aes PR [roi (18) 
4U 
where 
U = 2 f URAR. (19) 
0° 


Equations (15), (18), and (19) show that A depends only on Kp and Fo and, 
in particular, that it is independent of the Reynolds number. In cases in 


which we prescribe a certain definite mode of variation of T with time, 
x 


i.e., if we prescribe 
z Kp = cf (Fo), (20) 


then A would depend on a function of one variable alone, Л =ọ(Fo). Itis 
interesting to note that the above function is not affected by the constant c 
in (20). 

In cases in which the flow rate Q(t) rather than the pressure drop is 
prescribed in place of Kp, we similarly introduce a criterion for the 
unsteady state with respect to the relative changes in the flow rate (or the 
Reynolds number): 





ReðFo  @Fo ` (21) 


We shall show that in some cases, the equivalent unsteady friction 
resistance coefficient may markedly differ from unity. 

The simplest (and apparently the most convincing) proof is to use as 
an example the case of laminar flow with a numerical or analytical solution 
of the Navier-Stokes equation. Gromeka /8/ solved the above equation 
(i.e., determined u=u(r, t)) for a case in which the pressure gradient is an 
arbitrary but prescribed function of time. Unfortunately, these solutions 
have not been extended to the calculation and analysis of the unsteady 
friction resistance coefficient. 

We have derived a solution for the case of prescribed flow rate Q=Q (t) 
and unknown pressure drop. 


d 
The two solutions (for prescribed p and prescribed Q) have been 


written in terms of dimensionless numbers and worked out into equations 
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for the calculation and the digital computation of the referred coefficient 
of friction. 

The dependence of the referred coefficient A on Ко at various parameters 
of dimensionless time Fo is shown in the figure for the case of a linear 
increase in the flow rate with time. As is evident from the figure, in the 
considered range of variation (of the variables) the value of A may reach 
several tens or even hundreds. 

For some flows, we obtained regions with negative or zero values of 
the equivalent coefficient A. For A with a value of zero at a given moment, 


the velocity profile is such that — ди =0; in p case of negative values 


г =y 


of А, the above derivative is positive (usually % <o) since there exists a 


streamnear the wall in a direction opposite to o main flow (near the wall 
u<0). In such a case, the friction on the wall does not retard the main- 
Stream, but favors its motion in the direction of the main flow. 





Dependence of the equivalent coefficient A on Ко, at 
different Fo 


1- Fo > 107i; 2-3.16-107?; 3-10"; 4-3.16 .1075; 
5-1073; 6-3.16.10-*; 7-1074 


According to the results of theoretical calculations of laminar flows, 
the equivalent coefficient A is larger than unity in accelerating, and smaller 
than unity in decelerating flows. However, the experimental data below 
show that the above conclusion is valid only in the case of flows witha 
small or monotonously changing (with time) second derivative of the flow rate. 

The experimental study of the equivalent unsteady friction resistance 
coefficient A involves considerable difficulties, since the measuring devices 
and instruments used must have virtually no lag. Moreover, the selected 
method of processing the experimental data demands a high degree of 
experimental accuracy: firstly, because the investigation is based on only 
a fraction (which as a rule does not exceed 50%) of the measured total 
pressure drop, and the entire experimental error is comprised in it; and 
secondly, because the processing of the data for the calculation Ap; 
requires use of the derivative dw/dt, and the error of differentiation is thus 
comprised in the result. 
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The experiments were carried out оп two experimental setups, using 
water and oil as the working media. A certain reproducible mode of 
variation of the flow rate withtime (Q=f(t) ) was obtained with the aid of 
special flow-rate governors. The flow rates were measured with an 
electromagnetic flowmeter, based on the ERI-25 flowmeter. 

The pressure gradients (drops) were measured at three consecutive 
sections of a circular tube 0.007m in diameter, in the region of stabilized 
flow (this is confirmed by the fact that the measured pressure drops 
had the same value with an accuracy of +3%). 

The measurements were made with the DIF 1-M induction sensor and 
the ID-2I auxiliary apparatus, with which it was possible to measure 
pressure drops of 20,000 n/m? with an accuracy of up to 0.5%. 

The data from the pressure drop sensors and the electromagnetic flow- 
meter were recorded with a loop oscillograph. The duration of each 
experiment was about one second. Before each series of experiments under 
unsteady-flow conditions, we calibrated the equipment and recorded the 
steady hydraulic characteristics of the sections, which roughly satisfied 
the Blasius law (on the average, the measured resistance was 3% higher 
than the value corresponding to the Blasius law). The experiments were 
carried out at Reynolds numbers from 10‘ to 105. The values of K, ranged 
from 5 to 100 (corresponding to flow accelerations up to 200 m/sec?), 

In the experiments, we obtained values of A that differed markedly from 
unity (by several units), as well as negative values of A. 

Experiments with turbulent flows, as well as special calculations of 
laminar flows, showed that A depends both on the first and the second 
logarithmic derivatives of the flow rate with respect to time. 

In addition to the above experiments on the unsteady friction coefficient, 
we also carried out experiments on the local resistance to unsteady flow; 
in these experiments, we also obtained values of the equivalent unsteady 
friction resistance coefficient which differed markedly from unity. 

Thus, the theoretical and experimental studies show that the value of 
the hydraulic friction resistance coefficient under well-defined unsteady- 
flow conditions differs markedly from the quasisteady value, and that this 
difference must be accounted for in the calculation processes which change 
rapidly with time. 
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